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Improving the Performance of a
Bent Ejector With Inlet Swirl
Ejectors are commonly employed in gas turbine exhaust systems for reasons such as
space ventilation and IR suppression. Ejectors may incorporate bends in the geometry for
various reasons. Studies have shown that the bend has a deteriorating effect on the
performance of an ejector. This work was aimed to investigate the effect of exhaust gas
swirl on improving the performance of a bent ejector. Four short oblong ejectors with
different degrees of bend in the mixing tube and four swirl conditions were tested in this
study. The primary nozzle, in all cases, was composed of a circular to oblong transition.
Testing was performed at ambient and hot primary flow with 0 deg, 10 deg, 20 deg, and
30 deg swirl angles. It was observed that the swirl had a strong affect on the performance
of a bent ejector. Improvement of up to 55%, 96%, and 180% was obtained in the
pumping ratio, pressure rise, and total efficiency, respectively, with a 20 deg swirl in the
exhaust gas. �DOI: 10.1115/1.2943196�

Introduction
In aerospace applications, the bends are required to �i� avoid

internal parts in the way of the exhaust or �ii� direct hot exhaust
gases away from the structural components or �iii� hide hot engine
parts from heat seeking missiles. The performance of a bent ejec-
tor is reduced because of flow separation and secondary flows. It
may also cause localized heating on some parts of the bends. The
optimum performance point of an ejector is changed by the degree
of bend.

The exhaust of a gas turbine has a tangential component, caus-
ing a swirling flow. The degree of swirl depends on the design and
operating speed of a gas turbine. Swirl has large-scale effects on
the flow field. Jet growth and decay, which are measures of mix-
ing and pumping, are affected by the degree of swirl imparted to
the flow �1�. The swirling flow in the exhaust of a gas turbine may
be utilized to improve the performance of a bent ejector.

Only limited data were available on the performance of bent
ejectors with no data on the effect of swirl on improving the
performance of oblong ejectors. Manganiello and Bogatsky �2�
performed tests with bent ejectors. Their investigation included
only a 15 deg bend and a 15 deg S-bent ejector. Also, the lengths
of different ejectors were not kept constant; therefore, the effect of
bend on the performance is not clear in their study. Toulmay �3�
conducted tests on an ejector for a helicopter engine. By testing
the ejector with an elbow, he concluded that the elbow in the
mixing tube adversely affected the pumping ratio of the ejector.

Studies on flow through circular and square sectioned ducts
with curvatures show the production of cross-stream counter-
rotating vortices due to the imbalance of centrifugal force and
radial pressure gradient �4�. By experiments on circular and
square sectioned bent ducts, Sudo et al. �5,6� reported that the
effect of the bend on the flow remains up to ten diameters down-
stream of the bend.

Ackeret �7,8� and Sprenger �9� performed a large number of
experimental investigations on curved and straight diffusers in
their individual studies. Their investigations showed that the dif-
fuser efficiency decreases with the degree of bend and it is inde-
pendent of the Reynolds number above Re=2.5�105 �10�.

Often in aerospace applications, the exhaust ducts have a non-
circular cross section, which leads to the requirement for rectan-

gular or oblong ejectors. Noncircular jets have higher entrainment
and mixing properties compared to the circular jets, as discussed
by Gutmark and Grinstein �11�. Higher pumping may be obtained
if a noncircular ejector is utilized in the exhaust system of a gas
turbine.

The purpose of this study was to provide data to the aerospace
community for designing of such devices and for comparison and
validation with computational fluid dynamics �CFD� studies of
such devices.

Test Setup and Components

Wind Tunnel. High Reynolds number and temperature flow
were supplied by a wind tunnel capable of delivering air at a mass
flow rate of about 2.0 kg /s at 500°C. The wind tunnel was com-
posed of a blower, natural gas burner, settling chamber, and an
annular pipe. The annulus height of the pipe was equal to 49 mm
and the inner and outer radii were 57 mm and 106 mm, respec-
tively. The annulus section of the wind tunnel changed to a circu-
lar with an ellipsoidal center body having a length equal to
80 mm. The nozzle of the ejector was attached to the wind tunnel
pipe where the circular section of the wind tunnel started. A sche-
matic of the wind tunnel is shown in Fig. 1.

Radially uniform swirl was generated by swirlers installed in
the annulus. Each swirler was composed of 16 constant angle
vanes. 10 deg, 20 deg, and 30 deg, angle swirlers introduced a
swirl of a clockwise sense when looking in the downstream direc-
tion. The swirlers were positioned 12 annulus heights upstream of
the nozzle and 10 annulus heights upstream of the seven-hole
probes of the primary flow measurement station.

The swirl numbers associated with various swirl angles in the
annulus of the wind tunnel are listed in Table 1. An approximate
relationship between the vane angle of the swirler and the swirl
number is given as �1�

S �
2

3
�1 − �ri/ro�3

1 − �ri/ro�2�tan � �1�

where ri and ro are the inner and outer radii of the annulus and

S =
G�

Gxr
�2�

For flow in an annular pipe, with ri and ro as inner and outer radii,
we can write the axial flux of axial momentum and axial flux of
swirl momentum as

Contributed by the International Gas Turbine Institute of ASME for publication in
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Gx = 2��
ri

ro

��Vw + p�rdr �3�

G� =�
ri

ro

�Vu�r2dr �4�

Instrumentation. Figure 2 shows the schematic of the instru-
mentation and the measurement planes. Measurements of the pri-
mary flow properties were taken two annulus heights upstream of
the nozzle �Plane 1� and the combined flow properties were mea-
sured at the mixing tube exit plane �Plane 3� of the ejectors with
the thermocouples and seven-hole probes. The amount of en-
trained air was calculated by subtracting the primary mass flow
rate �m1� from the combined-stream mass flow rate �m3�. Pressure
at the inlet of the mixing tube was measured by radially traversing
a Pitot static tube at the inlet plane of the mixing tube �Plane 2�.

Four L-shaped seven-hole probes were traversed in the radial

direction at four angular positions to measure inlet flow proper-
ties. Probe tips were located two annulus heights upstream of the
nozzle entrance. Each probe was radially traversed in equal incre-
ments. Pressures from the seven holes of the probe were measured
by seven pressure transducers. The pressure readings were con-
verted to three velocity components, and static and total pressures
by using the method described by Gerner et al. �12�. The mass
flow rate was calculated by integrating the mass flow through
incremental areas around the measurement points.

A seven-hole probe was traversed in the exit plane of the ejec-
tor �Plane 3� in a grid containing 1521 data points. The pressures
and velocities were obtained by the procedure given by Gerner et
al. �12�. The total combined-stream mass flow rate was calculated
by the summation of the flow through the incremental areas
around the data points.

K-type thermocouples were used to measure the temperature of
the primary flow, ambient air, and the mixed flow at the exit of the
ejector. Thermocouple TC1, used to measure the primary flow
temperature, was mounted upstream of the inlet seven-hole
probes, in the annular pipe. A bare wire thermocouple �TC3� was
attached to the exit seven-hole probe to obtain the temperature
distribution at the exit of the ejector. The thermocouple was
mounted 0.010 m downstream of the seven-hole probe tip. Ther-
mocouple TC2, used for measuring the ambient temperature, was
mounted outside the ejector close to the secondary inlet.

Single sample uncertainty analysis was performed by the pro-
cedure described by Moffat �13�. The propagation of errors in the

Fig. 1 Schematic of the wind tunnel „all dimensions are in millimeters—length shortened to highlight small details…

Table 1 Swirl number in the annular pipe of the test rig as a
function of swirler vane angle

Vane angle � �deg� S

10 0.14
20 0.28
30 0.45

Fig. 2 Schematic showing instrumentation and measurement planes on the ejector and wind tunnel
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calculated results was estimated by the relationship proposed by
Kline and McClintock �14�. The measuring instrument uncertain-
ties in the velocity, pressure, and temperature were evaluated from
the calibration programs of the seven-hole probe and manufactur-
er’s data of the thermocouples. These uncertainties were com-
bined with the uncertainties of the measuring process by the root
sum squared �RSS� method, described by Moffat �13�. As the
thermocouple TC3 moved between regions of different tempera-
tures �during the exit traverse� and was positioned just outside the
ejector, radiation and the response time effects were considered
for this thermocouple.

The uncertainty analysis was based on a 95% confidence inter-
val. The uncertainty in the velocity, measured by the seven-hole
probe, was �1.3 m /s and the uncertainties in the thermocouples
TC1, TC2, and TC3 were �3.6°C, �1.0°C, and �2.4°C, respec-
tively. The uncertainty in the static pressure was �44 Pa �abso-
lute�. The propagated uncertainty in the calculated result of mass
flow rate was �0.048 kg /s.

Test Components. This study included three bent ejectors hav-
ing different bends in the center of the mixing tubes and a base
line straight ejector. The geometry detail of the test components is
provided in Fig. 3. The length of the ejectors was equal to 2.5De,
where De is the diameter of a round pipe whose cross-sectional
area is equal to the area of the mixing tubes of current ejectors.
The mixing tube inlet was positioned at the exit section of the
nozzle �Plane 2�, as shown in Fig. 2.

An oblong nozzle of 104.5 mm hydraulic diameter and
19,000 mm2 cross-sectional area was used in each case. The
nozzle was formed by a smooth transition from circular to oblong
cross section over a length of 325 mm. The radius of the nozzle
inlet was equal to 106 mm and the dimensions of the exit section
are shown in Fig. 3. The mixing tube to nozzle area ratio �AR�

was equal to 4. Mixing tube hydraulic diameter was equal to
268 mm. The inlet of the mixing tube was rounded by welding a
10 mm diameter stainless steel tube at the inlet lip.

The bend was located in the center of the mixing tube length
with the radius of curvature �RCL� equal to 254 mm. The length of
the bent region was measured at the center of curvature of the bent
ejectors. There was a straight length of the mixing tube before and
after the bend. The total length of each mixing tube was equal to
785 mm measured at the centerline.

Results and Discussion
Primary flow properties are given in Table 2. The Reynolds

number was in the range 4.5�105–4.6�105 during the cold
cases and it was 1.9�105–2.0�105 during the hot flow cases. In
all cases, the testing was performed in the Reynolds number in-
dependent region. Vyas and Kar �15� explained that the pumping
ratio ��� of an ejector does not change if the Reynolds number is
changed beyond 2�104. Therefore, the data of different tests can
be compared if their Reynolds number is greater than 2�104.

Mach number was in the range 0.22 in cold flow cases and 0.27
in the hot flow tests. The Mach number remained below 0.3 and
therefore the flow was considered incompressible in all cases.

Fig. 3 Geometry detail of the test ejectors „all dimensions are in
millimeters…

Table 2 Primary and secondary flow properties

Re1 Ma1 T1 �°C� p1 �Pa� p2 �Pa�

Cold cases 4.5�105–
4.6�105

0.22 39–42 750–
1190

−1500–
−500

Hot cases 1.9�105–
2.0�105

0.27 460–464 1050–
1650

−2000–
−750
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Ambient temperature was in the range 20–30°C and the tempera-
ture of the hot primary flow measured upstream of the nozzle was
460°C. Static pressures at Planes 1 and 2 are listed in Table 2.

Pumping. Pumping of the ejector was normalized by dividing
the secondary mass flow rate �pumped air� by the primary mass
flow rate. Figure 4 �cf. Ref. �16�� shows the pumping ratio, �, as
a function of mixing tube bend angle, �, when there was no swirl
in the primary flow.

It is observed that the entrainment ratio continuously decreases
with the degree of bend. With the cold primary flow �T*=1�, the
pumping ratios of the 35 deg and 67.5 deg bent ejectors are 25%
and 45% less than the straight ejector, respectively. Similarly, the
pumping ratios of the 35 deg and 67.5 deg bent ejectors are 17%
and 39% less than the straight ejector in the hot flow �T*=0.4�
case. The pumping ratio of the 22.5 deg bent ejector is nearly
equal to the straight ejector in both cases. It is highly desirable to
improve the performance of highly bent ejectors.

Figure 6 shows the effect of swirl in the primary flow on the
pumping ratio of the bent ejectors. In the cold flow cases, the
pumping increases with the swirl angle and reaches maximum at
20 deg swirl. The pumping decreases slightly after the 20 deg
swirl in all of the cold flow cases. These results are similar to the
observations of cold flow cases with circular sectioned ejectors
�17�.

In the hot flow cases, a continuous improvement in pumping is
observed for the straight ejector. This is due to the fact that a
higher degree of mixing is obtained especially in the case of
straight ejector. In the bent ejectors, the pumping increased from
0 deg to 20 deg swirl and slightly changed from 20 deg to 30 deg
swirl.

From Figs 5 and 6, it is observed that the pumping ratios of the
35 deg and 67.5 deg bent ejectors increase with swirl with highest
pumping achieved with the 20 deg swirl. This shows that the swirl
in the primary flow helps the flow to attach to the walls of the
ejector, which leads to a smaller separation region on the convex
wall. This relatively smaller separation region leads to the higher
flow area for the secondary air and also reduces the flow losses.

The pumping of the 35 deg bent ejector is improved by 19%
and 15% for cold and hot primary flows, respectively, whereas the
pumping of the 67.5 deg bent ejector is improved by 55% and
49% for cold and hot flows.

Pressure Rise. Pressure rise is the difference between the static
pressures of Planes 3 and 2 measured by the seven-hole probe and
Pitot static tube, respectively. The pressure rise is nondimension-

alized by the inlet dynamic pressure, measured at Plane 1. This
nondimensional pressure rise is denoted by 	. Figure 7 �cf. Ref.
�16�� shows the variation of pressure rise with the degree of bend
of the ejector when no swirl is present. The pressure rise of the
22.5 deg, 35 deg, and 67.5 deg bent ejectors were 9%, 54%, and
68% less than the straight ejector in the cold flow case and were
16%, 52%, and 70% less in the hot flow case.

Figure 8 shows that the swirl has an unfavorable effect on the
pressure rise across the straight and low degree bent ejectors;
however, a swirl angle up to 20 deg improves the pressure rise of
a high degree of bent ejectors. It appears that the counter-rotating
vortices formed due to the bend are somewhat reduced if the
primary flow has a swirl component in it. The pressure rise of the
35 deg bent ejector is improved by 68% and 46% for cold and hot
primary flows, respectively, whereas the pumping of the 67.5 deg
bent ejector is improved by 96% and 71% for cold and hot flows.

The bend in the ejector causes secondary flows and flow non-
uniformity, which reduce the performance of an ejector. The ki-
netic energy flux factor was used to measure the degree of non-
uniformity of the flow with respect to a plug profile.

Figures 9 and 10 show the effect of swirl on the kinetic energy

Fig. 4 Effect of the degree of bend in the mixing tube on the
pumping ratio of the ejector; hot and cold flow testings pre-
sented without any swirl in the primary flow †16‡

Fig. 5 Effect of swirl on the pumping ratio of ejectors having
mixing tubes bent at various angles—cold primary flow pre-
sented „T*=1…

Fig. 6 The effect of swirl in the primary flow on the pumping
ratio of ejectors having mixing tubes bent at various angles—
hot primary flow presented „T*=0.4…
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flux factor in the 35 deg and 67.5 deg bent ejectors, respectively.
The velocity nonuniformity caused by the high degree of bend is
reduced by the introduction of swirl in the primary flow.

The lowest kinetic energy flux at the exit of the ejectors is

obtained with 20 deg swirl in the primary flow, which clarifies the
reason behind the improvement of pumping and pressure rise with
the 20 deg swirl in the 35 deg and 67.5 deg bent ejectors. The
smaller value of 
 is a measure of smaller losses in the ejectors.
There is a very low momentum region seen in the center of the
nozzle and mixing tube exit cross sections in the 30 deg swirl
case, which are shown in Figs. 16 and 17 and will be discussed
later. This low momentum region causes the increase of 
 when
the primary flow swirl angle is increased from 20 deg to 30 deg.

Efficiency. Ejector efficiency is defined as the ratio of the in-
crease in the flow work of the secondary fluid to the dynamic
pressure of the primary fluid. Flow work is the product of the
mass flow rate and the pressure rise. The relationship of efficiency
is given in Eq. �5�. Here, atmospheric pressure is used instead of
p3 due to the fact that at the exit of the ejector the pressure is
nearly atmospheric

�E = �T*
�Pa − p2�

q1 − �Pa − p2�
�5�

Figures 11 and 12 show the ejector efficiency against the primary
flow swirl angle in the cold and hot flow cases, respectively. As
could be expected, the efficiency reduces with the degree of bend
of the ejector. Efficiency of the cold flow is higher than that of the
hot flow cases due to the higher dynamic pressure of the hot

Fig. 7 The effect of bend angle of the mixing tube of the ejec-
tor on the pressure rise—no swirl in the primary flow †16‡

Fig. 8 The effect of swirl in the primary flow on the pressure
rise of the bent ejectors

Fig. 9 The effect of swirl on the kinetic energy flux factor of
the 35 deg bent ejector

Fig. 10 The effect of swirl in the primary flow on the kinetic
energy flux factor of the 67.5 deg bent ejector

Fig. 11 The effect of swirl in the primary flow on the efficiency
of the bent ejectors—cold primary flow „T*=1…
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primary flow, which is the driving force of the ejector pumping
and pressure rise.

The variation of the efficiency with the swirl angle is similar to
the variation of pressure rise. The efficiency of the 35 deg bent
ejector is improved by 101% and 69% for cold and hot primary
flows, respectively, whereas the pumping of the 67.5 deg bent
ejector is improved by 179% and 125% for cold and hot flows
with a 20 deg swirl.

Mixing of Momentum. Figure 13 presents the normalized ve-
locity profile at the horizontal centerline of the straight ejector exit
plane. Presented in the figure are the data of the cold and hot
primary flows at no swirl and 30 deg swirl conditions. The figure
shows that the velocity profiles obtained with the cold and hot
flows are very similar to each other despite the fact that the ve-
locity magnitudes are different. The mixing of hot flow is slightly
higher than the cold flow, the effect of which was seen on the
pumping and pressure rise. This higher mixing was expected due
to the higher viscosity of hot primary flow.

Figures 14 and 15 show the effect of swirl on the horizontal
centerline velocity profile of the 35 deg and 67.5 deg bent ejec-
tors, respectively. In the 35 deg bent ejector, the 20 deg swirl case
shows much better mixed flow at the exit of the ejector. With the
30 deg swirl, the amount of mixing is decreased but it is still
higher than the no swirl case.

The raised velocity profile in the 30 deg swirl case is due to the
transport of high momentum flow from the outer �concave� wall to

the center of the mixing tube with the cross-stream motion of the
fluid. This transport of high momentum flow is clearly seen in the
contour plots of velocity, which is shown in Fig. 17 later. In the
67.5 deg bent ejector, the 30 deg swirling flow has slightly higher
mixing than the 20 deg swirl. The velocity profile is raised in the
center for both 20 deg and 30 deg swirl cases due to the same
reason.

Figure 16 shows the velocity contour plots at the exit of nozzle
with 0 deg and 30 deg swirls in the primary flow. This figure
explains the effect of geometry and swirl on the flow coming out
of the nozzle. These contours were obtained by traversing a seven-
hole probe at the exit section of the nozzle �Plane 2�. The contour
plots show the velocity distribution when looking upstream into
the nozzle.

Due to the circular to oblong transition, the flow moves radially
in along the minor axis and radially out along the major axis. In
the case of swirling primary flow, the geometry driven flow inter-
acts with the swirl driven flow. Due to this interaction, the flow at
the exit of the nozzle has a symmetry plane at an angle to the
vertical �y� axis.

Figure 17 shows the contours of axial velocity at the exit of
ejectors with different swirl conditions for hot flow cases. The
velocity contours of a 0 deg swirl show a high axial momentum
region in the center of the straight ejector due to the primary jet.
The top and bottom sides of the ejector have the maximum axial

Fig. 12 The effect of swirl in the primary flow on the efficiency
of the bent ejectors—hot primary flow „T*=0.4…

Fig. 13 Axial velocity profile at the horizontal centerline of the
exit cross section of the straight ejector—the effect of different
temperatures and swirls in the primary flow

Fig. 14 Axial velocity profile at the horizontal centerline of the
exit cross section of the 35 deg bent ejector—effect of swirl on
the spreading of momentum

Fig. 15 Axial velocity profile at the horizontal centerline of the
exit cross section of the 67.5 deg bent ejector—effect of swirl
on the spreading of momentum
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momentum, which is due to the flow from the nozzle moving
radially out in the vertical axis �seen in Fig. 16� and impinging the
ejector walls where it makes counter-rotating vortices. Apart from
the top and bottom sides, the thickness of the jet appears more in
the center than the sides. This is expected because of the higher
growth rate of the jet in the minor axis compared to the major
axis, which is caused by the axis switching phenomenon of non-
circular free jets. With the bend in the ejector, the high momentum
flow attaches to the outside wall and the area near the inner wall
of the bend shows very low momentum flow. A top-bottom asym-
metry is also observed, which may be due to �i� buoyancy of the
lighter primary flow with respect to the entrained air and �ii� mi-
nor misalignment between the mixing tube and nozzle.

In the 20 deg swirl case, the velocity contours of all the ejectors
show better mixed combined flow due to the mutual interaction of
swirl generated and bend generated vortices. The flow at the ejec-
tor exit is not symmetric about the horizontal �x-axis� or vertical
�y-axis�. This is because of the structure of flow coming out of the
circular to oblong transition nozzle.

The asymmetric cross-stream flow on one hand moves the high
momentum flow from the outer wall to the center �seen in high
swirl cases, Fig. 17� and moves the low momentum wake region
from center to the bottom wall of the mixing tube �seen in the
30 deg swirl cases of 35 deg and 67.5 deg bent ejectors�.

In case of 30 deg swirl, the flow is not able to fill the wake
region behind the annular to circular transition due to centrifugal
force; hence, a velocity deficit zone appears at the exit of the
nozzle. Contrary to the no swirl case, the center region of the exit
cross section of the 30 deg swirl case has a very low axial mo-
mentum because of the wake of annular to circular transition. The
effect of swirl on the axial velocity shows that the axial momen-
tum in the center decreases continuously with the swirl. The con-
tours show that the 20 deg swirl causes higher mixing than the
0 deg and 30 deg swirl cases.

Conclusions
The experimental investigation was directed to find the effect of

swirl in improving the performance of oblong ejectors with short
bent mixing tubes.

The conclusions can be divided into small bend angle ejectors,
including the ejectors up to 22.5 deg bend angle in the mixing
tube; and highly bent ejectors, which include the 35–67.5 deg
bent ejectors of the current study.

In the small bend angle ejectors, the swirl in the primary flow is
negligible, if any effect on the pumping ratio and the pressure rise
degrades with the swirl in the primary flow. This leads to the
decrease in the overall performance of the slightly bent ejectors
with the primary swirl.

In the highly bent ejectors �35 deg and 67.5 deg�, the swirl
improves the pumping and pressure rise. Best performance was
obtained with the 20 deg swirl �S=0.28�. Further increasing the
swirl angle decreased the ejector performance. It is believed that
the increase in the swirl number of the primary flow increases the
performance up to the point when center recirculation zone is
formed. Further increasing the swirl increases the center recircu-
lation zone, which reduces the flow area and hence performance
of the ejector.

Better improvement was obtained in the ejector with a higher
bend angle, which suggests that there is more opportunity for a
improvement for a higher degree of bend ejectors. The improve-
ment in the performance is obtained by the reduction of excess
kinetic energy of the exit flow and better mixing of the two
streams.
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Nomenclature
D � diameter

dn � diameter at the exit of the nozzle
Gx � axial component of swirl momentum
G� � tangential component of swirl momentum

L � length
Ma � Mach number

m � mass flow rate
Pa � atmospheric pressure
P0 � total pressure
p � static pressure
q � dynamic pressure, q= 1

2�u2

R � half width of the exit section, R=90 mm
Re � Reynolds number

r � radius
S � swirl number
T � temperature �K�

T* � secondary to primary temperature ratio, T*

=T2 /T1 �based on Kelvin scale�
u� � tangential component of velocity
V � velocity
w � axial component of velocity, component of the

velocity which is normal to the measurement
plane

x � coordinate along the x-axis, with x=0 at the
center of ejector cross section

Fig. 16 Contours of axial velocity „w…, overlaid by cross-
stream velocity at the exit of the nozzle measured by a seven-
hole probe in the hot flow mass conservation tests with „a…
0 deg swirl and „b… 30 deg swirl in the primary flow
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Greek Symbols

 � kinetic energy flux factor, 
=	AV2�Vn̂dA / ṁV̄2

� � bend angle
� � entrainment ratio, �=m2 /m1
	 � nondimensional pressure rise, 	= �p3− p2� /q1

� � density

Subscripts
a � atmospheric
e � equivalent

Fig. 17 Axial velocity contour plots at the exit of the straight, 35 deg and 67.5 deg bent ejectors, overlaid by
vectors of cross-stream flow at different swirl conditions—measured by traversing a seven-hole probe at the
exit sections of the ejectors
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m � mixing tube
max � maximum

n � nozzle
i � inner
o � outer
1 � nozzle inlet plane
2 � nozzle exit and mixing tube inlet plane
3 � mixing tube exit plane
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Optical Nondestructive Condition
Monitoring of Thermal Barrier
Coatings
This paper describes recent developments of the thermal barrier sensor concept for
nondestructive evaluation (NDE) of thermal barrier coatings (TBCs) and online condi-
tion monitoring in gas turbines. Increases in turbine inlet temperature in the pursuit of
higher efficiency will make it necessary to improve or upgrade current thermal protection
systems in gas turbines. As these become critical to safe operation, it will also be nec-
essary to devise techniques for online condition monitoring and NDE. The authors have
proposed thermal barrier sensor coatings (TBSCs) as a possible means of achieving NDE
for TBCs. TBSCs are made by doping the ceramic material (currently yttria-stabilized
zirconia (YSZ)) with a rare-earth activator to provide the coating with luminescence
when excited with UV light. This paper describes the physics of the thermoluminescent
response of such coatings and shows how this can be used to measure temperature.
Calibration data are presented along with the results of comparative thermal cycle test-
ing of TBSCs, produced using a production standard air plasma spray system. The latter
show the durability of TBSCs to be similar to that of standard YSZ TBCs and indicate
that the addition of the rare-earth dopant is not detrimental to the coating. Also discussed
is the manufacture of functionally structured coatings with discreet doped layers. The
temperature at the bond coat interface is important with respect to the life of the coating
since it influences the growth rate of the thermally grown oxide layer, which in turn
destabilizes the coating system as it becomes thicker. Experimental data are presented,
indicating that dual-layered TBSCs can be used to detect luminescence from, and thereby
the temperature within, subsurface layers covered by as much as 500 �m of standard
TBC material. A theoretical analysis of the data has allowed some preliminary calcula-
tions of the transmission properties of the overcoat to be made, and these suggest that it
might be possible to observe phosphorescence and measure temperature through an
overcoat layer of up to approximately 1.56 mm thickness. �DOI: 10.1115/1.2940988�

1 Introduction
The efficiency and specific power output of gas turbines is dic-

tated by the turbine inlet temperature. Therefore, it would be de-
sirable to find ways of increasing this and thereby reducing spe-
cific fuel consumption and carbon emissions. The maximum inlet
temperature is restricted by the so-called metallurgical limit. New
materials such as ceramics might allow the turbine inlet tempera-
ture to be increased, but for the moment nickel-based superalloys
are likely to remain the materials of choice. Improvements in the
short term may be best sought by the development of improved
cooling and insulation systems. Drawing air from the main gas
path for cooling purposes represents lost capacity. Therefore, im-
proving and fully utilizing the insulating properties of ceramic
thermal barrier coatings �TBCs� should be a primary goal in the
pursuit of the desired improvements.

Current TBCs consist of an intermetallic bond coat to provide
oxidation resistance overlaid with a ceramic, which is typically
yttria-stabilized zirconia �YSZ�. There are a number of features of
the composition and structure that have made this the coating of
choice, including phase stability, low thermal conductivity, and
strain tolerance. However, the degradation processes associated
with the coatings and the dependence of these on operating con-
ditions still need to be better understood if their insulating prop-
erties are to be utilized in full. The durability of YSZ is strongly

temperature dependent because most of the processes that can
destabilize the coating, such as loss of phase stability, sintering,
and rate of growth of the oxide layer at the bond coat interface,
are temperature dependent.

In older generations of gas turbines, failure of the TBC results
in an increase in the temperature of the underlying metal, but the
operating conditions are such that the design limits are not ex-
ceeded. However, if in future designs the turbine inlet temperature
is increased to fully exploit the insulating potential of TBCs, a
similar failure would result in metal temperatures beyond design
limits. The phase stability of YSZ breaks down at about 1200°C
and this represents a practical limit to their utility. It may, there-
fore, be necessary to look for new materials and, indeed, research
is already under way �e.g., Clarke and Levi �1��. Given the poten-
tially severe consequences of coating failure, even if better mate-
rials become available and if lifetime characteristics and failure
modes become better understood, it will be necessary to monitor
coatings to ensure that temperature limits are not exceeded, to
provide early detection of degradation, and to allow prediction of
remaining life. Hence, new nondestructive evaluation �NDE� tech-
nologies are required. These may be used in development testing
or in service and ideally should enable temperature to be mea-
sured at critical regions such as the surface and bond coat/
thermally grown oxide �TGO� interface. In addition, measure-
ments of degradation, online or offline, caused by erosion, or
changes in phase composition or hot corrosion, for example,
would help the remaining life to be estimated.

2 Thermal Barrier Sensor Coatings
The thermal barrier sensor coating �TBSC� concept was pro-

posed by Choy et al. �2� as a way to meet the requirements set out
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above. Sensor coatings are made by modifying the composition of
a TBC to include a small amount of a rare-earth element. These
are the activators used in phosphors and hence provide the TBC
with phosphorescent properties. Phosphor thermometry is a well-
known technique by which temperature may be deduced from the
phosphorescent response of certain “thermographic phosphors.”
For a thorough discussion of the method, the reader is referred to
Allison and Gillies �3�, Heyes �4,5�, and Feist �6�; however, for
the sake of completeness, a brief review is provided below.

The important characteristic of the rare-earth elements that
causes them to bring about phosphorescence in ceramics is a par-
tially filled 4f shell containing electrons not involved in bonding
the ion to the host lattice and interacting only weakly with it.
Light may be absorbed resulting in electron transfer to an excited
state and it may be emitted as a result of relaxation back to the
ground state. Transitions between 4f levels contravene the spec-
troscopic selection rules so that relaxation is relatively slow and
the emission characterized as phosphorescence rather than fluo-
rescence. Hence, after a short burst of exciting illumination, a
relatively long-lived emission of decreasing intensity may be an-
ticipated, just as is observed from the face of a phosphorescent
timepiece. Not all electrons relax radiatively and some transfer
their energy to the host lattice where it is dissipated by phonon
emission. As the temperature increases, this process becomes in-
creasingly likely so that the emission intensity decreases and the
rate of decay in emission increases. The latter provides one of the
measurement modes associated with thermographic phosphor
thermometry. This is illustrated in Fig. 1, which shows how the
exponentially decaying emission varies with temperature and how
the exponential decay time constant, �, may be used as a measure
of the temperature. Other information may be obtained, and other
modes of temperature measurement realized, by consideration of
the emission spectrum. For further discussion of these, Heyes
�4,5� should be consulted.

The authors and their colleagues have already demonstrated the
viability of creating TBSCs. The first step involved production of
a thermographic phosphor based on YSZ as the host material
�7,8�. Samples of 8YSZ �zirconia stabilized with approximately
8% by weight of yttria� doped with approximately 1.4% by weight
of Eu2O3 were prepared as powders and coatings were laid down
using a vapor deposition technique. With these samples, tempera-
tures could be measured up to around 830°C with both powder
samples and coatings. Measurements were made at the substrate/

TBC interface using a sample consisting of a layer of YSZ:Eu
approximately 10 �m thick overlaid with about 50 �m of un-
doped YSZ. Hence the viability of subsurface temperature mea-
surements was demonstrated. Finally, differences in the emission
spectra of samples differently processed were noted. The differ-
ences are thought to have been attributable to different phase com-
positions leading to different phonon spectra. This result implies
that, as suggested by Dexpert-Ghys et al. �9�, the lanthanide acti-
vator ions may act as a structural microprobe to detect phase
composition changes.

In the next phase, a YSZ:Dy coating was produced using elec-
tron beam physical vapor deposition �EBPVD� in an industry
standard coating facility at Cranfield University �Feist et al. �10��.
The coating was shown to be suitable for temperature measure-
ments up to around 700°C. No changes to the emission spectra
were noted, and it was concluded that the phase stability of the
coating remained intact, at least to the temperatures tested.

In a subsequent investigation �Feist and Heyes �11��, the effect
of the concentration of dysprosium in yttria-stabilized zirconia on
luminescent response and temperature dynamic range was studied.
Concentration quenching was shown to be an important factor in
the performance of YSZ:Dy. The temperature dynamic range at
the optimum concentration was shown to extend to 800°C. This is
still too low for gas turbine applications, but new sensor coatings
devised by Southside Thermal Sciences have now been shown to
have a dynamic range extending to in excess of 1300°C although,
unfortunately, at the time of writing the exact compositions of
these materials are regarded as proprietary.

TBSCs have also been produced by a production standard air
plasma spray �APS� process �Chen et al. �12��. These coatings
consisted of a dysprosium doped YSZ layer overcoated with a
layer of undoped YSZ. An analysis of the microstructure con-
firmed this to be very similar to that of conventional TBCs, dem-
onstrating that the addition of the rare-earth dopant does not sig-
nificantly affect the coating. Thermal cycling of these coatings to
failure also showed them to have similar durability to standard
TBCs. An examination of the thermoluminescent response
showed the coatings to be suitable for temperature measurement
up to almost 1000°C. The efficacy of the technique was also
demonstrated in a survey of the temperature distribution on the
wall of a laboratory combustor.

There are a number of possible embodiments of the TBSC con-
cept that have been suggested by Choy et al. �2� and others �e.g.,
Eldridge et al. �13�� and that may be employed to realize a variety
of measurement functions, as illustrated in Fig. 2. Figure 2�a�
shows the simplest configuration wherein the ceramic topcoat is
uniformly doped and is therefore phosphorescent throughout. This
configuration could be used to provide an average temperature for
the topcoat. It could also be used to detect location independent
coating degradation by mechanisms such as hot corrosion or
phase change, both of which affect the host lattice and hence the
emission spectrum. Figure 2�b� shows a coating wherein a thin,
doped layer is positioned at the bottom of the topcoat directly
adjacent to the TGO layer with the aim of measuring the tempera-
ture in this region. The temperature at this location is important
since it dictates the growth rate of the TGO. Instability of the
TGO is linked to thickness so that knowledge of the temperature
may enable life expectancy to be estimated. In addition, the close
proximity of this region �probably within 10 �m� to the substrate
means that this configuration should give a good estimate of the
metal temperature. Figure 2�c� shows a multilayered coating with
doped regions at the TGO interface and at the surface. By choos-
ing different dopants for the two doped layers, the emission from
them can easily be separated by optical filtration so that tempera-
tures in the two regions can be simultaneously measured. By also
providing a measure of the temperature drop across the topcoat,
these data could be used to estimate the heat flux to the compo-
nent assuming the thermal conductivity is known or to estimate
the thermal conductivity in an experiment with a controlled and

Fig. 1 Temperature dependent emission decay of thermo-
graphic phosphors. For each decay curve, an exponential de-
cay function is fitted to the data and the decay characterized by
the time constant �.
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known heat flux. The final concept is illustrated in Fig. 2�d�,
which shows a TBSC composed of differently doped layers
throughout. This design could be used as an erosion detector, as
suggested by Amano et al. �14�. As the coating thins because of
foreign object damage or sintering and spallation, for example, the
different layers are successively revealed. The high contrast pro-
vided by the different emission spectra of the successive layers
will aid detection during routine boroscope inspection �provided
that an UV light source is used to illuminate the surface�. In ad-
dition, knowledge of layer thickness will provide a quantitative
estimate of the extent of the damage and of the remaining coating
thickness.

3 Research Objectives
The experiments and concepts described above have shown that

TBSCs can be manufactured based on the current standard mate-
rial used for TBCs, i.e., YSZ, and using both the EBPVD and APS
industrial coating manufacturing methods. Surface and subsurface
temperature measurements have been demonstrated to have the
potential for phase change detection. Ongoing research is directed
toward improving TBSCs to the point where they can be applied
in an industrial setting on rotating or stationary components in a
full-scale gas turbine. The technique is equally applicable in aero-
and land-based gas turbines, but the latter would be more appro-
priate for a first application of the technology due to lower regu-
latory hurdles and the absence of weight restrictions. New TBC
materials are under development, but it is not clear what material,
if any, will eventually supersede YSZ. Our research is therefore
currently concentrated on YSZ as the host material. Nevertheless,
the same basic physics would apply for many ceramic host mate-
rials. Therefore when new compositions become known, the tech-
nique will be adapted to suit them. The research objectives asso-
ciated with bringing the technology to the point of industrial
application are outlined below.

3.1 Composition. Initial sensor materials and coatings based
on YSZ showed a temperature dynamic range limited to around
800°C. More recently, compositions allowing temperatures in ex-
cess of 1300°C have been established. However, further compo-
sition optimization is desirable with a dynamic range extending to
at least 1400°C of the target. Material composition affects the
dynamic range primarily as a result of the temperature dependent
phonon spectra of the host lattice. However, other variables in-
clude activator concentration and the inclusion of sensitizing
agents. Concentration quenching is known to diminish lumines-
cent output so that an optimum activator concentration should
exist. Sensitizing agents may enhance performance by absorbing
exciting radiation and pumping the activator by energy transfer.

3.2 Durability. TBC failure may occur as a result of phase
instability, sintering, or delamination at the bond coat/TGO inter-
face. The durability of coatings has been shown to be a strong
function of operating temperature, ceramic and bond coat compo-
sition, substrate composition, and a number of variables related to

the coating process. Hence any change in coating composition
must be validated to ensure no degradation in durability. This
involves testing by long-term exposure at typical operating tem-
peratures and gradients and thermal cycling between ambient and
operating conditions. In addition it may be necessary to redefine
coating control parameters such as the substrate temperature to
retain the desired morphology.

3.3 Instrumentation. Online application of the TBSC tech-
nology will require a means to deliver exciting radiation to com-
ponents inside the engine and to collect and return the lumines-
cence emission. This represents a significant technical challenge
since any probe must survive the harsh environment inside hot
sections of an engine while continuing to perform for thousands of
hours.

4 Current Contribution
Herein we review the manufacture and testing of the first sensor

coatings that have been produced using a commercial plasma
spraying process. In particular we will consider the performance
of functionally structured coatings with a twin layer composition
consisting of a doped layer and a standard YSZ topcoat. Such
coatings could enable depth selective temperature sensing, mea-
surement of the temperature at the bond coat interface, and, if a
three layer structure was manufactured, measurement of heat flux.
The temperature dependent luminescent response of the coatings
has been calibrated, and a sample of the results is given. A number
of coatings have been subjected to long-term isothermal cyclic
testing to establish their longevity relative to standard TBCs, and
some initial results are presented.

5 Subsurface Temperature Measurements in Func-
tionally Structured TBSCs

Temperature is the determining factor in the rate of several of
the degradation mechanisms associated with TBCs including
phase change, sintering, and growth of the TGO. In order to assess
the risk posed by any or all of these processes, it is important to
know the temperature and in some cases the specific locations in
the coating. For phase change and sintering the maximum tem-
perature is of interest and the location at which it occurs. For
growth of the TGO the temperature at the bond coat interface
must be known.

It is not sufficient to assume that the temperature within a TBC
remains constant; indeed, there is a steep temperature gradient
within the ceramic topcoat of around 500°C /mm with the tem-
perature drop across the top layer being in excess of 100°C for
most TBCs. Consequently temperature measured at the surface of
the coating system is likely to be a poor indicator of the tempera-
ture at the bond coat interface and better spatial resolution is re-
quired. A thin layer of TBSC placed at the bond coat interface and
overlaid with undoped YSZ, as shown in Fig. 2�b�, might provide
the necessary depth selective temperature measurement capability.

Fig. 2 Proposed embodiments of the thermal barrier sensor coating technology. „a…
Average temperature/ location independent degradation. „b… Bond coat/TGO interface
temperature or metal surface temperature. „c… Heat flux gauge or thermal conductivity
measurement. „d… Erosion sensor.
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However, for this approach to be successful, the undoped layer
must permit the incoming excitation and outgoing signal radiation
to pass with minimum loss.

The optical properties of YSZ have been investigated by a num-
ber of researchers for a range of compositions and phases includ-
ing the t� phase favored for TBCs; see, for example, Nakajima et
al. �15� and Nychka et al. �16�. The bulk material is effectively
transparent from the near infrared through the visible range and
down to 248 nm—the wavelength associated with the band gap of
YSZ �5 eV�. This illustrates the problem of using pyrometry for
depth selective temperature measurement since with this method it
is difficult to know where the radiation originates so that the out-
put will be some form of average over the thickness of the coating
and the metal underneath. Unfortunately, knowledge of the bulk
properties of YSZ is not enough to predict the optical properties of
a TBC due to heterogeneities such as porosity that modify the
properties of the coating. Porosity is an essential feature of TBCs
as it affords them strain tolerance, reduces the thermal conductiv-
ity, and acts to scatter penetrating infrared radiation. However, in
the context of thermoluminescent interrogation, it will at best ren-
der the coating translucent and at worst diminish signal strength to
the point where it is undetectable and the coating effectively
opaque.

Coating microstructure and the nature of the heterogeneities are
functions of the manufacturing technique. In APS the coating is
built up by a succession of droplet impacts or “splats” so that splat
boundaries parallel to the surface may exist and could act to scat-
ter light. EBPVD coatings have a columnar microstructure with
the columns, and hence column boundaries, oriented normal to the
surface. If total internal reflection can be assumed at the column
boundaries, then these may act as light guides delivering excita-
tion to the subsurface layer and returning the subsequent emission.
From this discussion, one might expect EBPVD coatings to be a
better prospect for subsurface temperature measurements. The
coatings considered herein, however, were all manufactured using
APS. In Secs. 6–8, the manufacture and endurance testing of the
coatings will be described followed by a calibration of the tem-
perature dependent luminescent properties of a range of coatings
of different topcoat thicknesses. The effect of topcoat thickness on
signal strength is then reported in order to provide an estimate of
the degree of transparency of the undoped YSZ layer and to allow
an assessment of the ability to measure subsurface temperatures
by this method.

6 Coating Manufacture and Endurance Testing
The sensor TBC material was applied to 2.54 cm diameter by

0.635 cm thick buttons made from the Haynes 230 nickel-based
superalloy. The coating system consisted of a NiCrAlY bond coat-
ing, a 50 �m dysprosium �Dy� doped YSZ layer followed by an
overcoat of commercial 6–8 wt % YSZ at thicknesses of 50 �m,
125 �m, 205 �m, and 500 �m. The doped layer contained dys-
prosium at a concentration of 0.06 wt % and was laid down using
a preprepared powder manufactured to the same specifications in
terms of particle size and flowability as standard YSZ feedstock.

Endurance testing was carried out by subjecting the samples to
thermal cycling in a CM Rapid Temp furnace at temperatures
between 25°C and 1148°C. Holding time at the peak temperature
�1148°C� was 10 h for each cycle. TBC failure was identified as
having occurred when 20% of the area of the TBC or more had
cracked and spalled from the substrate. A metallurgical evaluation
was conducted using an optical microscope and a scanning elec-
tron microscope �SEM� with an energy dispersive X-ray spec-
trometer �EDS�. The coating application, analysis, and furnace test
were conducted at Solar Turbines Inc.

Figure 3�a� shows a micrograph of the sensor TBC in an as-
coated condition and reveals that the microstructure was very
similar to that of a conventional TBC. EDS spectra confirmed the
presence of Dy in the intermediate layer and its absence from the
overcoat suggesting little or no diffusion of the dysprosium. The

sensor TBC failed after an average of 122 cycles. Figure 3�b�
shows a micrograph of the sensor TBC after failure. The sensor
TBC failed at the interface between TBC and bond coat. The
failure mode and the coating life were very similar to those of
conventional TBCs.

7 Temperature Response Calibration
The thermoluminescent response of the various coating samples

was tested using the experimental setup shown in Fig. 4. A pulsed
Nd:YAG �yttrium aluminum garnet� laser �Spectra Physics; Model
GCR-201� was used to excite samples housed in a furnace �Len-
ton Furnace Ltd.� capable of reaching temperatures of 1600°C
and specially modified to provide optical access. The coated cou-
pons were placed onto a solid ceramic stand providing good ther-
mal connection with the furnace. The temperature controller dis-
played the temperature in 1 deg steps. The laser was operated at
355 nm �Q-switch mode�, at a repetition rate of 16 Hz, and was
monitored continuously using a power meter as shown in Fig. 4. A
beam dump was used to avoid accidental irradiation of the sample
at 532 nm due to leakage. The beam was steered through a win-
dow into the furnace and the subsequent luminescence was ob-
served through the same window using wavelength selective op-
tics. The emission was collected using a 50 mm Nikkor lens,
which focused an image of the sample on the entrance slit of a
crossed Czerny–Turner spectrometer �Jarrell-Ash MonoSpec 18;
f =3.8�.

A photomultiplier tube �PMT� �Hamamatsu� was placed at the
flexible exit slit of the spectrometer and used to measure the life-
time decay in phosphorescence emission. An analog/digital con-
verter �PICO Technology; ADC-200; 50 MHz� transferred data
simultaneously from the PMT and the power meter to a PC and an
exponential decay was fitted to each single exposure using com-
mercial software. The power meter data were used to monitor

Fig. 3 „a… Microstructure of the sensor TBC in as-coated con-
dition and „b… after failure along ceramic/bond coat interface
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irradiation of the sample during testing and for triggering pur-
poses. For an observation of the emission spectrum, the photomul-
tiplier system could be replaced with a charge-coupled device
�CCD� linear array �Alton LS2000�.

8 Results and Discussion
Figure 5 shows the exponential decay time constant as a func-

tion of temperature for four different coatings each with a YSZ
topcoat of different thickness. The data were all derived by con-
sidering phosphorescent emission at 584 nm, a wavelength shown
in a previous study by Chen et al. �12�, which exhibits the stron-
gest emission for this material. To establish the time constant at a
given point, an exponential function was fitted to a decay formed
from the summation of the decays from 15 consecutive laser
pulses �approximately 1 s�. The process was then repeated ten
times at each temperature to allow the uncertainty statistics to be
derived. Figure 5 shows a response with a dynamic range extend-
ing from about 400°C ��600 �s� to at least 800°C ��3 �s�.
The upper limit is dictated by the signal intensity, which at 800°C
was too weak to be processed reliably. In a previous study by
Chen et al. �12�, a YSZ:Dy coating with no overcoat was shown to
have a dynamic range extending to around 950°C ��0.6 �s� so
we may conclude that the reduction in the dynamic range ob-
served in the current data was the result of the diminution of

signal intensity caused by the overcoat layer. However, it is inter-
esting to note that the thickness of the overcoat layer appears to
have had no effect since the dynamic range is the same whether it
is 500 �m or 50 �m thick.

In order to try and quantify the attenuating properties of the
overcoat, two measures of signal intensity have been considered.
First, the emission spectrum of the various samples was consid-
ered at room temperature and under constant excitation energy.
The resulting spectra are shown in Fig. 6, which includes the
spectrum of a YSZ:Dy layer with no overcoat. From Fig. 6, a
substantial fall in intensity may be observed as a result of the
existence of the YSZ topcoat. However, as suggested by the cali-
bration data shown in Fig. 5, there is relatively little change in
emission intensity with the topcoat thickness. This implies that the
biggest factors associated with the reduction in signal intensity
observed when an undoped YSZ overcoat is introduced are inter-
face effects such as scattering and reflection. If these are concen-
trated at the surface, it would imply that the surface properties of
a pure YSZ layer differ substantially from those of a rare-earth
doped YSZ layer. Alternatively, the scattering/reflection could oc-
cur at the YSZ/YSZ:Dy interface. This is perhaps surprising,
given the known compatibility of dysprosium and YSZ, the rela-
tively low concentration of the former, and the consistent manu-
facturing process used for both layers. More data will be required

Fig. 4 Experimental setup for phosphor/sensor coating calibration

Fig. 5 Exponential decay time constant versus temperature for coatings
with a YSZ overcoat of various thicknesses
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before this issue can be fully resolved, and it would be interesting
to conduct further experiments to see if the dopant affects the
refractive index, for example, and how temperature affects the
coating performance.

A second analysis of the emission intensity designed to inves-
tigate in more detail the transmission properties of the YSZ layer
is presented in Fig. 7. In Fig. 7, the abscissa, referred to as the
“emission ratio,” represents the average intensity of the exponen-
tial emission decay normalized by the background emission inten-
sity B and was calculated using Eq. �1�. B is composed primarily
of blackbody radiation and was assumed to be constant at a given
temperature. By normalizing the average emission intensity with
B, the effect of system variations that might affect signal strength,
such as optical component cleanliness, was minimized. Hence, by
carefully maintaining the laser pulse energy and by adopting a
fixed integration period at each temperature, ER gives a reliable
measure of the signal strength as a function of coating thickness,

ER =

�
0

t

E0e−t/�dt

B . t
�1�

In Fig. 7, ER is plotted for the four YSZ overcoat thicknesses
and at temperatures ranging from 400°C to 750°C. The first thing
that can be noted from Fig. 7 is the rapid decline in signal inten-
sity relative to the background as temperature is increased. At

750°C, the average signal intensity is only around 2% of the
background emission. This is, of course, due not only to a de-
crease in the signal intensity but also to an increase in the black-
body emission. This illustrates the signal strength problem that
curtails the dynamic range of the TBSC at 800°C. At 400°C, the
emission ratio shows that, as might be expected, the brightest
emission was observed for the 50 �m overcoat and decreased
monotonically as the overcoat thickness was increased to
500 �m. At the other temperatures the differences in the emission
ratios are less marked and there is no monotonic decrease in the
ratio as the overcoat thickness increases. Indeed at 600°C and
690°C, the weakest signal appears to have come from the coating
with the 250 �m overcoat rather than that with the 500 �m over-
coat. Such inconsistency may be due to experimental uncertainty,
the maximum extent of which was �15% �standard error� at
600°C for the 250 �m overcoat. However, this remains less than
the spread of the data points at this temperature so that the incon-
sistency is not completely resolved by this hypothesis.

Notwithstanding the inconsistency at elevated temperatures,
and since there is little or no information of this kind in literature,
it was decided to try and derive an estimate of the extinction
coefficient of the YSZ topcoat both to further evaluate the pros-
pects for subsurface interrogation of functionally structured TB-
SCs and to quantify the effect of inhomogeneities on the transmis-

Fig. 6 Emission spectra of TBSCs at room temperature and excited at 355
nm

Fig. 7 Phosphorescent emission integrated over the emission period and
normalized by the background radiation over the same period
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sion properties of YSZ as compared with that of the bulk material.
A preliminary analysis has therefore been conducted based on the
emission ratio data obtained at 400°C.

The observed emission intensity is a function of the amount of
excitation arriving at the phosphorescent layer so that the trans-
mission properties of the YSZ topcoat should be considered at
both the illumination and emission wavelengths. Using the Beer–
Lambert law to describe the transmission process, and lumping
together all the effects that diminish the transmitted light into a
single extinction coefficient, we can write an expression for the
maximum emission intensity as

E0 = �Ie−x��I+�E� �2�

where I is the illumination intensity, � is a simple conversion
efficiency of illumination to emission �a function of quantum ef-
ficiency but also of temperature and the duration of the exciting
laser pulse�, x is the thickness of the topcoat, and �I and �E are
the extinction coefficients of the YSZ topcoat at the illumination
and emission wavelengths, respectively. Substituting this expres-
sion into Eq. �1� for the emission ratio, we obtain

ER = �Ie−x��I+�E��0
t e−t/�dt

Bt
�3�

At a fixed temperature and under constant illumination condi-
tions, ER is a function of x only so that we can write

ER = Ce−x��I+�E� �4�
where

C = �I
�0

t e−t/�dt

Bt

Figure 8 shows the variation of ER with topcoat thickness at
400°C. By fitting a function of the form of Eq. �4�, it may be
deduced that at x=0, ER=C=0.47 and that the overall extinction
coefficient is

�I + �E � 640/m �5�
We can obtain a further estimate of the extent of the indicated

extinction by calculating the penetration depth, i.e., the depth at
which the observed intensity falls by a factor of 1 /e relative to
that observed at x=0. This is simply the reciprocal of the absorp-
tion coefficient and equates to 1.56 mm for the case considered
herein. This exceeds the thickness of most TBCs used in gas tur-
bines and suggests that they can be regarded as optically thin. This
would bode well for the application of the TBSC technology for
subsurface temperature measurement.

There is no evidence in literature of absorption features at either
the excitation wavelength �355 nm� or the emission wavelength
�584 nm� and hence we conclude that the observed absorption is
due to scattering promoted by the inhomogeneities of the APS
coating. There is also currently no information in literature con-
cerning the overall extinction coefficient for APS YSZ at the ex-
citation and emission wavelengths used herein. However, Schlich-
ting et al. �17� investigated the use of Cr3+ fluorescence for the
measurement of residual stress in the TGO layer and in doing so
considered signal strength as a function of the thickness of the
YSZ topcoat for an excitation wavelength of 514 nm and a signal
wavelength of 693 nm. They appear to have observed much
greater signal attenuation due to the YSZ topcoat although due to
the differences in optical configuration, it is not possible to com-
pute an equivalent extinction coefficient for comparison with the
one derived herein. Nevertheless it is worthwhile considering
what might have caused the improved signal strength observed by
the present authors. One explanation might be a different degree
of inhomogeneity in the coatings used by the present authors rela-
tive to those used by Schlichting et al. However, given that the
coatings described herein were produced by a production standard
coating process, there seems to be no reason to expect any excep-
tional coating properties. Another explanation might be the diffu-
sion of the dysprosium ions from the subsurface layer into the
YSZ topcoat and the region near the surface. However, an evalu-
ation of the as-coated TBSCs using a SEM with an EDS clearly
showed the presence of dysprosium in the surface layer and its
absence from the overcoat layer �Chen et al. �12��. Further work is
required to quantify the extent of subsequent diffusion of the dop-
ant ions and is ongoing. Preliminary results from a layered coating
heated to 1200°C for 270 h suggest no significant diffusion pro-
cess. If both the above factors can be excluded, then the reasons
for the difference in signal quality remain, for the moment, un-
known.

The results presented are very promising and bode well for the
utility of functionally structured TBSCs, as proposed above and
illustrated in Fig. 2. However, more work is required to confirm
the findings presented herein and to further quantify the properties
and performance of TBSCs.

9 Conclusions
Functionally structured TBSCs have been produced using the

production standard APS technique. The coatings were examined
and shown to have a microstructure similar to that of standard
TBCs, and thermal cycling to failure showed them to have similar

Fig. 8 Emission ratio as a function of coating thickness under constant
illumination at 400°C.
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durability. It is therefore indicated that inclusion neither of a rare-
earth dopant nor of a layered construction affects the stability or
longevity of TBCs.

Calibration of the thermoluminescent properties of the coatings
showed them to be suitable for subsurface temperature measure-
ment at the bond coat TGO interface at up 800°C and under an
undoped overcoat of YSZ up to 500 �m thick.

An analysis of intensity data has suggested that there are two
factors that affect the ability to interrogate subsurface layers in
functionally structured TBSCs, namely, surface/interface effects
such as scattering and reflection and extinction within the un-
doped overcoat layer. From the data presented, the former effect
appears to be the dominant factor and indeed from the lifetime
decay and spectral data no effect due to absorption could easily be
discerned. This is in keeping with information in literature con-
cerning the optical properties of bulk YSZ, which shows no ab-
sorption features at either the excitation or emission wavelengths.
A more detailed analysis enabled an estimate of the extinction
characteristics of the APS YSZ coating to be obtained with the
translucence of the coating attributed to inhomogeneities such as
porosity caused by the manufacturing process. A penetration depth
of approximately 1.56 mm was calculated. This exceeds the thick-
ness of most commercial TBCs and suggests that they can be
regarded as optically thin. If so, the prospects for subsurface mea-
surements in layered TBSCs are good.

The extinction coefficient calculated appears low when other
optically based NDE methods reported in literature are consid-
ered. Furthermore, there was some inconsistency in the results
relating to transmission through the undoped layer at elevated
temperatures, and for both reasons it is recommended that more
work be undertaken to investigate further the effect of temperature
and to confirm all the findings reported herein.

Nomenclature
B � background emission

ER � emission ratio
E0 � maximum emission

I � illumination intensity
T � time �s�

�I � excitation extinction coefficient
�E � emission extinction coefficient
� � excitation/emission conversion efficiency
� � decay time constant �s�
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Pressure-Scaling of
Pressure-Swirl Atomizer Cone
Angles
An experimental investigation was conducted to study the effects of increased ambient
pressure (up to 6.89 MPa) and increased nozzle pressure drop (up to 2.8 MPa) on the
cone angles for sprays produced by pressure-swirl atomizers having varying amounts of
initial swirl. This study extends the classical results of DeCorso and Kemeny, (1957,
“Effect of Ambient and Fuel Pressure on Nozzle Spray Angle,” ASME Transactions,
79(3), pp. 607–615). Shadow photography was used to measure cone angles at x /D0
�10, 20, 40, and 60. Our lower pressure results for atomizer swirl numbers of 0.50 and
0.25 are consistent with those of DeCorso and Kemeny, who observed a decrease in cone
angle with an increase in nozzle pressure drop, �P, and ambient density, �air, until a
minimum cone angle was reached when �P�air

1.6�100 MPa�kg /m3�1.6 (equivalent to
200 psi�lbm / ft3�1.6). Results for atomizers having higher initial swirl do not match the
DeCorso and Kemeny results as well, suggesting that their correlation be used with
caution. Another key finding is that an increase in �P�air

1.6 to a value of
600 MPa�kg /m3�1.6 leads to continued decrease in cone angle, but that a subsequent
increase to 2000 MPa�kg /m3�1.6 has little effect on cone angle. Finally, there was little
effect of nozzle pressure drop on cone angle, in contrast to findings of previous workers.
These effects are hypothesized to be due to gas entrainment. �DOI: 10.1115/1.2939004�

Keywords: pressure swirl, cone angle, nozzle pressure drop, ambient pressure,
entrainment

Introduction
Recent advances in gas turbine engine technologies have al-

lowed for the creation of larger, more powerful units with pressure
ratios higher than those found in the industry today. The increased
combustion chamber pressures �40–60 atm� can have profound
effects on the burning process, such as varying the injection char-
acteristics of the fuel.

Previous researchers, in particular, DeCorso and Kemeny �1�,
have studied the effects of ambient pressure and nozzle pressure
drop on spray cone angles produced by pressure-swirl nozzles.
These authors proposed that air entrainment caused the spray ex-
pansion rate to decrease with increasing ambient pressure until a
minimum cone angle was reached, at which point an increase in
ambient pressure would have no effect on the spray expansion
rate.

For ambient pressures up to 0.79 MPa, DeCorso and Kemeny
�1� reported that changes in the normalized cone angle were well
described by the following correlation:

�P�air
1.6 �1�

where �P is the pressure drop across the nozzle and �air is the
density of the ambient environment.

Ortman and Lefebvre �2� extended DeCorso and Kemeny’s re-
sults �1� to include ambient pressures up to 2.2 MPa. They
sprayed aviation kerosene into pressurized nitrogen and used a
“patternator” to measure radial mass flux distribution 10 cm
downstream of the nozzle exit. Four commercially available atom-
izers were tested.

Preussner et al. �3� performed companion numerical studies �a
sophisticated numerical simulation of a Gasoline Direct Injection
System for an internal combustion engine using the CFD code
FIRE�. Included in this analysis was the modeling of the influence
of ambient effects on a hollow cone spray pattern. The model
confirmed the explanation of entrained gas flow leading to a re-
duction in spray cone angle that was first put forth by DeCorso
and Kemeny �1�. Momentum exchange between the spray and the
ambient environment led to a reduced pressure within the spray
cone. As a result, airflow into the spray cone developed. Aerody-
namic drag resulting from this airflow accelerated the drops to-
ward the center of the spray thus leading to a reduced cone angle.
The computational model also showed that the amount of cone
angle contraction is dependent on the ambient pressure.

While these two studies helped improve our ability to describe
pressure-swirl atomizer sprays, they do not consider operating
conditions typical of current, and future, gas turbine engines. That
lack provided the motivation for this study.

Herein, we consider four issues germane to scaling pressure-
swirl sprays to conditions typical of advanced gas turbine engines.
We first considered the effect of an increase in ambient pressure
on spray cone angle. We then studied how increasing nozzle pres-
sure drop affected spray cone angle. These two sets of data were
used to extend the correlation proposed by DeCorso and Kemeny
�1�. Specifically, the correlation was extended to include pressures
up to 6.89 MPa, comparable to a pressure ratio of 68–1. Finally,
pressure-swirl nozzles with various amounts of initial swirl were
tested to determine if the scaling behavior first reported by De-
Corso and Kemeny �1� is independent of the magnitude of atom-
izer initial swirl.

Experimental Apparatus
DeCorso and Kemeny �1� studied the injection of diesel fuels

into quiescent gas at room temperature. In contrast, we used a
noncombustible surrogate fluid in our experiments to avoid the
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dangers of explosions associated with the high pressures involved.
This surrogate was Spartan Chemical Company’s synthetic ma-
chine lubricant/coolant �“The Cooler™”� mixed with water.
Satapathy �4� showed that a mixture of The Cooler™ and water
having a mass ratio of 41:59 exhibits properties similar to those of
diesel fuel �see Table 1�.

Figure 1 shows the pressure-swirl nozzle used in these experi-
ments. It was originally designed by Zeaton �5�, and includes a
common exit orifice 1 mm in diameter, a common converging
section having a total included angle of 118 deg, plus interchange-
able swirl inserts having inlet port diameters of 0.5 to1.0 mm and
outer diameters of 2 or 4 mm. The inserts are classified by swirl
number, which represents the ratio of initial liquid angular mo-
mentum flux to initial liquid axial momentum flux, as defined by
Syred �6,7�. Nozzles with swirl numbers of 0.25, 0.50, 0.75, and
1.00 were tested in this study. Atomizers having larger values of
swirl number were not used because their wider cone angles
would have caused spray development to be influenced by the
pressure vessel walls.

Injection occurred within a pressure vessel originally designed
by Satapathy �4� and later modified by Zeaton �5�. This vessel is
designed to withstand pressures up to 10.3 MPa and includes flow
straighteners to ensure a uniform �1D� flow. The vessel has two
5.72 cm diameter, diametrically opposed optical windows, and a
traversable injector which allows for spray imaging at various
locations downstream of the injector exit plane.

The injection pressure, ambient pressure, and coflow air
streams are supplied to the pressure vessel by three systems. The
liquid injection system, originally designed by Ohrn �8�, injects
the surrogate fluid at pressures ranging from 0.69 to 7.58 MPa
into ambient air environments having pressures ranging between 0
and 0.89 MPa.

The ambient air pressure was controlled by a coflow system,
designed by Zeaton �5�. It is capable of supplying air at pressures
up to 10.3 MPa �1500 psi�. The system is configured such that the
ambient pressure can be set independently of the air mass flow
rate. Finally, in-line electric heaters allow for temperature control.

Ambient air and fuel pressure data were acquired using Druck
model PMP 1240 transducers. These units are rated up to
13.8 MPa �2000 psi� and have an accuracy of �0.25% of full

scale output. Omega model EMQSS-125G-6 type E thermo-
couples were used to measure ambient air and fuel injection tem-
peratures. They have an accuracy of �1°C.

The air mass flow rate was measured using a Micro Motion
D-25 Coriolis-type mass flowmeter. The liquid flow rate was mea-
sured using an orifice meter having an orifice diameter of
0.36 mm. A Validyne model DP360-56-N1-W-4-B pressure trans-
ducer measured the relevant pressure drop.

All quantities were recorded at a sampling rate of 1 kHz using
a LABVIEW VI program.

Digital images of the sprays were obtained using the optical
system shown in Fig. 2. Here, a white light source in the form of
a theatrical stage lamp was used to illuminate an f /8 parabolic
mirror, thereby creating a beam of parallel light which passed
through the test section. A second parabolic mirror was used to
focus that light onto a viewing screen. This resulted in a shadow-
graph of the spray. Finally, a Sony MVC-FD95 digital camera was
used to capture the image for postprocessing.

Results and Discussion
Complete sets of data were collected for nozzles with swirl

numbers �Sn� equal to 0.25, 0.50, 0.75, and 1.00. The cone half-
angles were measured from shadowgraphs taken of the spray ge-
ometry at ambient pressures ranging from 0.69 to 6.89 MPa, and
nozzle pressure drops between 0.69 and 2.8 MPa. The cone half-
angle was calculated by connecting the visual spray boundary at a
given axial distance to the center of the atomizer exit orifice and
then determining the angle formed with the spray axis of symme-
try. This definition is similar to that of Dodge and Biaglow �9� and
Jang et al. �10� and was chosen for its simplicity. The cone angles
were measured at four axial locations, x /D0=10, 20, 40, and 60,
where x is the axial distance from the orifice and D0 is the atom-
izer exit orifice diameter �1 mm�. Table 2 summarizes the cone
angle naming convention.

Figure 3 contains representative spray images and illustrates the
effect of increased Pair �or �air� and �P on spray structure for the
Sn=0.75 nozzle. As predicted by previous researchers �1,2,10,11�,
the spray contracts significantly at increased ambient pressure
��air

1.6� while the effect of increased nozzle pressure drop ��P� is
less significant.

Figures 4 and 5 show full cone angle versus ambient pressure
data for all four nozzles. Figure 4 shows full cone angles mea-
sured at x /D0=10, 20, 40 and 60 ��10, �20, �40, and �60� for the

Table 1 Properties of a 41:59 mixture of The Cooler™ and
water

Density, �lig 1015 kg /m3

Dynamic viscosity, �liq 2.71 mPa s

Fig. 1 Variable swirl injector

Fig. 2 Shadow graph optical setup

Table 2 Cone angle definitions

�10 Cone angle at
x /D0=10

�20 Cone angle at
x /D0=20

�40 Cone angle at
x /D0=40

�60 Cone angle at
x /D0=60
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Sn=0.25 injector operating at a pressure drop of 0.69 MPa, while
Fig. 5 illustrates the influence of initial swirl by showing full cone
angles for x /D0=40 only. The data in Fig. 4 are representative of
all nozzle geometries and operating conditions, and the data in
Fig. 5 are representative of all nozzle pressure drops tested. Un-
certainty bars represent the uncertainty in measurements calcu-
lated by a Kline and McClintock analysis �12�.

The data in Fig. 4 show that beyond a certain pressure �between
about 1.5 and 3.5 MPa� the cone angle is essentially independent
of ambient pressure. This is consistent with the findings of Ortman
and Lefebvere �2�, who theorized that at sufficiently high ambient
pressures the cone angles are so small that further increases in Pair
do not increase the effects of gas entrainment.

It is important to note that different values of the threshold
pressure above which the cone angle remains constant have been
reported by other researchers—Wang and Lefebvre �13� gave a
value of 0.4 MPa, while Ortman and Lefebvre �2� and Parsons
and Jasuja �14� both suggested a value of 1.0 MPa.

At least two explanations exist for the different values of
threshold pressures reported. First, the reduction in cone angle is
an asymptotic function of ambient pressure. As a result, different
researchers may have used different criteria for when the spray

cone angle could be assumed to reach a constant value. In addi-
tion, researchers have defined the cone angle in different ways,
which places a limitation on the ability to directly compare the
data. Figure 4 data support this latter explanation since they dem-
onstrate that the ambient pressure value for which a further in-
crease has no effect on cone angle varies with measurement
location—that value is near 3.5 MPa for cone angle measurements
at x /D0=10, but decreases to about 1.5 MPa for cone angle mea-
surements at x /D0=60. This experiment is the first to report the
cone angle at various axial locations, and thus is the first to ob-
serve this phenomena.

Figure 4 data also indicate that the difference between near-
nozzle ��10� and downstream ��60� cone angles decreases as am-
bient pressure rises. This leads to the interesting conclusion that
the effects of surrounding air entrainment on cone angle become
important closer to the atomizer exit plane as ambient pressure
increases.

Figure 5 data show the relationship between cone angle and
ambient pressure for the four Sn cases. The results demonstrate
that swirl number does have an effect on cone angle at low am-
bient pressures �up to about 1.3 MPa�. However, at higher ambi-
ent pressures, the cone angles for all four Sn cases are equal
�within experimental uncertainty�. This suggests that entrainment
of the surrounding air becomes the dominant factor for cone angle
control at these higher pressures.

Figure 6 shows the measured full cone angle at x /D0=40 ver-
sus nozzle pressure drop �P for the swirl nozzle having Sn
=0.25. No significant variation in cone angle with pressure drop
can be observed. This relation also held for the Sn=0.50, 0.75,
and 1.00 nozzles. Our observation is in contrast to findings by
most previous researchers who observed a reduction in cone angle
with an increase in �P at pressures above ambient. Note, how-
ever, that previously reported reductions were of significantly
smaller magnitude than the reductions observed for increases in
ambient pressure. In this study, any reduction in cone angle with a
change in �P is within the uncertainty of the measurements, as
can be seen in Fig. 6, so current results are not inconsistent with
those from previous studies.

Data collected during this study were used to determine if the
scaling expression of DeCorso and Kemeny �1� could be extended
to higher pressures. The following assumptions were needed to
ensure that our results are consistent with their data.

The normalized effective spray angle, � /�atm, used by DeCorso
and Kemeny �1� was assumed equivalent to �40 /�atm in our ex-
periments. This assumption was necessary because the effective
spray angle was not measured here. The effective spray angle

Fig. 3 Representative spray images for Sn=0.75

Fig. 4 Full cone angles versus ambient pressure for Sn=0.25
and �P=0.69 MPa

Fig. 5 �40 versus ambient pressure for �P=0.69 MPa
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measured by DeCorso and Kemeny �1� gives an indication of the
radial center of mass at a given axial distance, whereas �40 is a
measure of the visual spray boundary. The validity of this assump-
tion requires that the entrained air causes uniform contraction of
the jet without affecting the profile of the radial mass distribution.
This would be approximated by a spray with a narrow drop size
distribution, such that the aerodynamic drag force causes uniform
inward acceleration of all the drops. Support for this assumption is
provided by Chen et al. �11�, who simultaneously measured the
effective spray angle and visual cone angle for a pressure-swirl
atomizer and found that the two angles scale in a similar manner
with nozzle pressure drop. We also assume that �40 is the appro-
priate cone angle for comparison purposes. This assumption was
necessary to specify which axial distance would be used to define
the cone angle. Our choice was driven by the DeCorso and Ke-
meny �1� test matrix, where they tested ten nozzles with different
orifice diameters, each at an axial location of 11.4 cm �4.5 in.�. As
a result, x /D0 ranged between 40 and 145. It was obviously de-
sirable to use a similar axial distance in this study. The location
x /D0=40 was chosen because it is within the range studied by
DeCorso and Kemeny �1�, and because our results indicate mini-
mal change in cone angle between x /D0=40 and higher �x /D0
=60� values. Finally, cone angles were difficult to determine be-
yond this distance because the penetration length of the spray was
reached.

Having made these assumptions, Fig. 7 was created using data
from DeCorso and Kemeny �1�, plus those acquired during this
study. Several points are of interest.

First, this figure shows that Sn=0.5 and Sn=0.25 data from this
study match those of DeCorso and Kemeny �1�. This lends sup-
port to our choice of cone angle ��40� for comparison.

Second, above �P�air
1.6=100 MPa�kg /m3�1.6 �200 psi�lbm /

ft3�1.6�, �40 /�atm is approximately constant and equal to 0.20. Ort-
man and Lefebvre �2� also extended the DeCorso and Kemeny
results to �P�air

1.6=100 MPa�kg /m3�1.6 and found that above
�P�air

1.6=60 MPa�kg /m3�1.6 � /�air was approximately constant
and equal to 0.25. The discrepancy between our value and that of
Ortman and Lefebvre �2� may be due to having used the visual
spray boundary here, rather than the effective cone angle that was
chosen by Ortman and Lefebvre �2�.

Third, there is some influence of atomizer Sn on scaled cone
angle for �P�air

1.6�300 MPa�kg /m3�1.6. This is evidenced by the
systematically higher relative cone angle values for the Sn=1.00

and Sn=0.75 cases, and indicated that the DeCorso and Kemeny
�1� correlation, which does not account for the effects of Sn on
cone angle, should be used with caution.

Conclusions
Cone angles from pressure-swirl nozzles of Sn=0.25, 0.50,

0.75, and 1.00 were measured at x /D0=10, 20, 40, and 60 over
pressure ranges of 0.69 to 6.89 MPa with nozzle pressure drops
varying between 0.69 and 2.76 MPa. A number of conclusions can
be drawn from these results:

• Cone angle decreases with an increase in ambient pressure,
regardless of measurement location. This finding extends the
utility of previous investigations where cone angle was mea-
sured at only a single location.

• Cone angle is independent of ambient pressure after a value
of between 1.5 and 3.5 MPa. The threshold value for this
independence is a function of measurement location, with
smaller pressure thresholds corresponding to further mea-
surement locations.

• The difference between near-nozzle and downstream cone
angle values decreases as ambient pressure rises. This sug-
gests that the influence of air entrainment becomes impor-
tant closer to the atomizer exit plane as ambient pressure is
increased.

• Atomizer swirl number does have an effect on cone angle
for ambient pressures below about 1.3 MPa. At higher pres-
sures, measured cone angles are within experimental uncer-
tainty of each another. This finding suggests that entrain-
ment becomes the dominant factor controlling cone angle at
pressures above about 1.4 MPa.

• An increase in nozzle pressure drop had little effect on the
measured cone angle. While this finding contradicts those
by previous researchers �who observed a reduction in cone
angle when nozzle pressure drop was increased�, the reduc-
tion they reported was significantly smaller in magnitude
than the reduction observed with increases in ambient pres-
sure. As such, our results are not inconsistent with theirs.

• Our lower pressure results for Sn=0.50 and Sn=0.25 are
consistent with those of DeCorso and Kemeny �1�, who ob-
served a decrease in cone angle with an increase in an am-
bient pressure-density product until a minimum was reached
at �P�air

1.6�100 MPa�kg /m3�1.6.
• Our higher pressure results are consistent with those of Ort-

man and Lefebvre �2�, in that a continued increase in
�P�air

1.6 to a value of 600 MPa�kg /m3�1.6 leads to a de-

Fig. 6 �40 versus nozzle pressure drop for Sn=0.25
Fig. 7 Comparison of current results with those of DeCorso
and Kemeny †1‡
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crease in cone angle, but that a subsequent increase to
2000 MPa�kg /m3�1.6 has little effect on cone angle. These
data extend the useful range of DeCorso and Kemeny’s �1�
results to �P�air

1.6�2000 MPa�kg /m3�1.6.
• There is some influence of atomizer Sn value on scaled cone

angle for �P�air
1.6�300 MPa�kg /m3�1.6. It indicates that

the DeCorso and Kemeny �1� correlation, which does not
account for the effects of Sn on cone angle, should be used
with caution.

Nomenclature
D0 � nozzle exit orifice diameter, m

Pair � ambient pressure, Pa
�P � pressure drop across nozzle, Pa
Sn � swirl number, dimensionless

x � distance downstream of injector exit plane, m
�0 � cone angle for atmospheric pressure, deg

�10 � cone angle measured at x /D0=10, deg
�20 � cone angle measured at x /D0=20, deg
�40 � cone angle measured at x /D0=40, deg
�60 � cone angle measured at x /D0=60, deg

� � viscosity, Pa s
�air � ambient gas density, kg /m3

� � effective cone angle of DeCorso and Kemeny
�1�, deg

�0 � effective cone angle at atmospheric pressure,
deg
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Laminar Flame Speeds and
Strain Sensitivities of Mixtures
of H2/O2 /N2 at Elevated Preheat
Temperatures
Laminar flame speeds and strain sensitivities of mixtures of H2 and air or air highly
diluted with N2 (O2:N2 1:9) have been measured for a range of equivalence ratios at
high preheat conditions ��700 K� using a nozzle generated, 1D, laminar, wall stagnation
flame. The measurements are compared with numerical predictions based on three de-
tailed kinetic models (GRIMECH 3.0, a H2 /CO mechanism from Davis et al. (2004, “An
Optimized Kinetic Model of H2 /CO Combustion,” Proc. Combust. Inst., 30, pp. 1283–
1292) and a H2 mechanism from Li et al. (2004, “An Updated Comprehensive Kinetic
Model of Hydrogen Combustion,” Int. J. Chem. Kinet., 36, pp. 566–575)). Sensitivity of
the measurements to uncertainties in boundary conditions, e.g., wall temperature and
nozzle velocity profile (plug or potential), is investigated through detailed numerical
simulations and shown to be small. The flame speeds and strain sensitivities predicted by
the models for preheated reactants are in reasonable agreement with the measurements
for mixtures of H2 and standard air at very lean conditions. For H2 and N2 diluted air,
however, all three mechanisms significantly overpredict the measurements, and the over-
prediction increases for leaner mixtures. In contrast, the models underpredict flame
speeds for room temperature mixtures of H2 with both standard and N2 diluted air, based
on comparisons with measurements in literature. Thus, we find that the temperature
dependence of the hydrogen flame speed as predicted by all the models is greater than the
actual temperature dependence (for both standard and diluted air). Finally, the models
are found to underpredict the measured strain sensitivity of the flame speed for H2
burning in N2 diluted air, especially away from stoichiometric conditions.
�DOI: 10.1115/1.2943180�

Keywords: hydrogen, laminar flame speed, strain sensitivity, N2 dilution, reactant
preheat

Introduction
One of the most extensively studied kinetic mechanisms is that

of hydrogen combustion because of its relative simplicity and its
importance in understanding combustion of hydrocarbon fuels in
general. Hydrogen is also an interesting fuel from a practical
standpoint due to its intense burning characteristics and because
of its potential to reduce greenhouse gas emissions. For example,
recent interest has been focused on synthetic fuel gas �syngas�
combustion. Syngas is derived from coal through a gasification
process, and it is a promising fuel source for low emission and
high efficiency power generation. It is mainly composed of H2,
CO, N2, and CO2 in varying amounts, with typically lower levels
of H2O, CH4, and other higher order hydrocarbons �1,2�. Exten-
sive research has been conducted to understand the fundamental
combustion properties of these fuel mixtures. These include ex-
perimental determination of laminar flame speed, ignition delay,
and flame structure. Laminar flame speed is an important param-
eter of a combustible mixture as it contains fundamental informa-
tion regarding reactivity, diffusivity, and exothermicity.

Laminar flame speeds of syngas-type mixtures have been mea-
sured with conical flames �3,4�, spherically expanding flames �5�,

and flat flames �6�. Stretch-corrected laminar flame speeds for
H2 /CO mixtures have been obtained with counterflow flames
�CFF� �7� and spherically expanding flames �8–12�. In addition,
various reaction mechanisms have been proposed for H2 /CO
combustion �13,14� and used to predict laminar flame speeds for
syngas fuels. Since most of the flame speed measurements were
obtained for stoichiometric and fuel-rich mixtures, and most im-
portantly with room temperature reactants, the applicability of the
proposed kinetic models to low emissions, lean premixed gas tur-
bine combustion is uncertain.

Recently, the laminar flame speeds of H2 /CO mixtures have
been measured over a range of preheat temperature �up to 700 K�
and fuel composition �15�. Figure 1 compares the measured flame
speeds �using a Bunsen flame technique� for preheated, lean 50:50
H2:CO fuel-air mixtures from Ref. �15� with predicted, un-
strained, laminar flame speeds from two models �GRI MECH 3.0 �16�
and a H2 /CO mechanism from Davis et al. �13��. The predicted
flame speeds are in good agreement ��10% � with measurements
for low preheat temperatures �less than �500 K� for both lean
equivalence ratios. For further increase in preheat temperature, the
models overpredict the measured flame speeds by as much as
30%. Moreover for a given preheat temperature, the overpredic-
tion increases as the mixture becomes leaner. For instance, the GRI

MECH overprediction increases from 14% at �=0.8 to 26% at �
=0.6 for 700 K preheat temperature. It is also important to note
that the H2 /CO mechanism overpredictions are larger than for GRI

MECH, specifically 16% at �=0.8 and 32% at �=0.6 for 700 K
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preheat temperature. In summary, the flame speeds predicted with
the two mechanisms increase with preheat temperature faster than
the measurements, especially for fuel lean conditions. Similar be-
havior was also observed for high H2 content fuel mixtures �15�.
Hence it is important to investigate the effect of preheat on flame
speeds of pure H2 fuels at lean conditions. As applications involv-
ing H2 combustion can also entail significant levels of diluent
gases, we also consider laminar flame speeds for reactant mixtures
with high amounts of N2 dilution.

Thus, the primary objective of the present study is to measure
laminar flame speeds for H2 /O2 /N2 fuel mixtures at high preheat
temperature �700 K� and under lean conditions. A stagnation
flame technique is employed in this work; it is a direct measure of
flame speed and it allows us to obtain the sensitivity of the un-
burned flame speed to imposed strain rate. The measurements are
compared with the predictions of leading chemical kinetic mecha-
nisms in order to ascertain the accuracy of current models at the
high preheat temperatures found in gas turbine combustors.

Experimental Facility and Measurement Method
Strained laminar flame data were acquired in a stagnation flow

configuration. This configuration, like the more commonly em-
ployed opposed jet flow approach �17�, allows for stretch-
corrected flame speed measurements of a one-dimensional �1D�
laminar flame. Furthermore, it is advantageous over the opposed
flow arrangement for determining laminar flame speeds for the
following reasons: �1� the use of a solid wall leads to more stable
flames, �2� problems related to heating of the upper burner are
eliminated, and �3� use of a single jet greatly simplifies burner
operation.

A general schematic of the stagnation flow burner is shown in
Fig. 2. The reactant �H2, O2, and N2� flow rates are monitored
with rotameters, and they are premixed in the mixing section
ahead of the burner. The rotameters are calibrated with a bubble
flow meter and wet test meter to better than �1% accuracy, with
fuel and air flows in the range of 0.1–50 slpm. The desired flow
rate of the premixed fuel mixture is sent to the burner while the
remainder is bypassed. With this arrangement, the average veloc-
ity of the mixture at the exit of the burner is easily adjusted with-
out altering the equivalence ratio. The burner is formed from a
smoothly contoured nozzle with high contraction ratio, in order to
create a uniform velocity profile at the burner exit and a uniform
flame stretch throughout the flame area. Moreover, the high con-
traction ratio contoured nozzle ensures laminar flow even at high
Reynolds number based on the burner exit diameter.

Two nozzles with exit diameters �D� of 6.25 mm and 9 mm are
employed to produce a stable flame, with higher flame speed mix-
tures requiring the smaller nozzle. Flow straighteners placed up-

stream of the contoured nozzle reduce any unsteadiness in the
incoming flow. The exiting fuel/air mixture is surrounded by a N2
coflow. Flow stagnation is achieved with a plug produced from a
stainless steel rod �38 mm diameter�. The end of the rod is first
formed into a hemisphere and then machined to produce a flat
surface with 12.5 mm diameter. The rounded plug, compared to a
flat plate, greatly improves flame stability especially at high flame
speed conditions �e.g., high preheating�. The distance �L� between
the burner exit and stagnation plug is adjusted depending on the
burning velocity. For high burning velocities, smaller L and D
lead to a stable stagnation flame. In the current measurements, L
ranges from 5 mm to 6 mm. The corresponding L /D values are
sufficiently large that the effect of finite domain on the measured
flame speed can be considered small �18�. The use of a solid wall
as a stagnation plane, as opposed to the counterflow configuration
with adiabatic twin flames, is generally considered to have an
insignificant effect on the measured unburned flame speed, pro-
vided that the flame is stabilized sufficiently away from the stag-
nation plane �19�. In all our experiments, the flame is located at
least two flame thicknesses away from the plate. The effects of the
solid wall are mainly downstream heat loss from the flame prod-
ucts to the wall and zero radial velocity gradient at the wall. A
detailed numerical analysis of the influence of these effects on the
unburned strained flame speed is reported in the Appendix.

The reactants are preheated by electrical resistance tape
wrapped around the burner. Once the desired reactant temperature
is achieved �as determined by a Type-K thermocouple, TC2,
placed at the center of the burner 25 mm below the exit�, the
surface temperature of the burner is monitored by a second ther-
mocouple, TC1, and held constant by a temperature controller.
The mixture temperature at the exit of the burner has a nearly
uniform radial profile ��T�3–5 K�. The axial velocity along the
stagnation streamline is measured using a laser doppler velocim-
etry �LDV� system. The fuel mixture is seeded with alumina
�Al2O3� particles. The nominal size of these particles is chosen to
be 1–2 �m in order to minimize thermophoretic effects �20�.

To illustrate this method, the measured axial velocity along the
stagnation streamline for a typical stagnation flame is shown in
Fig. 3. The axial velocity decreases from the exit of the nozzle and
reaches a minimum where the preheat zone starts. After reaching
a local minimum, the axial velocity increases sharply inside the
flame and then decreases to zero at the wall. Based on a standard
approach �17�, the minimum velocity before the preheat zone is
considered as the reference strained unburned flame speed �Su�,
and the maximum gradient of the axial velocity �as determined
from the velocity measurements� ahead of the minimum velocity

Fig. 1 Variation of the model „GRIMECH 3.0: closed symbols;
Davis H2/CO mechanism: open symbols… overprediction with
preheat temperature for 50:50 H2:CO fuel composition at 0.6
and 0.8 equivalence ratios

Fig. 2 Schematic of the experimental setup „TC
=thermocouple…; mixing is achieved through long flow lines
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location is taken as the imposed strain rate �K� �see Fig. 3�. The
imposed strain rate is controlled by changing the nozzle exit ve-
locity. As the nozzle exit velocity increases, the strain rate in-
creases, and the flame moves closer to the stagnation surface. For
each fuel mixture, the strain rates and corresponding strained
flame speeds are measured for a range of nozzle exit velocities.
The flame speeds were measured across a range of strain rates,
with the lowest attained strain rates limited either by flashback or
flame stability �unsteadiness�. The uncertainty in the strained
flame speed measurement can be estimated from the root-mean-
square fluctuation of the axial velocity at the location where the
average velocity is a minimum. At each location along the stag-
nation streamline, 10,000 measurements were acquired and the
rms fluctuations are 2–4% at the minimum velocity location for
the conditions reported here.

Flame Speed Modeling
The experimental results are compared to predictions of a stan-

dard �CHEMKIN� 1D flame model. The unstrained laminar flame
speeds are calculated with the PREMIX algorithm, while the
strained stagnation flames are simulated with OPPDIFF code. In the
strained flame simulations, the distance between the nozzle and
stagnation plane �L� was matched to the experimental value, since
it can have a significant effect on the predicted strained flame
speed. The plug flow boundary condition, which is a close repre-
sentation of the measured nozzle data, is used at the nozzle exit. A
detailed numerical analysis on the effect of nozzle exit boundary
condition on the predicted flame speed is given in the Appendix.
The predicted flame speed and strain rate are determined from the
stagnation simulation with the same definitions that were applied
to the experimental data �minimum axial velocity for flame speed
and maximum preflame axial velocity gradient for strain�. In all
the flame simulations, the converged solution was obtained for a
large number of grid points by considering the gradient and cur-
vature to be 0.1.

Three reaction mechanisms are employed in the simulations:
GRI MECH 3.0 �16�, a H2 /CO mechanism from Davis et al. �13�,
and a H2 mechanism by Li et al. �21�. The GRI mechanism has
been tested and validated extensively for methane and natural gas
combustion over a wide range of pressure and temperature condi-
tions. It consists of 325 elementary chemical reactions with asso-
ciated rate coefficients and thermochemical properties for the 53
species involved. The second, more recent mechanism was devel-
oped specifically for H2 /CO combustion. It consists of 14 species
and 30 reactions, and incorporates recent updates for rate param-

eters and third body efficiencies of a few key reactions. It also
includes modifications of thermodynamic and transport properties
for species relevant to high temperature H2 and CO oxidation. The
third mechanism is an updated comprehensive kinetic model for
hydrogen combustion. It consists of 19 elementary reactions and
11 species with associated rate coefficients and thermochemical
properties. In all the simulations, multicomponent diffusion and
Soret effects �thermal diffusion� have been included, as they have
significant influence on the calculated flame speeds.

Results and Discussions
The prime objective of this study is to measure the laminar

flame speeds and strain sensitivities of lean mixtures of H2 at
elevated preheat temperature and also compare the measurements
to model predictions in order to ascertain the validity of the H2
oxidation mechanism in the current models for syngas combus-
tion. As noted above, the emphasis on lean mixtures is based on
the earlier findings that the model predictions showed larger dis-
crepancies for leaner mixtures of H2 /CO fuels with medium and
high H2 content �15�. The effect of N2 dilution is also considered,
as many practical syngas fuels have significant amounts of dilu-
ents. For these comparisons, the flame temperatures were main-
tained at similar values as that of the undiluted mixtures.

Elevated Preheat Temperature Results

H2 With Standard Air. The strained flame speed for highly pre-
heated H2 air mixtures was measured for very lean conditions.
The 6.25 mm diameter burner was used with a stagnation surface
spacing of L /D=0.8. The measured strained flame speeds for vari-
ous strain rates at �=0.3 and 700 K preheat temperature are
shown in Fig. 4. The measured flame speed increases linearly as
the strain rate increases. The unstrained flame speed �Su

0� can be
estimated by linearly extrapolating the measured strained flame
speeds to zero strain rate. The mixture Markstein length �LM� or
strain sensitivity, a measure of the sensitivity of the flame speed to
strain, is found from the slope of the linear fit, i.e., Su=Su

0−LM�,
as shown in Fig. 4. The calculated unstrained flame speed and the
strain sensitivity with this approach are 214 cm /s and −0.013 cm.

Figure 4 also shows the predicted strained flame speeds from
the three models in the same strain rate range as that of the ex-
periments. The H2 /CO and H2 mechanisms overpredict the mea-
surements by 10% and 16%, respectively, for the investigated
strain rate range, while the GRI mechanism predictions fall below
the measurements by about 6%. These discrepancies should be
compared to the estimated uncertainties in the measurements and
modeling. The measurement precision, as indicated by the error
bars in Fig. 4, is within �3% for most of the measurements. As
described in the Appendix, uncertainties in the wall and nozzle

Fig. 3 Measured axial velocity along the stagnation streamline
for H2 with N2 diluted air „O2:N2 1:9… mixture at �=0.8 and
700 K preheat temperature „D=9 mm; L=6 mm…; figure insert
shows a layout of the nozzle generated wall stagnation flame
„WSF…

Fig. 4 Strained laminar flame speeds for mixture of H2 with air
at �=0.3 and 700 K preheat temperature; data „symbols and
linear fits… and OPPDIF predictions „lines…
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boundary conditions between the experiments and the 1D simula-
tions could lower the model results by no more than �2–3%.
Thus the differences between the numerical and experimental re-
sults are larger than the combined uncertainty of �4%. Yet the
differences are not too large �mostly within �10–15%�, so it can
be concluded that the model predictions are in reasonable agree-
ment with the measurements. The predicted strain sensitivities
�slopes in the equations of Fig. 4� from all the models are similar
�−0.015 to −0.019 cm�, and they are in reasonable agreement
with the measured strain sensitivity �−0.013 cm�, though some-
what higher �by 15–50%�.

The measured and predicted flame speeds for various strain
rates at �=0.5 are shown in Fig. 5. The linearly extrapolated
measured unstrained flame speed is 517 cm /s and the measured
strain sensitivity is −0.006 cm. Compared to the �=0.3 case, the
unstrained flame speed increases and the strain sensitivity de-
creases as expected for the richer mixture. The decrease in the
strain sensitivity is attributed to the decrease in the flame thick-
ness and also the increase in the concentration of the highly dif-
fusive deficient species �H2� as the equivalence ratio increases.
The strained flame speeds predicted by the GRI mechanism are
now in excellent agreement with the measurements. As with the
leaner mixture, the H2 /CO and H2 mechanisms overpredict the
measured flame speeds, by 12% and 15%, respectively, about the
same amounts as in the �=0.3 case. The predicted strain sensi-
tivities are even closer to one another in this case �−0.08 cm and
−0.09 cm� and are again somewhat higher �by 30–50%� than the
measured strain sensitivity �−0.06 cm�. Overall the agreement be-
tween the measurements and the predictions is good for the lean
H2 mixtures at elevated preheat temperature, with the GRI mecha-
nism appearing to provide results that are in somewhat better
agreement than the other two mechanisms. The flame speed re-
sults from the H2 and H2 /CO mechanisms are quite close, though
the H2 mechanism tends to overpredict the measured flame speeds
slightly more.

H2 With N2 Diluted Air. In order to investigate the effect of
dilution on highly preheated H2 mixtures, experiments were con-
ducted for pure H2 fuel with highly N2 diluted air �O2:N2 volume
ratio of 1:9�. The burner diameter used for this fuel mixture was
9 mm with an L /D of 0.66. The fuel-air ratios are chosen in such
a way that the adiabatic flame temperatures are similar as that of
the undiluted cases. Figure 6 shows the measured strained flame
speeds at �=0.8 and 700 K preheat temperature for a range of
strain rates. The measured flame speed increases nonlinearly with
the imposed strain rate, though the data appear closer to linear at
low strain. Also shown in Fig. 6 are the predicted strain flame
speeds in the same strain rate range as the measurements. Unlike

the measurements, the predicted flame speeds increase linearly
with strain rate. All three models overpredict the measured flame
speed. As in the undiluted cases, the GRI mechanism results are
closest to the measurements, and the H2 mechanism produces the
highest flame speeds. The GRI mechanism results are higher than
the measurements by �20% at lower strains, with the overpredic-
tion decreasing to 10% as strain increases. The H2 /CO and H2
mechanism results are higher than the measurements by 30% and
35%, respectively, at low strain rates, with the discrepancy again
decreasing at high strain.

Though the measured flame speeds increase nonlinearly with
strain, we can estimate the strain sensitivity by a linear fit to the
experimental results in the low strain region �1000–2000 s−1�
where the data are close to linear �see Fig. 6�. The magnitudes of
the strain sensitivities predicted by the models are again similar to
one another �0.014 cm and 0.016 cm�, but nearly three times
lower than the measured sensitivity �0.049 cm�. Thus if the results
are extrapolated back to zero strain �to produce estimates of the
unstrained flame speed�, this leads to even larger discrepancies
between the extrapolated model values �293–344 cm /s� and the
extrapolated measurements �208 cm /s�.

Experiments and simulations were also conducted for stoichio-
metric and rich ��=1.6� mixtures of H2 and N2 diluted air �Fig.
7�. As in the lean case, all three models overpredict the measure-
ments. Now, however, the model results are closer to one another
than to the measurements. The GRI mechanism again has the

Fig. 5 Strained laminar flame speeds for mixture of H2 with air
at �=0.5 and 700 K preheat temperature; data „symbols and
linear fits… and OPPDIF predictions „lines…

Fig. 6 Strained laminar flame speeds for mixture of H2 with N2
diluted air „O2:N2 1:9… at �=0.8 and 700 K preheat temperature;
data „symbols, dashed linear and solid nonlinear fits… and
OPPDIF predictions „lines…

Fig. 7 Strained laminar flame speeds for stoichiometric and
rich mixtures of H2 with N2 diluted air „O2:N2 1:9… at 700 K pre-
heat temperature; data „symbols and linear fit… and OPPDIF pre-
dictions „lines…
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smallest amount of overprediction �12% at �=1.0 and 10% at
�=1.6�, the H2 mechanism produces the highest flame speeds
�overprediction of 22% at �=1.0 and 15% at �=1.6�, and the
H2 /CO mechanism is in between �18% high at �=1 and 12% at
�=1.6�.

By comparing the results at �=0.8, 1.0, and 1.6 �Figs. 6 and 7�,
we find that the difference between the model predictions and the
measurements increases for the N2 diluted mixtures as the mixture
becomes leaner. This trend is very similar to the results for the
50:50 H2:CO fuel mixture at elevated preheat temperatures ob-
served in the earlier study �15�. It is also interesting to consider
the change in strain sensitivity with equivalence ratio. The mag-
nitude of the measured strain sensitivity decreases from 0.049 cm
at �=0.8 to 0.018 cm at �=1.0, and then increasing to 0.025 cm
as the equivalence ratio increases further to 1.6. This behavior is
expected and can be explained by the variation of the flame thick-
ness and the concentration of the deficient species �H2 or O2 in the
fuel lean or rich conditions, respectively� as the equivalence ratio
varies. In contrast to the measurements, the strain sensitivities
predicted by the models change only slightly despite the signifi-
cant variation in equivalence ratio.

Overall the results at elevated reactant temperature show that
the measured flame speeds and strain sensitivities are in good
agreement for undiluted lean H2 mixtures. On the other hand, the
measured flame speeds are overpredicted and the strain sensitivi-
ties are underpredicted for the N2 diluted mixtures, even though
the adiabatic flame temperatures are similar for both undiluted and
diluted cases.

Comparison With Room Temperature Results
To elucidate the effect of the preheat temperature on these ob-

served discrepancies between the measurements and the models, it
is important to consider the models’ performance at low preheat
temperature. To this end, the predicted unstrained laminar flame
speeds �from PREMIX� at room temperature are compared with
measured, unstretched laminar flame speeds from Egolfopoulos
and Law �22� for essentially the same fuel and oxidizer mixtures
and equivalence ratios used in the high preheat results presented
above. In their work, the unstretched laminar flame speed is cal-
culated by linear extrapolation of the measured strained flame
speeds determined in a counter flow flame �CFF�.

H2 With Standard Air. The ratio of the predicted unstrained
flame speeds to the measured �linearly extrapolated� values, for all
three models, is shown in Fig. 8 for both elevated preheat tem-
perature �700 K� and room temperature reactants �300 K�. For the
elevated preheat temperature, the models only slightly under- or
overpredict the measurements. Hence the predicted/measured
flame speed ratio is close to unity. On the other hand, Fig. 8

reveals that all three models significantly underpredict the experi-
mental results for the room temperature reactants. The H2 mecha-
nism, which was the farthest from the data at high preheat, now
produces results that are closest to the measured room temperature
flame speeds �15% too low at �=0.5�. The GRI mechanism, which
produced predictions closest to the high temperature flame speeds,
has the greatest discrepancy at room temperature, underpredicting
the measurements by 35% at �=0.5. In addition, the amount of
underprediction increases as the mixture becomes leaner for all
three models. For example, the H2 /CO mechanism underpredicts
the measurements by 20% at �=0.5 and 60% as the equivalence
ratio decreases to 0.35. Comparing the low and high temperature
results, it is evident that the predicted flame speeds increase with
preheat temperature faster than the measured values, and the good
agreement with the measurements at 700 K is somewhat
fortuitous.

It is interesting to note that ignition delay studies have also
found that the GRI and H2 /CO mechanisms have difficulty match-
ing experimental results at “low” temperatures for high H2 content
fuels, though they do well at higher temperatures. Specifically the
models were found to overpredict the ignition delay at �900 K
for lean, atmospheric pressure syngas fuel mixtures with high H2
content �23�.

H2 With N2 Diluted Air. The ratio of predicted and measured
flame speeds for H2 with N2 diluted air is shown in Fig. 9. As
indicated previously, the models overpredict the measurements for
high preheat with the amount of overprediction decreasing as the
equivalence ratio increases from 0.8 to 1.6. Like the undiluted
results, all the mechanisms underpredict the measurements for
room temperature reactants. In addition, the amount of underpre-
diction increases as the mixture moves away from near stoichio-
metric conditions. For lean mixtures, as opposed to the elevated
preheat case, the H2 mechanism is closest to the measurements
�within 10% and 30% at �=1.0 and 0.8�, and the GRI mechanism
results are the farthest �15% and 50% at �=1.0 and 0.8�. As the
mixture becomes fuel rich, all three mechanisms produce essen-
tially the same flame speeds. Comparing the low and high tem-
perature results, we again find that the models predict higher tem-
perature dependence for the flame speed than is found from the
measurements.

Summary and Conclusions
The effect of reactant preheating on the laminar flame speeds of

H2 mixed with air and with highly N2 diluted air has been inves-
tigated. Strained laminar flame speeds and strain sensitivities were
measured in a wall stagnation flame �WSF� with 700 K preheat
temperature. The measurements are compared with numerical pre-
dictions based on three leading chemical kinetic mechanisms,

Fig. 8 Ratios of the models predicted „PREMIX… and measured
unstrained laminar flame speeds for lean mixtures of H2 with
standard air at 300 K and 700 K preheat temperatures

Fig. 9 Ratios of the models predicted „PREMIX… and measured
unstrained laminar flame speeds for lean mixtures of H2 with H2
with N2 diluted air at 300 K and 700 K preheat temperatures
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each with its own thermal and transport property database and
each optimized for a different fuel system that includes oxyhydro-
gen reactions. It has been shown that the uncertainty in the ex-
perimental boundary conditions, mainly the downstream heat loss
from the products to the wall and the velocity boundary condition
at the wall, has insignificant effect �less than 3%� on the unburned
flame speed and strain sensitivity for typical fuel mixtures and test
conditions considered here.

For mixtures of H2 and standard air, the modeled flame speeds
and their sensitivity to strain are in reasonable agreement with the
measurements, at least for the lean conditions studied here. How-
ever, for mixtures of H2 and N2 diluted air, the models overpredict
the measured flame speeds and underpredict the strain sensitivities
even though the flame temperatures are in the same range as that
of the undiluted case. The amount of flame speed overprediction
increases as the mixture becomes leaner. Moreover in contrast to
the experimental results, all three models predict almost no varia-
tion in the strain sensitivity with equivalence ratio. These results
for lean H2 mixtures with N2 dilution are especially relevant to
low emission combustion applications involving syngas fuels that
contain significant hydrogen and diluent fractions.

In contrast to the elevated reactant preheat case, comparisons of
the model results to previous measurements for room temperature
reactants indicate that all the models significantly underpredict the
measured H2 flame speeds for both standard and N2 diluted air.
Also the amount of underprediction is higher for H2 with standard
air than for N2 diluted air. The model that produces the best results
for high preheat temperature �GRIMECH 3.0� has the largest discrep-
ancy at low temperature.

We therefore conclude that the temperature dependence of the
hydrogen flame speed as predicted by the models is greater than
the actual temperature dependence for both standard and diluted
air. Since all three models exhibit this same behavior, it is likely
that they share a common cause. The source could be an error in
the temperature dependence of one or more reaction rates, or in
transport properties; this is currently under investigation.
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Appendix

Effect of Wall Boundary Conditions
For all the strained flame speed predictions, the CHEMKIN op-

posed flow code was used with two premixed flames on either
side of the stagnation plane; the simulation is adiabatic. In the
experiments, however, a solid wall replaces one of the premixed
jets, which makes the system nonadiabatic due to the loss of heat
from the product gases to the solid wall. This could potentially
reduce the unburned strained flame speeds. Moreover in the op-
posed flame �CFF� case, the radial velocity gradient at the stagna-
tion plane is finite �due to a slip condition�, while for the single-jet
case it is zero at the plug wall �due to a no-slip condition�. This
zero radial velocity gradient changes the strain rate distribution in
the product zone, which could change the unburned flame speed.
In order to investigate the effects of both heat loss and no-slip
condition at the wall, a detailed numerical analysis was conducted
on a WSF configuration, and the results were compared with that
of the CFF case.

The WSF was simulated with the CHEMKIN opposed flow code,
but with modified boundary conditions. For the opposed flow code
there are two nozzles separated by distance L. The boundary con-
ditions at each nozzle exit are the same: T=Ti, F=�u /2, G
=�v /r, and for the species, the sum of convection and diffusion is
equal to the total inflow mass flux. Here, F and G are the param-
eters defining axial �u� and radial �v� velocities, respectively, and

they are functions of x only. To simulate the WSF, one of the
nozzle boundary conditions is changed as follows: the axial ve-
locity is zero �F=0�, the temperature is T=Twall, the radial veloc-
ity gradient is zero �G=0�, and for the species the diffusive ve-
locity is zero. All of these boundary conditions can be applied in
the opposed flow code by considering the top nozzle as a solid
wall and specifying u=0 and T=Twall. The other two boundary
conditions for the radial velocity gradient and the species are au-
tomatically satisfied. The distance between the nozzles has to be
reduced from L to L /2. Figure 10 shows the variation of the
temperature and radial velocity gradient along the axial direction
for both CFF and WSF for the same mixture and single-jet flow
rate. In this example, L=0.6 cm and the axial velocity at the
nozzle exit is 1.2 m /s. The temperature of the wall is 900 K �for
the WSF�.

For both cases, the flame is located �0.46 cm from the nozzle
exit. The temperature for the CFF case increases and reaches a
maximum �1717 K� at the stagnation plane. For the WSF case, the
temperature rise is nearly identical in the preheat zone, but it
reaches a lower maximum �1531 K� somewhere in the reaction
zone, afterward decreasing due to heat loss to the wall �and reach-
ing the specified 900 K at the wall stagnation plane�. The radial
velocity gradient, in a similar fashion to the temperature, increases
and reaches maximum at the stagnation plane for the CFF case.
For the WSF case, it increases and then decreases to zero at the
wall in order to satisfy the no-slip condition at the stagnation
plane. Thus there is a significant change in strain rate distribution
in the product zone close to the wall. Moreover the WSF is
slightly displaced further from the stagnation surface compared to
the counterflow �twin flame� case.

Numerical simulations of CFF and WSF were carried out for
H2 with N2 diluted air �O2:N2 1:9� at �=0.8 and 700 K preheat
temperature. This fuel composition is chosen for detailed investi-
gation because it is expected to be more sensitive to heat loss for
two reasons: �1� the flame is located closer to the wall �within
about two flame thicknesses� compared to the other cases reported
here, and �2� the temperature and velocity rise across the �weaker�
flame are smaller. Figure 11 shows the strained flame speed pre-
dicted with GRI MECH over a range of strain rates for both the CFF
and WSF. For the WSF, simulations were performed for two wall
temperatures �900 K and 1700 K�. The heat loss will clearly be
very small for Twall=1700 K, because the temperature at the stag-
nation plane for the CFF case is nearly of the same value. Hence
the effect of no-slip boundary condition at the wall should domi-
nate for this simulation. For the Twall=900 K case, however, the
amount of heat loss is much greater and hence the effect of both
heat loss and no-slip boundary condition can be studied.

The predicted strained flame speeds increase linearly for all
three cases over the range of strain rates simulated. Moreover the
predicted strain sensitivities are almost the same for all three

Fig. 10 Numerical simulation of CFF and WSF for H2 with N2
diluted air „O2:N2 1:9… at �=0.8 and 700 K preheat temperature
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cases. Comparing the strained flame speeds, the WSF predictions
are always �slightly� lower than the CFF predictions. The WSF
predictions with Twall=1700 K underpredict the CFF by less than
2%. Since the temperatures at the stagnation plane are nearly the
same for both cases, the zero radial velocity gradient at the wall is
seen to slightly reduce the strained flame speed. When the wall
temperature is reduced further, the predicted strained flame speed
decreases a bit more. For Twall=900 K, the predicted flame speeds
are now below the CFF results by less than 3% throughout the
strain rate range tested. Even though the flame �product� tempera-
ture is lower for the WSF due to greater downstream heat loss, the
unburned strained flame speed is not significantly altered �even
when the flame is located within two flame thicknesses from the
wall�.

Effect of Nozzle Boundary Conditions
The strained flame speeds presented here were calculated using

the CHEMKIN opposed flow code with plug flow boundary condi-
tions at the nozzle exit. Since the experiments employed a high
contraction ratio nozzle, the nozzle exit flow should be close to
plug flow. However, due to nonideal behavior at the nozzle exit
�wall boundary layer and pressure gradient induced by the stag-
nation condition�, the exit velocity profile could slightly deviate
from the plug flow boundary condition. This could potentially
change the minimum axial velocity �identified as the strained
flame speed� between the experiments and simulations for the
same imposed strain rate �defined as the maximum gradient in the

reactants�. For large deviations from plug flow, one would expect
the inflow boundary condition to approach a potential flow. There-
fore, detailed numerical simulations were performed for plug and
potential flow boundary conditions for the fuel mixtures and ex-
perimental conditions ��, L, and strain rates� reported here. Fig-
ure 12 shows the variation of the axial velocity for both boundary
conditions at identical strain rates. While the flame location for the
potential flow is closer to the nozzle than for the plug flow, the
minimum velocity before the flame is not affected significantly by
the change in boundary condition. The minimum velocity for the
potential flow case is 351 cm /s, while it is 345 cm /s for the plug
flow boundary condition �less than a 1.5% effect�. Similar analy-
ses were performed for a range of strain rates for mixtures of H2
with N2 diluted air at �=0.8 and 700 K preheat temperature �Fig.
13�. The predicted flame speed with potential flow boundary con-
ditions is less than that of the plug flow boundary conditions for
all the strain rates, but the difference between the two is within
2%. This indicates that the minimum velocity axial velocity is not
very sensitive to the boundary conditions �for the same applied
strain rate defined by the maximum velocity gradient ahead of the
flame�. Hence the small deviations from plug flow that might be
expected in the experimental nozzle boundary condition can be
neglected �at least for the mixtures tested here�.
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A Real-World Application of Fuzzy
Logic and Influence Coefficients
for Gas Turbine Performance
Diagnostics
This paper presents an example of the use of fuzzy logic combined with influence coeffi-
cients applied to engine test-cell data to diagnose gas-path related performance faults.
The approach utilizes influence coefficients, which describe the changes in measurable
parameters due to changes in component condition such as compressor efficiency. Such
approaches usually have the disadvantages of attributing measurement noise or sensor
errors to changes in engine condition and do not have the ability to diagnose more faults
than the number of measurement parameters that exist. These disadvantages usually
make such methods impractical for anything but simulated data without measurement
noise or errors. However, in this example, the influence coefficients are used in an itera-
tive approach, in combination with fuzzy logic, to overcome these obstacles. The method
is demonstrated using eight examples from real-world test-cell data.
�DOI: 10.1115/1.2940989�

1 Introduction
The goal of gas-path diagnostics is to identify the health of the

engine modules, such as the individual compressors and turbines,
from the measurement of engine performance parameters. An ac-
curate diagnosis enables the most time and cost effective mainte-
nance to be performed. Well known historical methods for such an
approach utilized weighted-least-squares concepts, based on Kal-
man filters �1–3�. While methods using these approaches have had
some success 4, new methods are being sought to improve the
state of the art. These new methods include the use of neural
networks and empirical models either in isolation or as adjuncts to
the Kalman filter �5–8�. Modifications of the Kalman approach
itself are also offered as solutions �9�.

These Kalman filter approaches rely on the use of influence
coefficients that provide a relationship between changes in engine
component health, such as efficiency, and corresponding changes
in measured engine parameters, such as spool speed. In this paper,
a modification to the use of influence coefficients is presented.
The application described here involves the use of fuzzy logic to
analyze solutions found using such influence coefficients. This
linear method is not intended for modern engines that have fea-
tures such as variable stator vanes or active clearance control,
which make engine performance behavior nonlinear �10�. Instead,
the method is presented as a practical approach to provide a ben-
eficial diagnostic capability to the user for an in-service engine
with relatively simple technology.

2 TF30 Engine Maintenance
The TF30 engine, for which the diagnostic method in this paper

is applied to, is operated by the RAAF in the F-111 aircraft. The
engine is a low bypass turbofan, with a mixed flow exhaust. The
low pressure spool features a three stage fan and an LPC �Stages
4–9�, both driven by the three stage LPT. The HPC is comprised
of Stages 10–16 and is driven by a single stage turbine �Fig. 1�.

In the early 1990s, personnels involved with the TF30 engine
maintenance decided to move toward a condition based approach
to reduce the costs and increase engine availability compared with
a strict fixed interval approach. Figure 1 shows some of the costs
associated with typical repairs to the various modules of the TF30
engine. The values in this figure represent either an opportunity to
reduce costs and time if the diagnosis is correct or a penalty if the
diagnosis is wrong. Such information can be very important when
trying to measure the benefit of a diagnostic approach �11�. Since
the engine predates modular design, the values for repair to the
LPC and HPC modules are much higher than for the other mod-
ules.

3 TF30 Engine Performance Diagnostics
In general, decisions about engine maintenance are avoided on

the basis of a single CM technique. Similarly, a number of engine
performance diagnostic approaches are used in an attempt to im-
prove the engine performance diagnosis reliability. Three diagnos-
tic approaches have been developed by DSTO for the TF30 en-
gine to make use of a wide variety of diagnostic information to
improve the reliability of the final diagnosis.

The first of these three methods involves the use of an adaptive
component-based thermodynamic cycle deck �12�. This method
can identify 11 faults using 12 measurands. However, the adaptive
model is slow to use with a simulation taking in the order of 5 min
�using a Pentium 2.8 GHz Duo core�. The second method �13�
involves a probabilistic neural network that compares the perfor-
mance loss observed in the engine that has been removed for
repair to the performance loss observed in previous engines prior
to their repair. This method is also used by a commercial diagnos-
tic tool �14�. The approach attempts to capture and utilize a
knowledge base that would exceed that which a human test-cell
operator may gain over many years of engine testing. This paper
describes a third method that utilizes influence coefficients pro-
vided by the OEM for the TF30 engine. Compared with the adap-
tive model, the method presented here obtains a diagnosis within
the order of 10 seconds.

4 Influence Coefficients
Influence coefficients describe the change in a measurable en-

gine parameter, such as N2 spool speed, due to a change in engine
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condition, such as a reduction in HPC efficiency. Influence coef-
ficients for two nominal faults are presented in Table 1.

These coefficients indicate that a 1% reduction in the efficiency
of a particular module, such as the fan, will increase N1 speed of
98 rpm, increase N2 speed of 55 rpm, etc. However, since mul-
tiple faults may exist at different severities to those tabulated for
the influence coefficients, a mathematical method is required to
enable such information to be efficiently utilized. Hence, a
method is presented in this paper that utilizes the influence coef-
ficients to identify the faults that will explain the performance
change that have been observed in a specific engine that is about
to undergo repair. The method is particularly suited to the situa-
tion where the number of possible faults exceeds the number of
performance measurements.

5 Autostack Approach
The diagnostic program presented here is known as “Au-

toStack” since it automatically selects faults at particular severi-
ties so that when combined together �or “stacked”� the total effect
of all the faults is as close as possible to the measured perfor-
mance degradation observed in the engine being diagnosed.

This section gives a brief overview of the AutoStack method,
before the important features are described in more details later in
this paper. The method uses an iterative approach, as indicated in
Fig. 2 by the bold lines. Within each iteration, the method uses a
least-squares algorithm to adjust the severity of many different
combinations of faults in an attempt to explain the performance
shift of five key engine parameters. Fuzzy logic is then used to
examine the many solutions and identify trends across them,

Table 1 Example of influence coefficients

Fault �N1
�rpm�

�N2
�rpm�

�TIT
�ºF�

�Ps3 /Pt2% �Ps4 /Pt2%

Fault A 98 55 20 0.8 1.0
Fault B −9 −121 −3 1.8 −0.1

Fault A: 1% reduction in efficiency of module X
Fault B: 1% reduction in mass flow of module Y

Fig. 1 Engine configuration and maintenance costs and times

Fig. 2 Schematic of the AutoStack diagnostic process
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rather than focusing on any individual solution. If a fault is used
in many solutions, the fuzzy logic recognizes this fault as existing
in the engine. The effects of these faults are then removed from
the performance change or loss observed in the engine, and the
subsequent loops of the iteration process attempt to identify the
faults causing the remaining performance change.

6 Performance Symptom
The first step of the process is to calculate the change in engine

performance, or symptom, that has occurred due to the degrada-
tion of the engine while it has been in service �Fig. 2, Step 1�.
When TF30 engines are removed from an aircraft for mainte-
nance, the engines are run in the test cell prior to maintenance,
unless their condition prevents this, such as due to excessive FOD.
This increases the ability to identify multiple faults within the
engine, in comparison to often a single known fault, which is the
reason for engine removal, so that while the engine is stripped for
repair other faults can be simultaneously repaired. This helps
avoid the situation of faults being found during the postrepair
acceptance test, which may either cause the engine to fail the test
and require a second repair or shorten the time on wing that the
engine is likely to achieve before requiring removal again. These
prerepair fault data are compared with previous no-fault data from
the same engine, such as data from an acceptance test conducted
after a previous overhaul, or other data for which the gas-path
condition was considered to be in a reasonable state of health.

The engine’s performance symptom is calculated by subtracting
the no-fault data from the fault data, such that an increase in a
parameter with the passage of time, such as spool speed, will give
a positive delta. The fault and no-fault data are recorded at Mili-
tary PLA and corrected to standard day conditions. However, an
additional adjustment is made to correct the data to a standard
engine pressure ratio �EPR� value. The use of a standard EPR
value gives the data a more consistent performance base line than
data purely recorded at the same power lever setting.

For the AutoStack method, the symptom consists of changes in
five parameters, these being N1, N2, TIT, Ps3/Pt2 �pressure ratio
over the fan and LPC combination�, and Ps4/Pt2 �pressure ratio
over the fan, LPC and HPC combination�. The choice of these
parameters for the symptom is largely due to the fact that these are
the parameters for which the influence coefficients were available.
Fuel flow �WF� could have been utilized; however, while the test-
cell WF meter is very accurate, the characteristics of the engine’s
operation are such that the WF value needs to be recorded over a
long period of time �in the order of a minute or more� before a
stable value is achieved. Since the diagnostic approach proposed
here uses data recorded in normal day-to-day test-cell operation,
as compared to during test-cell calibration or correlation exer-
cises, such a long recording time is not practical.

The engine data are recorded by a PC-based data acquisition
system that is standard fitment for the test cells �12�.

7 Least-Squares Non-Negative Algorithm
The performance symptom, calculated above, is then used in a

non-negative least-squares algorithm1 �Fig. 2, Step 2� to identify
which faults, and at what severities, can be combined to best
account for the observed change in performance of the engine.
The method has 17 faults that can be used to explain the perfor-
mance change observed �Table 2�. A non-negative form of the
least-squares algorithm is used to restrict the fault severities to be
one sided to match the expected practical behavior. For example,
efficiencies and mass flows of the compressors and efficiencies of
the turbines are only allowed to decrease, while turbine NGV
areas and bleed leaks are only allowed to increase. Physical inter-
ference of the exhaust nozzle flaps effectively prevents decreases
in the exhaust nozzle minimum area.

8 Parsimonious Approach
Within the inner loop of the process, the approach seeks to

identify how well any single fault can account for the performance
symptom, and how well any combination of two, three, four, or
five faults can account for the symptom. The traditional approach
to this problem would be to only seek combinations of five faults
to explain the performance change that has occurred in the five
engine parameters. This relies on the fact that if fewer than five
faults can obtain a solution, the process should produce solutions
where some faults have a zero level of severity. While this is true,
trial and error has found that explicitly seeking solutions with
fewer faults provides a larger number of solutions that have low
error, and these extra solutions enable the fuzzy logic to make a
better summary of the general diagnosis. In contrast, the tradi-
tional approach only identifies the solutions with zero error. The
use of fewer than five faults is known as the parsimonious ap-
proach, which means that “no more faults than are necessary” to
explain the performance change should be sought.

9 Fuzzy Logic
Fuzzy logic is used within each loop to analyze the solutions of

the least-squares algorithm and use this information to sort the
faults into heuristic categories describing the probability of their
existence �Fig. 2, Step 3�. The membership function for these
categories is shown in Fig. 3, and their interpretation is given in
Table 3.

In the first loop, all faults are initially classified as “possible,”
and the fuzzy logic then sorts them during each subsequent loop
using the fault’s current categorization, and two statistics calcu-
lated from the potential solutions to obtain the fault’s new catego-
rization. The fuzzy logic rules used to categorize the faults are
shown in the Appendix. The first statistic these rules use is the
number of potential solutions, which feature each fault known as

1This is implemented via the standard MATLAB “lsqnonneg” function.

Table 2 Fault list

No. Fault

1 Fan—efficiency reduction
2 Fan—mass flow reduction
3 LPC—efficiency reduction
4 LPC—mass flow reduction
5 HPC—efficiency reduction
6 HPC—mass flow reduction
7 HPT—efficiency reduction
8 LPT—efficiency reduction
9 HPT NGV area increase

10 LPT NGV area increase
11 Exhaust nozzle area increase
12 Burner pressure loss
13 Anti-ice bleed leak
14 LPC seventh stage bleed leak
15 HPC 12th stage bleed leak
16 HPC 16th stage bleed leak to fan duct
17 HPC 16th stage bleed leak overboard

Fig. 3 Membership function for fault probability categories
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the “count.” The second statistic is the average severity at which
each fault occurs in these potential solutions, or the “fault sever-
ity.” Both the count and fault severity can be low, medium, or
high, and these classes are defined by their respective membership
functions �Figs. 4 and 5�.

If a fault is categorized as “eliminated,” then it is removed from
the list of faults available to explain the performance change. If a
fault is categorized as “identified,” it is also removed from the list
of faults available to explain the performance change, but, in ad-
dition, its effect at its nominated severity is removed from the
symptom, such that in the next iteration the process seeks the
additional faults that account for the remaining portion of the
symptom �Fig. 2, Step 4�.

The benefit of the iterative nature of the process is to enable the
faults to be categorized gradually. Since in the first loop, all faults
are classified as possible, only the first nine rules �Appendix� will
apply in the first loop. This small number of rules results in some
faults initially being classified identically. However the subse-
quent iterations, which utilize all the rules, will apply a finer de-
gree of categorization.

10 Validation Examples
The section below illustrates the AutoStack approach by using

an example explained in detail. Final results are then provided for
additional validation examples. These examples �Table 4� are en-
gines in which a particular fault was clearly identified during the

course of the repair. The performance data associated with these
repairs have then been retained to form real-world validation
cases for testing diagnostic processes.

However, prior to using these examples in the method and pre-
senting the results, some analysis of these examples is required. In
particular, it is useful to investigate how “large” the faults in these
examples are expected to be since large faults should be easier to
detect than much smaller faults.

The faults can only be observed via the engine’s performance
change or symptom. A useful metric against which to measure the
size of this performance change, to identify how large or small it
is, is the engine-to-engine performance variation that naturally
occurs within the fleet of healthy in-service engines.

Figure 6 shows the engine-to-engine variation of the five pa-
rameters used in the AutoStack diagnostic method. The variation
shown is the standard deviation of the parameter at a fixed value
of EPR. �This variation is approximately half the variation that
occurs at a specific PLA.� Since all parameters have different
units, the standard deviations have been expressed as a percentage
of their nominal value. These data have been calculated from 186
performance records from 56 individual TF30 engines.

Figure 6 also shows how the performance change for Case 1, an
increased exhaust nozzle area, compares to the engine-to-engine
variation. As can be seen, the symptom is larger than the engine-
to-engine variation for every parameter. The performance change

Table 3 Fault categories and interpretation

Category Interpretation

Identified The diagnosis has a high confidence that this fault
exists; the symptom cannot be explained without the
presence of this fault.

Quite possible The chance of this fault occurring is greater than 60%,
but there is a small chance that it does not exist.

Possible It is possible for this fault to exist in this engine, but
there is an equal chance that it does not exist.

Unlikely This fault is unlikely to be causing part of the given
symptom; there is only a small chance of it occurring.

Eliminated This fault is very unlikely to be part of the given
symptom; it has been eliminated from occurring in this
engine.

Fig. 4 Membership function for fault count

Fig. 5 Membership function for fault severity

Table 4 Validation cases for the diagnostic process

Case Description of known fault

Case 1:
Increased exhaust
nozzle area
Engine Serial No.
8841

One of the actuators on the exhaust nozzle was
found to be limited in its travel, causing two nozzle
segments to not close properly, thereby increasing
the minimum nozzle area by approximately 1.5%.

Case 2:
LPT untwist.
Engine Serial No.
8946

During a hot-end repair of this engine, every turbine
blade in the second and third stages of the LPT
turbine blade failed a shroud rotation check due to
untwisting of the blade. The level of untwist was
considered excessive as the measured values were
between four to five times greater than the allowed
limits.

Case 3:
HPC bleed leak
Engine Serial No.
8945

During an engine run, one of the 12th stage bleed
valves became unscrewed and was dislodged from
the engine. There are eight bleed valves, hence
1/8th of the 12th stage bleed flow was lost.

Case 4:
LPC bleed open
Engine Serial No.
6627

This is an artificial example created by manually
operating the bleed switch to fully open the seventh
stage bleed system while the engine was at military
power.

Case 5:
LPT repair
Engine Serial No.
9047

This engine underwent a LPT repair 680 h after
being overhauled. The repair was 114 h early as an
internal oil leak required repair. Hence, the LPT had
accumulated a large portion of its expected service
life and so would be likely to show some
degradation.

Case 6:
LPC Bleed leak

This engine featured an incorrect adjustment of the
solenoid that activates the seventh stage �LPC�
bleed system, resulting in a leak of mass flow from
the LPC.

Case 7:
HPT NGV erosion
Engine Serial No.
6611

Borescope �RVI� inspection revealed a streaking fuel
nozzle had caused total erosion of one HPT NGV,
and partial erosion of the two adjacent vanes, out
of the set of 40 NGVs. The other LPT and HPT
parts should be in reasonable condition since a
hot-end service had occurred 200 h prior.

Case 8:
PCP/Ps4 ratio
Engine Serial No.
4017

This engine featured a ratio between the turbine
cooling air pressure �PCP� and the Ps4 pressure �its
source�, of 0.73, compared to the limits of 0.63–
0.70. It was found that this was due to an assembly
error in the turbine module involving components,
which control the volume of the turbine cooling air.
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due to the fault varies from almost four times larger than the
engine-to-engine variation �for Ps4/Pt2�, to just less than two
times as large �for N2�.

In order to classify the size of these performance changes, or
symptoms, the guidelines in Table 5 have been developed. Using
these criteria, the performance change for Case 1 is described as
large.

As another example, Fig. 7 shows the symptom for Case 2
�LPT untwist� compared with the engine-to-engine variation. Only
the change in TIT is greater than 1� of the engine-to-engine varia-
tion. This performance change is considered medium, as the
change in TIT is about twice the engine-to-engine variation.

Figure 8 shows the performance change in Case 7, which is
described as small. The classification of all the cases is shown in
Table 6. The validation examples contain a good range of faults,
from those that are very large and should be clearly detected to
those which are very small and will be a challenge to find.

11 Example 1: LPT Untwist (Case 2)
This example illustrates the method, giving insight into how the

process obtains the final results. As previously stated, the fault for
this example involved an excessive degree of untwist of the LPT

turbine blades. For this engine, a test-cell file recorded almost two
years prior was utilized as the no-fault data. Alternatively, average
postoverhaul data could be utilized. The results vary little depend-
ing on which file is used for the no-fault data set.

The performance symptom �or change� calculated for this en-
gine �Fig. 2 step 1� is as follows.

• N1 has decreased to 21 rpm.
• N2 has increased to 88 rpm.
• TIT has increased to 39°F.
• Ps3/Pt2 has decreased to 0.8%.
• Ps4/Pt2 has decreased to 0.1%.

When this symptom is inputted into the first iteration of the
AutoStack process, with all 17 faults categorized as possible,
three solutions are found that met the minimum remaining error
tolerance. Each of these three solutions comes from using a dif-
ferent number of faults to explain the performance change. The
three solutions found at this stage are solutions in Columns 9
�three faults�, 4 �four faults�, and 1 �five faults�, as shown in Table
7.

When all the partial solutions using the 17 individual faults, and
the 30 best solutions from using the combinations of two, three,
four, and five faults are analyzed by the fuzzy logic, it eliminates
three faults.

In the second iteration of the process, no additional solutions
are found. However further sorting of faults into the various cat-
egories will occur in this second loop, since the fuzzy logic Rules
10–29 will be activated, as all the faults are no longer classified
possible. In this example, the fuzzy logic now categorizes the LPT
NGV area fault as identified at a severity of 0.958. Hence, the
diagnostic process removes the effect of this fault at that severity,
from the original symptom, by utilizing the influence coefficients.
This results in a remaining unexplained symptom of the follow-
ing:

• N1 decrease of 3 rpm
• N2 decrease of 15 rpm
• TIT increase of 32°F
• Ps3/Pt2 increase of 1.3%
• Ps4/Pt2 increase of 0.2%

Fig. 6 Standard deviation of the engine-to-engine parameter
variation compared to the performance change for Case 1

Table 5 Criteria for describing the size of the performance
changes

Description Criteria

Very large At least one parameter �5�e-e
Large At least one parameter �3.5�e-e
Medium At least one parameter �2�e-e
Small At least one parameter �e-e
Very small All parameters �e-e
e-e: 1� of the engine-to-engine parameter variation

Fig. 7 Symptom of Case 2 „LPT untwist… compared to engine-
to-engine variation

Fig. 8 Symptom of Case 7 „HPT NGV erosion… compared to
engine-to-engine variation

Table 6 Classification of validation examples

Description For current examples

Very large LPC bleed open �4�
Large LPC bleed leak �6�, Exhaust nozzle area �1�
Medium LPT untwist �2�
Small HPC bleed leak �3�, LPT repair �5�, HPT NGV erosion

�7�
Very small PCP/Ps4 ratio �8�
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This remaining symptom is now fed into the third iteration of
the process, with 13 faults remaining available to explain this
performance loss, since three faults were eliminated and one fault
identified from the original 17 faults. In the third iteration of the
process, a further three new solutions, which met the minimum
error, are found. Since the LPT NGV area fault has been identified
at the severity of 0.958, this fault is now part of every solution
given, as it is required to explain a portion of the total symptom.
The three additional solutions found in this second loop are 7, 5,
and 3 �Table 7�. For this example, no further faults are identified
or eliminated in the third iteration.

In the fourth iteration, no new solutions are found but the fuzzy
logic classifies a second fault as identified, being a burner pressure
loss at a severity of 0.769. Again, the effect of this fault is re-
moved from the remaining unexplained symptom, which is then
fed into the fifth iteration.

In this last iteration, three new solutions are found �8, 6, and 2�.
The detailed results achieved after the last iteration are shown in
Table 7, and are an accumulation of results from two parts of the
process. The solutions numbered 1–9 have come from Output A,
within Fig. 2, while the probability and fault severity columns
have come from the fuzzy logic summarization, identified as Out-
put B. While the user has access to the details of the individual
solutions, the probabilities and severities are the key information
that is presented to the user, as this is a summary of the diagnostic
trends that have been found after examining all the solutions,
rather than just selecting a single solution and providing that as
the final or only answer to the user. The summary of this infor-
mation, as presented to the user, is shown in Table 8, where the
faults are in order of decreasing probability.

The diagnosis in Table 8 has identified the correct fault, al-
though it has also identified a second fault, which on a black-and-
white level is incorrect, but in reality is not unrelated to the pri-
mary fault.

This example demonstrates the benefits of the fuzzy logic ap-
proach. Solutions 1, 2, and 3 are three solutions with zero error,
such as those obtained with traditional diagnostic approaches us-
ing influence coefficients. However, these three solutions all uti-
lize a number of faults at significant severities. An examination of
them does not easily lead the user to the conclusion that an in-
creased LPT NGV area is the primary fault. In comparison, the
fuzzy logic examines trends across a large range of solutions, and
is able to summarize these in a deterministic and repeatable fash-
ion.

12 Results for Additional Examples
Table 9 provides the final results for the additional validation

cases itemized in Table 4 �with the exception of Case 6 for which
the results have been presented in Table 8.�. These results show,
for each case, all the faults that achieved a category of possible or
above. Hence, only the unlikely and eliminated faults are not
shown.

As can be seen in virtually every example, the diagnostic
method has correctly identified the known fault. Case 3 for the
HPC bleed leak had a performance change that was “small” and is
arguably the only example, which has returned a diagnosis that
does not clearly and unambiguously identify the known fault.

The method could also not identify any fault with Case 8. How-
ever, this fault had a very small performance effect on the param-
eters used for diagnosis. In this example, one parameter �N2� had
a performance change equal to only half the � of the engine-to-
engine variation for N2, and two parameters were in the order of
one-fifth of the � of the engine-to-engine variation for their re-
spective parameters. The remaining two parameters displayed no
change. Hence, this nonresult is understandable. The good news

Table 7 Detailed results for Case 2, LPT untwist

Fault Probability Severity 1 2 3 4 5 6 7 8 9

1 Fan � 0.25 0.41 0 0.442 0 0.787 0 0 0.793 0 0.940
2 Fan mf 0.29 0.33 0 0 0.265 0 0.377 0.294 0 0 0
3 LPC � 0.20 0.47 0 0 0.772 0 0.391 0 0 0 0
4 LPC mf 0.34 0.55 0 0.749 0.085 0 0 0 0 0 0
5 HPC � 0.62 0.30 0 0.317 0.492 0 0.593 0.406 0.594 0.204 0
6 HPC mf 0.49 0.27 0.363 0.275 0 0.292 0 0.278 0 0.144 0.288
7 HPT � 0.13 0.28 0 0 0 0 0 0 0 0 0
8 LPT � 0.70 0.97 0 0 0 1.255 0.646 0 0.692 0 1.390
9 HPT NGV area 0.49 0.56 0 0.067 0 0 0 0 0 0 0

10 LPT NGV area 0.89 0.96 0.646 0.958 0.958 0 0.958 0.958 0.958 0.958 0
11 Ex noz area inc. 0.32 0.43 0 0 0 0 0 0 0 0 0
12 Burner p loss 0.88 0.77 0.876 0.769 0.314 0 0 0.769 0 0.769 0
13 AI bleed leak 0.08 0.16 0 0 0 0 0 0 0 0 0
14 LPC bleed leak 0.34 0.54 0.403 0 0 0 0 0 0 0 0
15 12th bleed leak 0.32 0.78 0 0 0 0 0 0.996 0 0 0
16 16th bleed to FD 0.11 0.33 0 0 0 0 0 0 0 0 0
17 16th bleed to OB 0.40 0.77 1.108 0 0 0.244 0 0 0 1.211 0

Error 0.000 0.000 0.000 0.002 0.003 0.003 0.037 0.064 0.070

Table 8 Summary of results for Case 2, LPT untwist

Fault Severity Probability Category

LPT NGV area +1.0% 89% Identified
Burner p loss +0.8% 88% Identified
LPT � −1.0% 70% Quite possible
HPC � −0.3% 62% Quite possible
HPC mf −0.3% 49% Possible
HPT NGV area +0.6% 49% Possible
16th bleed to OB +0.8% 40% Possible
LPC mf −0.6% 34% Unlikely
LPC bleed leak +0.5% 34% Unlikely
Ex noz area inc. +0.4% 32% Unlikely
12th bleed leak +0.8% 32% Unlikely
Fan mf −0.3% 29% Unlikely
Fan � −0.4% 25% Unlikely
LPC � −0.5% 20% Unlikely
HPT � −0.3% 13% Eliminated
16th bleed to FD +0.3% 11% Eliminated
AI bleed leak +0.2% 8% Eliminated
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of the results for this case is that the method has returned a null
finding rather than giving an erroneous diagnosis.

The approach has correctly identified the relative difference in
the size of the seventh stage LPC bleed leak between Case 6,
which was a partial leak, and Case 4 in which the bleed valve was
fully open. These two related cases provide a useful guide be-
tween the size of bleed leak found in the field and the severity as
diagnosed by the method. Thus, if a future diagnosis identifies a
leak of 2%, it will be known that a leak less than half of what was
found in Engine Serial No. 6622 is being sought. Conversely, if a
future diagnosis predicts a severity well in excess of the 6.3%
found when the bleed was fully open, the practical ability for a
fault of that size to occur should be questioned.

Although the method has indicated the presence of two very
different faults for Case 1, when only one is expected, this is not
seen as a potentially misleading or ambiguous result in this ex-
ample. This is because verifying the occurrence of faults should
be investigated with some consideration of the cost or time that is
required to perform this task, and not just investigated on the basis
of the probability of their existence. Hence, when one considers
the relative cost of inspecting the exhaust nozzle final area �virtu-
ally 0$�, compared to refurbishing the HPC �$300,000�, a sensible
course of action would be to inspect the exhaust nozzle first, in

which case the true fault will be found without wasted expendi-
ture, irrespective of which of the two faults is actually in exis-
tence.

13 Results With Simulated Examples
This section includes some results of simulated examples to

further demonstrate the method capability for fault combinations
that are not illustrated by any of the real-world validation ex-
amples. While it is usually easy to identify LP spool problems
from HP spool problems, it is usually more difficult to distinguish
between the compressor and turbine faults on the same spool.
However, Examples 1, 2, and 3 in Table 10 demonstrate that the
AutoStack approach can distinguish HPT faults from LPT faults,
and distinguish HPT faults from HPC faults. For Examples 1, 2,
and 3, the method has identified the correct faults with a high
probability and a severity very close to the actual severity. Only
for Example 2 is there some incorrect attribution of the LPT fault
to the HPT, but this is at a much lower probability and so is
unlikely to be a misleading diagnosis.

Examples 4 and 5 demonstrate how well the method works
when faults exist in two different modules. Example 4 contains
one fault in each module, while Example 5 has two faults in each
module. These examples demonstrate that the method will identify
the faulty modules correctly, although for some combinations of
faults it may also incorrectly identify other faults.

14 Practical Aspects of Real-World Fault Diagnosis
This section discusses three difficulties that are encountered

when trying to apply diagnostics to real-world data. Despite some
of the difficulties that occur when using real-world data, the great
benefit is that a much more realistic indication of the method’s
true capability should be given than when using simulated data,

Table 9 Diagnostic results for additional examples

Case 4: Seventh bleed open–very large
Fault Severity Probability Category

LPC bleed leaka +6.3% 90% Identified
Fan mf −0.7% 86% Identified
AI bleed leak +0.2% 64% Quite possible
12th bleed leak +0.7% 51% Possible
HPT NGV Area +0.3% 49% Possible
16th bleed to OB +0.4% 42% Possible
Ex. noz area inc. +0.2% 41% Possible

Case 1: Increased exhaust nozzle area—large
Fault Severity Probability Category

Ex. noz area inc.a +2.8% 90% Identified
HPC mf −1.0% 89% Identified
LPT NGV area +0.7% 67% Quite possible
LPT � +0.6% 44% Possible
Case 6: LPC bleed leak—large
Fault Severity Probability Category

LPC bleed leaka +4.7% 90% Identified
Burner p loss +0.3% 70% Quite possible
Fan mf −0.1% 41% Possible
Case 5: LPT repair—small
Fault Severity Probability Category

LPT NGV areaa +0.7% 87% Identified
Case 3: HPC bleed leak—small
Fault Severity Probability Category

HPT NGV area +0.4% 69% Quite possible
HPC mfa +0.3% 50% Possible
LPT NGV area +0.9% 41% Possible
Case 7: HPT erosion—small
Fault Severity Probability Category

HPT NGV areaa +1.3% 89% Identified
Case 8: PCP/Ps4 ratio—very small
Fault Severity Probability Category

All faults eliminated

aCorrect fault.

Table 10 Results for simulated faults

Actual faultsa Diagnostic resultsb

Fault Severity,
%

Severity,
%

Probability
%

Category

Example 1: HPT only fault
HPT � −2.0 −2.0 90 Identified
HPT NGV area +1.0 +0.9 89 Identified

Example 2: LPT only fault
LPT � −2.0 −2.0 90 Identified
LPT NGV area +1.0 +1.4 90 Identified
HPT � 0 −0.3 49 Possible
Ex noz area inca +0.1 +0.3 49 Possible

Example 3: HPC only fault
HPC � −2.0 −2.0 90 Identified
HPC mf −1.0 −1.2 90 Identified

Example 4: LPC & HPT double module fault
LPC � −2.0 −1.3 90 Identified
HPT � −1.0 −0.9 81 Identified
Burner p loss 0 +0.6 81 Identified
HPT NGV area 0 +0.9 48 Possible
LPC bleed leaka +0.1 +0.9 42 Possible

Example 5: HPC & HPT double module fault
HPC mf −1.0 −1.8 90 Identified
HPT � −2.0 −4.7 90 Identified
HPT NGV area +1.0 +0.5 76 Quite possible
HPC � −2.0 −0.3 50 Possible

aFor Examples 1, 2, 3, and 4, three additional faults of a small severity were also
included in addition to the two faults listed in Table 10. These three small faults were
nozzle area inc +0.1, fan �−0.2, and LPC bleed leak +0.1. For Example 5, only the
small LPC bleed leak fault was used. The purpose of these small faults was to
simulate measurement errors and additional faults due to the degradation of the entire
engine to make the simulated examples more representative of real-world conditions.
These additional small faults were not expected to be correctly diagnosed.
bThe results only show the faults categorized as possible or higher. Hence, all undis-
played faults were categorized as unlikely or eliminated.
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that even with noise added often produces unrealistically high
success rates �15�. Very few papers demonstrate the ability of
gas-path diagnostic methods using real-world data �4,16,17�.

The first practical difficulty involves identifying, when the en-
gine is stripped, if the predicted faults, or what other faults, did
exist in the engine. It is difficult to identify what faults are in the
engine for many reasons, some of which include a lack of suitable
qualified staff to inspect parts and a lack of time to perform de-
tailed inspections. For example, a study to identify the physical
causes of increased fuel consumption in the CF6–50 engine �18�
used four teams of five people—with each team consisting of a
mechanical designer, an aerodynamicist, an airline service hard-
ware engineer, a performance engineer, and a performance resto-
ration specialist— to study each of the four major engine sections.
Such a detailed study cannot occur for day-to-day diagnosis and
validation. Thus, only significant defects, which will only occur in
a few engines, are likely to be identified in a production engine
repair facility.

Hence, while there was a single particular fault associated with
each of the repairs of the eight validation cases �Table 4�, in many
of them the engine will also have had normal wear and tear on all
the gas-path components. Hence, there will be additional faults
within the engine, which have remained undiscovered due to their
more insidious nature. Hence, while the diagnosis of these repairs
is expected to identify a certain fault, it is not necessarily “wrong”
if the diagnosis also identifies other additional faults �although
these would be expected to have a lower severity�.

A second practical difficulty involves identifying suitable data
to represent the no-fault performance of the engine being investi-
gated. This is particularly true for an approach using test-cell data,
as the opportunities for obtaining data can be very limited. In
many cases, it is often advisable to use the average performance
of postoverhauled engines as the source of no-fault data, from
which to calculate the performance change. The diagnosis ob-
tained using the average postoverhaul performance as the no-fault
data can be compared with a second diagnosis obtained using a
file, which is from the actual engine being investigated and which
is considered as possibly being suitable to represent the no-fault
condition. If the diagnoses are similar, then one has more confi-
dence. If the diagnoses are different, then one must consider if the
no-fault data are reliable, or if this engine’s normal operation is an
outlier when compared with the average performance of a posto-
verhauled engine.

Measurement error is a third aspect of real-world fault diagno-
sis. For this aspect, the utilization of test-cell data is a benefit, for
several reasons. First, some sensors have extra scrutiny that does
not occur in-flight. For example, rather than recording a single
exhaust gas temperature �EGT� value, the TF30 test-cell system
displays the values of all seven thermocouples in the EGT har-
ness. Hence, a failed sensor is much easier to detect. Second,
multiple sensors also exist for fan inlet temperature and pressure,
greatly reducing the chance of errors on these parameters. Hence,
the number of sensors, which are likely to fail and not be detected
when using test-cell data, is reduced compared to in-flight data.

15 Conclusions
A diagnostic process to identify module level engine perfor-

mance faults has been presented and validated using eight ex-
amples from real-world test-cell data. The approach examines
many combinations of faults in an attempt to explain the perfor-
mance degradation observed in the engine undergoing repair. This
aspect of the process enables the status of 17 faults to be deter-
mined, despite only five engine parameters being used. The
method correctly identified the faults for all examples except for
one fault, which had a very small degradation effect on the engine
performance. Very small faults are defined as having an effect on
the engine’s performance that is less than half the standard devia-
tion of the engine-to-engine variation of the engine fleet.

The primary feature of the process is the use of fuzzy logic to
classify faults into categories describing the likelihood of the fault
existing in the engine being diagnosed. The use of fuzzy logic has
two benefits. First, it enables the diagnostic process to give a
probability of the fault’s existence, which is a unique feature. The
vast majority of diagnostic processes indicate what the predicted
faults are and their associated severity, but do not also indicate the
confidence of the diagnosis. Second, the use of fuzzy logic en-
ables a number of solutions to be summarized into a single solu-
tion, such that the dominant faults are identified, rather than faults
whose existence is likely to occur only to create a solution with
low mathematical error. This aspect of the process should reduce
the effect of small measurement errors since the method seeks
large faults that are consistently used in many solutions, rather
than offering a single solution with zero or low error as the final
diagnosis.

Two secondary features of the diagnostic process are the itera-
tive nature of the method and the parsimonious approach, which
explicitly seeks solutions with less than five faults to explain the
performance change of five parameters. Both of these features
increase the robustness of the summarization process by providing
additional solutions with low error and enabling the fuzzy logic to
utilize a richer �larger� set of fuzzy rules.

The use of the engine-to-engine variation that naturally occurs
within a fleet of healthy engines is demonstrated as a practical
basis against which to compare the size of the observed perfor-
mance changes in a particular engine. This is important informa-
tion as faults with large effects on the engine’s performance
should be easier to diagnose than faults with a small effect.
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Nomenclature
CM � condition monitoring

EPR � engine pressure ratio �Pt7/Pt2�
FD � fan duct

FOD � foreign object damage
HPC � high pressure compressor
HPT � high pressure turbine
LPC � low pressure compressor
LPT � low pressure turbine

N1 � low pressure spool speed
N2 � high pressure spool speed

NGV � nozzle guide vane
OB � overboard

OEM � original equipment manufacturer
PLA � power lever angle
Ps3 � LPC exit static pressure
Ps4 � HPC exit static pressure
Pt2 � Fan inlet total pressure
Pt7 � LPT exit total pressure

RAAF � Royal Australian Air Force
RVI � remote visual inspection

SOA � spectrometric oil analysis
TIT � turbine inlet temperature
Tt2 � fan inlet total temperature
Wa � air mass flow

� � efficiency
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� � standard deviation

Appendix: Fuzzy Logic Rules
When old_category is “possible”:

1. If �count is high� and �severity is low� and �old_category is
possible� then �new_category is possible�

2. If �count is high� and �severity is medium� and �old_cat-
egory is possible� then �new_category is quite_possible�

3. If �count is high� and �severity is high� and �old_category is
possible� then �new_category is identified�

4. If �count is medium� and �severity is low� and �old_category
is possible� then �new_category is unlikely�

5. If �count is medium� and �severity is medium� and �old_cat-
egory is possible� then �new category is possible�

6. If �count is medium� and �severity is high� and �old_cat-
egory is possible� then �new category is quite_possible�

7. If �count is low� and �severity is low� and �old_category is
possible� then �new category is eliminated�

8. If �count is low� and �severity is medium� and �old_category
is possible� then �new category is unlikely�

9. If �count is low� and �severity is high� and �old_category is
possible� then �new category is possible�

When old_ category is “quite_ possible”:

10. If �count is high� and �severity is low� and �old category is
quite_possible� then �new category is quite_possible�

11. If �count is high� and �severity is medium� and �old cat-
egory is quite_possible� then �new category is identified�

12. If �count is high� and �severity is high� and �old category is
quite_possible� then �new category is identified�

13. If �count is medium� and �severity is low� and �old cat-
egory is quite_possible� then �new category is quite_pos-
sible�

14. If �count is medium� and �severity is medium� and �old
category is quite_possible� then �new category is quite-
_possible�

15. If �count is medium� and �severity is high� and �old cat-
egory is quite_possible� then �new category is identified�

16. If �count is low� and �severity is low� and �old category is
quite_possible� then �new category is unlikely�

17. If �count is low� and �severity is medium� and �old cat-
egory is quite_ possible� then �new category is possible�

18. If �count is low� and �severity is high� and �old category is
quite_possible� then �new category is quite_possible�

When old_category is “unlikely”:

19. If �count is high� and �severity is low� and �old category is
unlikely� then �new category is possible�

20. If �count is high� and �severity is medium� and �old cat-
egory is unlikely� then �new category is possible�

21. If �count is high� and �severity is high� and �old category is
unlikely� then �newcategory is quite_possible�

22. If �count is medium� and �severity is low� and �old cat-
egory is unlikely� then �new category is unlikely�

23. If �count is medium� and �severity is medium� and �old
category is unlikely� then �new category is possible�

24. If �count is medium� and �severity is high� and �old cat-
egory is unlikely� then �new category is possible�

25. If �count is low� and �severity is low� and �old category is
unlikely� then �new category is eliminated�

26. If �count is low� and �severity is medium� and �old cat-
egory is unlikely� then �new category is unlikely�

27. If �count is low� and �severity is high� and �old category is
unlikely� then �new category is possible�

When old_category is “eliminated” or “identified”:

28. If �old category is eliminated� then �new category is elimi-
nated�

29. If �old category is identified� then �new category is
identified�
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Influence of Force Field Direction
on Pressure Sensors Calibrated
at Up to 12,000 g
The measurement of pressure within both stationary and rotating frames of reference is a
fundamental requirement when studying the flow field through turbomachinery blading.
Measurement of pressure within the rotating frame presents a particular challenge, as
centrifugal acceleration of the sensor can have a significant impact on sensor calibra-
tion, and therefore accuracy of the resulting measurements. In this paper the telemetric
calibration of pressure sensors at up to 12,000 g is described, and the impact on cali-
bration of membrane size, sensor body shape, and sensor mounting direction is dis-
cussed. The program of work reported in this paper focuses on experimental issues
associated with rotating pressure measurement. The combined effect of centrifugal load
and pressure on integrally temperature compensated silicon pressure sensors is pre-
sented. Experimental results are given that provide insight into the influence of accelera-
tion on pressure readings. Implementation of acceleration into sensor calibration is pre-
sented. Supplementary finite element calculations enable impact of sensor body shape to
be taken into account during the evaluation of sensor acceleration-to-pressure sensitivity
ratio. Different sensors with varied membrane sizes and acceleration force directions are
examined and compared. �DOI: 10.1115/1.2966390�

1 Introduction

Low cost silicon pressure sensors with integrated amplifier and
temperature compensation became available within the past de-
cade. These devices are used for consumer goods, medical de-
vices, and all sorts of industrial applications including automotive.
The sensors are small in size and weight. Furthermore the high
degree of integration and the low power consumption make them
interesting for applications with limited power supply and space.
These are battery powered portable devices on the one hand and
special applications on the other hand as, for instance, telemetric
measurement systems.

Telemetric measurement systems �telemetry� are used when the
range of interest is part of a moving object and wireless operation
is needed. A modern digital telemetry consists of a wireless power
supply, the measurement system, and at least one wireless data
channel, which transfers the values from the moving to the sta-
tionary part of the apparatus. The measurement system can be
separated into different sensors and their amplifiers. The wireless
power supply usually uses high frequency generators connected to
an antenna for energy transfer from the stationary to the moving
system. The moving antenna receives the energy only partially.
Due to the poor efficiency and the limited power of the high
frequency system, which may affect other sensitive devices in the
laboratory if using high power, the power consumption of the
sensors is an important issue. The high centrifugal acceleration is
an extra challenge for the use of telemetric measurement in the
field of turbomachinery. The integrated pressure sensors are there-
fore ideal for telemetric application due to their low weight, size,
and power consumption.

Sensor application and calibration are important issues for
proper measurement under these circumstances. This paper pre-
sents the examination of integrated pressure sensor performance

taking into consideration the parameter position, connection, di-
rection, and high centrifugal acceleration as found in turboma-
chines.

2 Air Column
Pressure measurements in the rotating system of turbomachines

require different locations for sensor and measurement in most of
the cases. The pressure sensor is located at a position that provides
sufficient space and operating conditions. The pressure of interest
leads to the sensor by a thin pipe usually. That means the pressure
reading of the sensor is influenced by the centrifugal acceleration
if the sensor is located at different radius compared with the pres-
sure measurement hole. This pressure change caused by the fluid
column in the force field can be calculated with the mass element
dm in the cross section A of the pipe, the centrifugal acceleration
a, and the radial pressure change dp:

�2r dm = A dp with dm = �A dr �1�

�2r dr = RT
dp

p
�2�

p2

p1
= �T = exp� �2

2RT
�r2

2 − r1
2�� �3�

See Fig. 1 for the details. A similar calculation can be found in
Ref. �1�. The gas equation with gas constant R and temperature T
in the pipe gives the density � and the following integration from
radius r1 to r2 yields the ratio of pressures p1 and p2 correspond-
ing to the radii mentioned before.

Figure 1 shows a typical pressure sensor instrumentation having
the sensor at radius rS and the pressure measurement hole at ra-
dius rP. The connecting pipe path is designed according to the
requirements of the machine. The path of the pipe can be divided
into pieces with and without change of radius. The pressure trans-
fer is unaffected by the pieces with no change of radius. The
sections with radius change are fluid columns in a force field. Due
to the fact that the centrifugal acceleration may exceed 100,000 g
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in turbomachines, the pressure change cannot be ignored. The
temperature of the gas in the radial pipe influences the density,
which affects the pressure change.

The pressure p at a measurement location can be calculated
from sensor pressure pS and the correction factor �T from Eq. �3�.
An equivalent correction is presented in Ref. �1�. The correction
for the more complicated pipe path shown in Fig. 1 with n radial
pressure passages and one constant temperature each is calculated
with

p = pS�
i=1

n

exp� �2

2RTi
�ri

2 − ri−1
2 �� �4�

pS = p�
i=1

n

exp� �2

2RTi
�ri−1

2 − ri
2�� �5�

In the case of strong radial temperature changes along a radial
passage a polynomial fit of the radial temperature distribution has
to be used. This requires a modification of the integration from
Eq. �2�. The temperature T becomes dependent on the radius r
with the coefficients kj and with the degree j of the polynomial:

T = Tr0/�1 + k1r + ¯ + kjr
j� �6�

p2

p1
= � = exp� �2

2RTr0
�r2

2 − r1
2 +

2k1

3
�r2

3 − r1
3�

+ ¯ +
2kj

j + 2
�r2

j+2 − r1
j+2��� �7�

To examine the temperature influence in some detail, four test
cases with two different temperature and radius spans have been
calculated. Each test case consists of one radial step with radial
temperature change.

The temperature distribution is assumed to be almost linear
with only the coefficient k1 used in Eqs. �6� and �7�. The tempera-
ture distributions for the test cases are shown in Fig. 2.

Figure 3 shows the pressure change in a radial air column
caused by the centrifugal acceleration for the four test cases. This
diagram can also be understood as the error associated with no
pressure correction. The error becomes huge at a few thousand
rpm and depends mainly on the radius and its span. The radial
temperature change turns out to be not significant.

A correction is needed for better accuracy, but additional tele-
metric temperature measurement for the radial pressure paths is
costly. Figure 4 shows the remaining error for a pressure correc-
tion using a constant temperature of 10 K below the proper aver-
age �see Fig. 2, TA−10 K�, which simulates an unknown value or
an uncertainty in case no extra telemetric measurement is avail-
able for the pressure passage.

The error is reduced and the requirements in terms of accuracy
and revolving speed are met for most of the measurement tasks.
Estimated temperatures are applicable for the correction and no
additional temperature measurement is needed for the pressure
path.

The influence of the neglected temperature distribution on the
pressure correction becomes significant for very high accuracy
requirements or for very high revolving speed only.

Figure 5 shows the difference between the pressure correction
from Eq. �3� using one known or measured pressure passage av-
erage temperature and the correction from Eq. �7� using the
known linear temperature distribution along the radial pressure
passage.

The error of the constant temperature correction becomes no-
ticeable. Thus the temperature distribution of radial pressure pas-
sages cannot be simplified by constant assumption and needs extra

Fig. 1 Sensor „S… location and pressure measurement hole „P…
with connecting pipe at different radii r and temperatures T, all
rotating around the rotation axis „RA…

Fig. 2 Temperature T over radius r of pressure path, two dif-
ferent temperature and radius spans combined, Cases 1–4, av-
erage temperature TA for all cases, and reduced average tem-
perature TA−10 K simulating uncertainty in the known value

Fig. 3 Error over rpm caused by neglected correction for fluid
column in force field for the four cases from Fig. 2 for pressure
ratio �, see Eq. „7…

Fig. 4 Error over rpm caused by correction for the fluid col-
umn in the rotating system with constant 10 K to low tempera-
ture TA−10 K simulating uncertainty in the known temperature,
see Fig. 2 for the four cases and see Eqs. „3… and „7… for the
pressure ratios �T and �
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measurement for applications with extreme centrifugal accelera-
tions, high radial temperature gradients, and very high accuracy
requirements.

3 Sensor Body
Normally the shape of the sensor body is of little interest from

user point of view as long as the sensor works reliably. The sensor
is a semiconductor device having a casing with pressure ports and
pins for electrical connection. The outer dimensions are well
documented. The parameters of the inner sensor body design are
not part of the documentation.

The devices used are monolithic silicon piezoresistive transduc-
ers having a signal amplifier including temperature compensation
on chip. The output signal is suitable for analog inputs of common
microcontrollers. Furthermore the signal is proportional to the
pressure applied.

The documentation contains a depiction, similar to Fig. 6, of
the approximate not to scale cross section of the sensor element. It
is not documented whether the element is a circular plate or a
rectangular plate. Both shapes are common �2�.

The documentation contains the pressure sensitivity of the
transducer, but not the sensitivity against acceleration, which is
required for telemetric measurement in the rotating system.

The membrane has the mass mM, which causes extra pressure
depending on the acceleration. The mass is low enough to prevent
noticeable effects caused by gravity. That changes at several thou-
sand g of centrifugal acceleration. The acceleration induced extra
pressure pA can be calculated as follows:

pA =
mMrS�2

AM
=

�MhMAMrS�2

AM
= �MhMa �8�

p = pS + pA �9�

p − pS

rS�2 =
p − pS

a
= �MhM �10�

The centrifugal acceleration a, the pressure reading p of the
sensor, and the pressure at the sensor pS are known or measured.
The product of the membrane density �M and the membrane thick-
ness hM becomes the transducer parameter for the ratio of pressure
sensitivity and acceleration sensitivity. It can also be seen as mem-
brane mass mM per membrane area AM or as specific membrane
mass. This parameter is usually unknown to the user. Due to the
fact that the sensor is a real technical object with 3D dimensions,
the specific mass represents a concentrated parameter.

4 Calibrator
The calibration system is expected to be capable of supplying

known pressures and accelerations to the tested sensor with both
parameters chosen independently. The common stationary calibra-
tion concept with test gas bottle, calibration transducer, and con-
trolling valves for the pressure adjustment cannot fulfill these re-
quirements.

Constant high accelerations can be found in rotating systems
with high rotational frequencies, but the decision to place the
sensors in a rotating system creates other difficulties. One of them
is the necessity of a telemetry system, which survives the centrifu-
gal accelerations needed for the calibration of the sensors. Another
problem arises due to the missing airtight connection between the
tested sensor and the calibration transducer.

One way to overcome this difficulty would be a pressure sensor
with known acceleration sensitivity for full telemetric calibration.
In case that kind of sensor is not available, the usage of labyrinth
seals as common in turbomachines solves the problem.

It was decided to use stationary calibration sensor and labyrinth
seal because the air supply with sufficient capacity was already
available.

Central element of the mechanical part of the calibration test rig
is a spindle, which is capable to run at up to 12,000 rpm. The one
end of the shaft carries a belt drive pulley and the other end the
measurement disk �Fig. 7�. An asynchronous motor, which is con-
trolled by frequency converter, drives the spindle by a synchro-
nous belt. The rotational frequency of the motor is one-half of the
one of the spindle.

The spindle and the motor support are fitted to a concrete base-
ment of sufficient size. This precaution was taken due to the wide
band excitement. The test rig actually runs at the whole range
from 0 rpm to 11,600 rpm, which may cause excitement from 0
Hz up to 193 Hz base frequency. Proper balancing and high
spindle rotation accuracy, better than 10 �m, keep the excitement
low enough for full range operation.

Fig. 5 Error over rpm caused by pressure correction for the
fluid column in the rotating system with average temperature
TA instead of linear temperature distribution, four cases „see
Fig. 2…, for pressure ratios �T and �, see Eqs. „3… and „7…

Fig. 6 Sensor element S schematically rotating around the
axis RA with sensor radius rS, membrane area AM, and mem-
brane thickness hM

Fig. 7 Calibration test rig, motor M, spindle Sp, air supply A,
measurement disk D with pressure sensors to be tested and
the telemetry system, pressure measurement hose P, and base-
ment B
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Vibration sensing equipment is attached to the spindle for bal-
ancing and for automated emergency stop. The balancing proce-
dure has to be carried out each time when sensors are exchanged.

The labyrinth seal is built by the partially hollow shaft and the
air supply pipe with a labyrinth structure on the outer diameter.
The partially hollow shaft acts like pressure plenum for the sen-
sors S, which are subject of calibration �see Fig. 8�. These sensors
are implemented in the measurement disk, which carries also the
telemetry and the balancing masses.

The radial connection of the sensors to the plenum represents
an air column in force field. The plenum pressure is measured by
a stationary comparative sensor as usual for calibration.

The measurement disk carries the sensors, the radial pressure
passage, and the telemetry system, which transmits the pressure
values from rotor to stator directly toward the PC-RS232 inter-
face. The telemetry works digitally and uses checksums for trans-
mission. This prevents transmission caused measurement errors.

It was decided to align the sensor element for measurement
usage as well as during calibration, as shown in Fig. 6. The pres-
sure acts in the same direction as the centrifugal acceleration. Due
to the fact that the sensors are not specified for high acceleration
environment, it was assumed that the sensor survives acceleration
force, which acts as the force caused by the pressure, better than
differently orientated acceleration. The advantage of this tangen-
tial membrane alignment is the prevention of shear tension be-
tween the sensor element and the sensor casing.

5 Calibration
The first step of the preparation of a telemetric pressure mea-

surement system for usage is a standard stationary calibration af-
ter the system passed the general functionality check.

All calibrations include the whole measurement chain from the
sensor to the final discrete value. The analog to digital conversion
is included. Due to the digital transmission, which is extended for
a checksum as mentioned before, no errors caused by transmission
influence the final result. In the case of transmission error the
whole data set is ignored.

The hollow part of the shaft, Sh in Fig. 8, is closed by a lid,
which is screwed in for stationary calibration instead of the air
supply pipe, A in Fig. 8. The lid is connected to the stationary
calibrator by a pressure hose. The stationary calibrator is a DPI
515 device, made by the company Druck, with an error of 0.01%
from full scale. The ranges used are 7 bars and 0.7 bar full scale
against atmosphere.

Figure 9 shows the result of the stationary standard calibration.
It is the relative pressure difference �prel of the sensor pressure p
and the calibrator pressure pC, as shown in Eq. �12�. The second
order polynomial of Eq. �11� calculates the sensor pressure p from
the original digital value pD.

p = A pD
2 + B pD + C �11�

�prel =
p − pC

pC
· 100 �12�

The high error of one of the sensors for the very low pressure is
attributable to the low noise 8 bit digitization and to the fact that
the error is relative to the value and not to the measurement range.

Figure 10 shows the raw pressure readings pD in digit from the
8 bit analog to digital converter of the telemetry system, as used in
Eq. �11�. The pressure readings are gained from the four telemet-
ric sensors for different circular frequencies. The centrifugal ac-
celeration acting at sensor radius is shown as well. Only atmo-
spheric pressure is applied to the hollow shaft. The pressure
values calculated using Eq. �11� are the sum of the acceleration
caused part and of the air column induced portion, which is cal-
culable by Eq. �3�. Figure 11 shows the separated influences of
acceleration and air column.

With respect to Eqs. �8�–�10� the acceleration induced part pA
and the pressure at the sensor pS, which equals the air column
induced part, are known. This yields the specific membrane mass
�MhM, as discussed in Eq. �10� and shown in Fig. 12.

The error bars in Fig. 12 represent the assumed uncertainty of
one digit in terms of specific membrane mass. Due to the low
acceleration induced pressure values the uncertainty of the spe-
cific mass reaches very high values at low rotational speed. Only

Fig. 8 Calibration test rig detail, rotating side Ro, rotating
shaft Sh, measurement disk D with rotating radial pressure
passage Rp and sensor S, plenum Pl, labyrinth seal L, station-
ary side St with air supply pipe A, pressure measurement pipe
M, and pressure hose toward comparative sensor P

Fig. 9 Relative error of telemetric Sensors A2–A5 for station-
ary calibration using DPI 515 made by company Druck

Fig. 10 Digital readings of Sensors A2–A5 in digit as supplied
by the 8 bit analog to digital converter of the telemetry, centrifu-
gal acceleration acting at sensor radius rS
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the values for high rotational frequencies can be considered for
the determination of the specific membrane mass, as shown in Fig.
12.

The specific membrane mass �MhM should become a constant
for the simplified usage of concentrated parameters, as stated in
Eq. �10�. Obviously this is not the case.

The application of extra pressure to the rotating system via the
labyrinth sealed hollow shaft, as described in Sec. 4, yields the
diagram shown in Fig. 13.

The values without extra pressure from Fig. 10 are also con-
tained. Figure 13 gives reason for the assumption that the effect of
the acceleration on the sensor is completely independent of the
influence of the pressure on the measurement produced by the
sensor.

Figure 14 supports this assumption. The diagram shows the
characteristic calibration parameter for accelerated membrane
pressure sensors here called specific membrane mass �MhM, as
stated in Eq. �10�. All different pressures yield the same depen-
dency within the one digit uncertainty. The linear approximation
is calculated from all measurements for more than 6000 rpm. The
results for Sensors A3–A5, which are not shown in Fig. 14, are
equivalent.

The acceleration caused pressure pA is approximated, as shown
in Eq. �13�. The linear dependency shown in Fig. 14 is introduced
into Eq. �8� using the calibration coefficients D and E with the
rotational speed n �rpm�. The pressure pS arriving at the sensor is
calculated using the full calibration equation �14�.

pA = �MhMrS�2 = rS�2�D + n · E� �13�

pS = A pD
2 + B pD + C − rS�2�D + n · E� �14�

The calibration of the pressure sensors was successful; thus the
dependency of the specific membrane mass on the acceleration or
the rotational speed cannot be explained.

One reasonable speculation on this could be the fluorosilicone
die coat, which prevents the contact between the silicon chip and
the fluid. In case it has a jellylike behavior, which makes the
silicone reversible elastically moving toward the center of the
membrane, the specific membrane mass would change.

6 FEM Calculation
The finite element calculations are carried out for the examina-

tion of the influence of the sensor element orientation compared
with the acceleration direction. The calculation requires the di-
mensions of the object of interest; thus the exact shape of the
calibrated sensor element is not known. Therefore the dimensions
of the KPY sensor elements made by Siemens and described in
Ref. �2� are used.

The two elements considered are silicon square plates with an
edge length of 4 mm having a thickness of 0.4 mm. The mem-
brane of the elements is realized by a single sided thickness re-
duction, which represents a hole from one side. The membrane is
a cirular plate with a diameter of 1 mm and a thickness of 0.02
mm for the 2 bar range sensor �KPY2� and with a thickness of

Fig. 11 Pressure readings pA of Sensors A2–A5 caused by
centrifugal acceleration and air column pressure

Fig. 12 Specific membrane mass �MhM of Sensors A2–A5, lin-
ear fit shown for A2, error bars equal one digit uncertainty

Fig. 13 Digital readings of Sensor A2 for different preset cali-
bration pressures from the stationary system

Fig. 14 Specific membrane mass �MhM of Sensor A2 for differ-
ent pressures, linear fit for all values >6000 rpm, error bars
equal one digit uncertainty
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0.04 mm for the 10 bar sensor �KPY10, see Fig. 15�. The KPY
sensors were not considered for the telemetric measurement due
to its electrical incompatibility with the telemetry system.

The finite element method �FEM� calculations use the mem-
brane dimensions of the KPY sensors whereas the model is a long
rectangular membrane instead of the circular plate membrane of
the original KPY sensor. The original membrane diameter �1 mm�
is modeled as membrane width. Choosing the rotational axis as
symmetry axis simplifies the modeling and saves calculation time.

Figure 15 shows the shape of the sensor element used for the
calculation schematically. Three different cases of sensor direction
relative to the rotational axis, as shown in Fig. 15, are examined.
Further Si�111� material parameters, which are needed for the cal-
culation, are listed below:

Young’s modulus 170,000 MPa

Poisson’s contraction number 0.068

Linear thermal expansion �300 K� 2.6 � 10−6 K−1

Density 2330 kg/m3

The above values are obtained from Refs. �2–4�.
FEM calculations for pressure induced sensor element deforma-

tion have been done �3� using a volume element model for a
quarter of an element with a circular plate membrane. The case of
centrifugal acceleration and pressure was not considered.

The calculations presented here use a model, which is symmet-
ric in the rotational axis �2D axial-symmetric element plane 42,
ANSYS�. Analytical equations as described below have been used
for the plausibility check. The modified KPY2 sensor �rectangular
instead of circular membrane� with a membrane thickness hM of
0.02 mm and a membrane width of 1 mm has been implemented
for plausibility. The pressure applied for test case is 2 bars. Lit-
erature provides different analytical approximations for the maxi-
mum displacement w0 in the center of the membrane. The equa-
tions with the pressure p are similar as shown here:

w0 � k ·
b4�1 − �2�

hM
3 E

· p �15�

The variation between the different equations is expressed by
the coefficient k. The parameters elasticity E �Young’s modulus�,
contraction number �, and membrane width or diameter b are
needed for the calculation. The coefficient k becomes 1/32 for a
long rectangular membrane �2� with w0=4.6 �m, 3/188 for a
square membrane �3� with w0=2.3 �m, and 3/256 for a circular
membrane �3� with w0=1.7 �m.

The FEM calculation yields w0=5.2 �m. The lower stiffness
of the FEM model can be explained by the fact that the analytical
calculations are derived from plates clamped stiffly whereas the
FEM model considers the whole sensor element.

The influence of the fix points of the FEM mesh on the results
is studied prior to the examination of the effect of the acceleration.
The results show no difference between the two fix point selec-
tions 2, 12, 13, 3 �bottom of the element only� and 1, 2, 12, 13, 3,
4 �bottom and side of the element, see Fig. 16�. The pressure-

membrane-displacement dependency and the temperature-
membrane-displacement curve are not different for the two fix
point selections, as shown in Figs. 17 and 18.

For the calculation of the influence of the centrifugal accelera-
tion on the deformation of the sensor element, which causes the
strain of the bridge resistors on the membrane surface, three cases
are examined �see Fig. 15�.

Case I represents the situation examined experimentally as de-
scribed in Secs. 4 and 5. The pressure acts in the same direction as
the acceleration. Figure 19 shows the influence of the acceleration
on the two examined sensor types KPY10 and KPY2. The accel-
eration induced pressure pA, see also Eq. �8�, and the membrane
center displacement w0 are linear functions of the acceleration.
The gradient of the membrane displacement represents the sensi-
tivity of the sensor for acceleration.

The pressure acts perpendicular to the acceleration for Case II
�see Fig. 15�, which reduces the effect of the acceleration on the
membrane displacement. This advantage is accompanied by at
least one technical difficulty. The base area used for the connec-
tion to the casing by adhesive sees shear tension, which may
disintegrate the sensor; thus for the FEM calculation this is not of
importance.

The calculation yields no significant acceleration sensitivity.
The sensitivity for pressure is without any noticeable difference

Fig. 15 KPY sensor elements schematically, rotation axis RA
for Cases I–III along the dashed-dotted line in the picture plane,
sensor radius rS

Fig. 16 Key points of the FEM model for the sensor element

Fig. 17 Displacement at the membrane center over pressure;
FEM results for the two fix point selections 2, 12, 13, 3 „bottom…

and 1, 2, 12, 13, 3, 4 „bottom and side…, see Fig. 16

Fig. 18 Displacement at the membrane center over tempera-
ture; FEM results for the two fix point selections 2, 12, 13, 3
„bottom… and 1, 2, 12, 13, 3, 4 „bottom and side…, see Fig. 16
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for the applied acceleration and is the same as shown in Fig. 17.
The calculation shows minor influence on the membrane, which
gets an S-shape in the case of acceleration. This effect is super-
imposed by the pressure sensitivity, which is stronger for almost
four orders in magnitude.

The strain sensitive resistors are locally implemented in the
membrane surface of the sensor element and the S-shape implies
local tensions, which may therefore cause resistor readings to be
influenced by the acceleration in an unpredictable manner.

The sensor is 10 deg inclined compared with Case II for Case
III, as depicted in Fig. 15. The influence of the acceleration is
diminished compared with Case I and increased compared with
Case II, as shown in Fig. 20, which contains both FEM results
from Cases I and III.

The inclination of the sensor from Case III compared with Case
I amounts to 80 deg. The sensitivity against acceleration dw0 /da
of the inclined sensor from Case III is approximately one-fifth of
one of the not inclined sensors from Case I. This ratio is close to
the cos�80 deg� for the force component. The remaining difference
of 16% may be caused by the deformation of the sensor body,
which sees mainly the shear force component calculated with
sin�80 deg�. This supports the assumption that the sensitivity
against acceleration for not as much inclined sensors can be ap-
proximated with the cosine of the inclination angle and the sensi-
tivity of the not inclined sensor.

7 Discussion
The steps gone in order to examine the problem have to be

recapitulated for the comparison of the results of the experimental
work and the FEM calculations.

First the pressure sensitivities of the real and the FEM-
implemented sensors were obtained. The sensitivity is, from the
system theoretical point of view, the output voltage change over
the pressure change applied dV /dp. The stationary calibration
provided the sensitivity of the real sensor, whereas the change of
the membrane displacement over the pressure change dw0 /dp is
chosen as pressure sensitivity �Fig. 17� for the FEM-sensor.

Second the acceleration sensitivities of the real and the FEM-
sensor were found via the rotating calibration of the real pressure
sensors using the calibration system described. The acceleration
sensitivity is the output voltage change over the acceleration
change dV /da and contained in the data of Figs. 10 and 11,
whereas the membrane displacement change over the acceleration
change dw0 /da �Fig. 19� is chosen as the acceleration sensitivity
of the FEM-sensors.

Subsequently the effects were analyzed for the independency of
each other. The rotating calibration for varied pressures and the
FEM calculation for varied acceleration confirmed the validity of
the superposition principle.

Finally the ratio of the sensitivities yields the parameter specific
membrane mass dp /da from Eq. �8�:

dV

da 	 dV

dp
=

dp

da
or

dw0

da 	 dw0

dp
=

dp

da
�16�

Figure 21 shows the specific membrane mass for the experi-
mental and the FEM examination in one diagram. Despite the fact
that the sensors examined by experiment and by FEM calculation
are not the same, the parameter specific mass behavior is equiva-
lent.

The sensors analyzed by experiment and the sensors examined
by FEM calculations are made for pressures of the same order of
magnitude. Therefore the differences of the parameter specific
mass are expected to be not as big, as shown in Fig. 21. The fact
that the real sensor has a membrane protection coating adding up
to the membrane mass may explain the difference. The specific
membrane mass is greater than the one gained from the FEM
calculation, which does not consider any protection coating.

The validity of the specific mass as a general calibration param-
eter is useful for the description of a pressure sensor using con-
centrated parameters. The system modeling for complex apparatus
becomes simplified dramatically due to the reduction in the model
complexity from 2D or 3D to 1D.

Fig. 19 Displacement w0 at the membrane center and accel-
eration induced pressure pA over acceleration for Case I; FEM
results for sensors KPY10 for 10 bars with hM=0.04 mm and
KPY2 for 2 bars with hM=0.02 mm

Fig. 20 Displacement at the membrane center over acceleration; FEM re-
sults from Case I, same as in Fig. 19, compared with the FEM results from
Case III with KPY2 for a 10 deg inclination
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8 Conclusion
The telemetric usage of pressure sensors in rotating systems

requires the sensitivity of a sensor to acceleration to be estab-
lished. The sensors evaluated during the program of work reported
in this paper, with pressure and acceleration acting in the same
direction, showed sensitivity great enough to invalidate measure-
ment results if neglected.

The 90 deg inclination of the sensor membrane to the direction
of the accelerating force reduces sensitivity to acceleration by
more than an order of magnitude, a conclusion corroborated by
finite element calculation. Finite element calculation is not, how-
ever, concluded to be enough to establish that a sensor is insensi-
tive to acceleration. Sensor calibration is considered mandatory if
data integrity is to be assured.

The calibration parameter “specific membrane mass” in kg /m2

permits modeling of a sensor using concentrated parameters as
usual within linear system theory. The parameter deviation of the
sensor tested experimentally is low compared with the nonlinear-
ity of some devices, which are modeled using linear system
theory.

The pressure differences appearing along the radial pressure
passages from the location of measurement toward the sensor can-
not be neglected. These pressure passages are always present for
telemetric measurement as soon as the sensor location deviates
from the location of the measurement. The correction for the pres-
sure difference over the radial passage takes the temperature dis-
tribution along the passage into consideration ideally. The simpli-

fied usage of the average temperature of the radial pressure
passage yields good results up to high accelerations and radius
spans.
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Nomenclature
A, B, C, D, E � calibration coefficients

A � area
a � acceleration
b � membrane width or diameter
E � elasticity �Young’s modulus�
h � thickness
k � coefficient

m � mass �kg�
n � revolutions per minute �rpm�
p � pressure
r � radius
R � gas constant �J / �kg K��
T � temperature �K�
V � voltage

w0 � displacement at the center of the membrane
� � Poisson contraction number
� � circular frequency �rad/s�

� ,�T � pressure ratios
� � density �kg /m3�

Subscripts
A � acceleration
C � calibrator, calibration
D � digital number �digit�

i , j � counter indices
M � membrane
S � sensor

r0 � radius=0

References
�1� Regnery, D., Hoeppner, U., Vortmeyer, N., and Nitsche, K., 1999, “Measure-

ments of Complex Air Flow Phenomena Inside the Rotor of an Operating
Industrial Gas Turbine,” IMechE Conf. Trans., 1/A, pp. 89–100.

�2� Pfeifer, G., and Werthschützky, R., 1989, Drucksensoren, Technik, Berlin.
�3� Stavroulis, S., and Werthschützky, R., 2003, “Analytical Formulations for the

Design of Real Diaphragms of Silicon Pressure Transducers,” Proceedings of
Sensor, Nürnberg, May 13–15, Vol. 2.; Stavroulis, S., 2004, “Rechnergestütz-
ter Entwurf Piezoresistiver Si-Drucksensoren mit Realem Mechanischen Wan-
dler,” Ph.D. thesis, Darmstadt.

�4� Landolt, H., Börstein, R., and Hellwege, K.-H., Numerical Data and Func-
tional Relationships in Science and Technology, Springer, New York; Schmidt,
B., and Schubert, D., 1986, Siliciumsensoren, Akademie-Verlag, Berlin.

Fig. 21 Specific membrane mass over acceleration, experi-
ment, and FEM results, different sensors, but valid as a general
calibration parameter for acceleration sensitivity, see Fig. 14

061602-8 / Vol. 130, NOVEMBER 2008 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Takashi Ogata
Central Research Institute of Electric Power

Industry,
2-11-1 Iwadokita,

Komae, Tokyo 201-8511, Japan
e-mail: togata@criepi.denken.or.jp

Biaxial Thermomechanical-
Fatigue Life Property of a
Directionally Solidified Ni-Base
Superalloy
High-temperature components in thermal power plants are subjected to creep-fatigue
loading where creep cavities initiate and grow on grain boundaries. Development of life
assessment methods of high-temperature components in gas turbine for maintenance and
operating cost reduction is strongly demanded by Japanese utilities. Especially, first row
blades are subjected to complicated thermomechanical-fatigue (TMF) loading during
start, steady state, stop cycles. Therefore it is important to clarify the TMF life property
of blade materials to develop a life assessment procedure. In this study, tension-torsion
biaxial TMF tests have been performed between 450°C and 870°C on a Ni-base direc-
tional solidified superalloy. Strain ratio � was defined as shear strain range, ��, to
normal strain range, ��, and � varied from 0 to infinity. The “Blade wave form,” which
simulated temperature and strain condition of the blade surface, was employed. The
biaxial TMF tests were also carried out on coated specimens with CoCrAlY. Fatigue life
under the biaxial TMF loading showed strain ratio dependency giving shorter life with
increasing �. Considering biaxial stress effect on the failure life, an equivalent shear
strain range was derived based on the �-plane theory, and the biaxial TMF life was well
correlated with the equivalent shear strain range. The biaxial TMF life was reduced by
introducing strain hold duration at the maximum temperature. The maximum stress in-
creased by introducing the hold time due to increasing mean stress level in the Blade
wave form. It was concluded that creep damage gradually accumulated during cycles
resulting in reduction in the TMF life. The nonlinear creep-fatigue damage accumulation
model was applied to predict failure life of the hold time tests. As a result, the failure lives
were predicted within a factor of 1.5 on the observed life. It was found that the fatigue life
of CoCrAlY coated material reduced 1 /2 to 1 /3 from that of the substrate. From obser-
vation of the longitudinal section of the coated specimens, many cracks started from the
coating surface and penetrated into the substrate. It was concluded that the CoCrAlY
coating reduced the biaxial TMF life due to acceleration of crack initiation period in the
substrate. �DOI: 10.1115/1.2943158�

Keywords: gas turbine blade, directionally solidified Ni-base superalloy, biaxial thermo-
mechanical fatigue, CoCrAlY coating

Introduction
For reliable maintenance of gas path components in high-

temperature gas turbines, it is important to develop damage and
life assessment methods of gas turbine blades, especially for first
row blades subjected to thermomechanical-fatigue �TMF� during
operation. The authors �1–3� conducted biaxial TMF tests on the
polycrystal Ni-base superalloy of IN 738LC used in E class gas
turbines considering actual blade operating condition, and found
influence of strain hold time and corrosion resistance coating on
failure life of the IN 738LC under the biaxial TMF loading. The
TMF life prediction method was also proposed based on the test
results and failure specimen observation. In addition, a gas turbine
blade life assessment code, which includes the TMF life assess-
ment method �2�, based on finite element analysis was developed.
Referring to temperature and stress analysis results of the first row
blade of the E type gas turbine by the code, combined normal and
shear stress cycled with temperature fluctuation on the surface of

the blade resulted in crack initiation on the surface. It is presumed
that similar biaxial TMF loading may occur at surface of row first
blades in F type gas turbines, which are made of a Ni-base direc-
tionally solidified �DS� superalloy. It is necessary to understand
life property of the DS superalloy under biaxial TMF loading and
to develop a life prediction method of the DS blades. However,
very limited studies of biaxial TMF life of DS superalloys has
been conducted mainly due to difficulty of test procedure.

In this study, biaxial TMF tests were performed on a Ni-base
DS superalloy to understand life property, and influence of the
hold time and the corrosion resistance coating on biaxial TMF life
was discussed based on the experimental results.

Experimental Procedure

Test Equipment. A biaxial TMF testing machine consists of a
main frame, a digital controller, an induction heating device, an
air compressor for cooling, temperature and strain measurement
equipment, and a data acquisition system. The main frame has
axial and torsional actuators, an induction heating coil, and hydro-
pressure grips. The axial and torsional loading wave forms and
temperature were controlled independently and arbitrarily by three
different controllers, respectively. Temperature of a specimen is
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measured by a pyrometer without attaching to the specimen. It
was confirmed that similar measurement accuracy to a thermo-
couple can be achieved by the pyrometer and that oxidation of the
specimen surface during test did not affect measurement accuracy.
By using the pyrometer, crack initiation from welding portion of
the thermocouple on the specimen can be avoided resulting in
obtaining more accurate life of the specimen. Correction of ther-
mal strain in the TMF tests is carried out based on three dimen-
sional approximation of temperature and strain relation described
elsewhere �1�. The axial and the torsional strains were measured
by a high-temperature extensometer, which can detect the axial
and the torsional strains simultaneously and independently.

Tested Material. A material used in this study is a Ni-base DS
superalloy, which is widely used as a first row blade material in
the F type gas turbines. Chemical composition and mechanical
property of solidified direction are shown in Tables 1 and 2. A
specimen geometry used for the biaxial TMF tests is thin wall
tube with outer diameter of 20 mm, inner diameter of 16 mm, and
gage length of 25 mm, as shown in Fig. 1. The specimens were
machined from 30 mm diameter and 300 mm length solid bars,
and finished by horning for the inside surface and polishing by
diamond past for the outside surface. The specimen axial direction
is coincident with the solidified direction of the bar. In addition to
the substrate specimens, CoCrAlY �Cr:30%, Al:8%, Y:0.35%�
coating with aluminized pack applying to the substrate specimens
was produced as coated specimens by low pressure plasma spray,
which is used for actual blade treatment. After spraying, a solution
treatment with 1120°C�2 h and an aging treatment with
845°C�24 h were made.

Test Condition. Temperature and strain condition of a biaxial
TMF test, which simulated actual loading condition of a first row
blade surface predicted by temperature and stress analyses of the
blade �2�, is shown in Fig. 2. This wave form condition is desig-
nated as a “Blade wave form” referring to the previous study �2�.
The maximum temperature is 870°C and the minimum tempera-
ture is 450°C with temperature changing rate of 10°C /s. In the
Blade wave form, the strain reaches the maximum compression
strain when the temperature reaches the maximum value, and the
strain reaches the maximum tensile strain at approximately 600°C
during stop process. Strain ratio � was defined as a ratio of tor-
sional strain range, �� to normal strain range, ��. The TMF tests

were performed ranging from �=0 to � and Mises equivalent
strain range, ��m=0.5–1.3%. The TMF tests were performed
with and without hold times at the maximum temperature. 6 min
and 60 min strain hold times were introduced in the TMF tests of
�=0 and 0.5. In addition to the Blade wave form, the in-phase
wave form of strain and temperature tests were conducted for
comparison under �=0.5 and ��m=0.7% with and without strain
hold time. In the in-phase test, the strain reaches the maximum
tensile value at the maximum temperature. Failure life was de-
fined as the number of cycles where either normal or torsional
stress reduced to 75% of their maximum values.

Test Results and Discussion

Failure Appearance. The longitudinal section of the substrate
specimens tested under �=0.5 with different strain hold times is
shown in Fig. 3�a�. It is seen that many cracks initiated from the
outer surface in all test conditions, and oxidation layer of the
surface and in the crack became thicker as the hold time in-
creased. It suggests that cracking of the oxidation layer may ac-
celerate crack initiation of the substrate. On the other hand, sub-
cracks initiated from the surface were not seen in the longitudinal
section of the failure specimen tested under the in-phase condi-
tions. Typical longitudinal section of the specimen tested under
the in-phase condition is shown in Fig. 4. Microvoids like creep
voids observed in polycrystalline materials �4–6� were observed
at dendrite boundaries indicating creep damage accumulated by
introducing tensile strain hold even in the DS material. Similar
small holes were observed at secondary dendrite boundaries nor-
mal to the loading direction in the DS specimens previously tested
under the creep and creep-fatigue conditions �7�.

The longitudinal section of the coated specimens tested under
�=0.5 with different strain hold times is shown in Fig. 3�b�. It is
seen that many cracks initiated from the coating surface in all test
conditions, and some of them arrested in the coating, some of
them arrested at the boundary between the coating and the sub-
strate, and some of them penetrated into the substrate. It suggests

Table 1 Chemical composition of used material

C Al B Co Cr Mo Ta Ti W Zr Ni

0.10 3.03 0.02 9.56 13.93 1.56 2.77 4.90 3.86 0.01 Bal

Table 2 Mechanical property of used material

Proof
Stress
�MPa�

Tensile
Stress
�MPa�

Elonga
-tion
�%�

Reduction
of area

�%�

R.T. 835.7 1000.3 6.4 7.4
870°C 469.8 747.1 19.6 28.1

Fig. 1 Biaxial TMF test specimen geometry

Fig. 2 Blade wave form TMF test condition
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that cracks initiated at the coating surface do not go through the
coating immediately but gradually propagate in the coating by the
crack tip sliding mechanism due to cyclic loading. The arrested
cracks in the coating were also observed in the actual used gas
turbine blade �8�. Oxidation layer yielded within the penetrated
cracks into the substrate and thickness of the layer increases with
increasing strain hold time. Contrary, less oxidation layer yielded
within the cracks located in the coating, and �-phase depleted
zone was observed around the crack resulted from the reaction
between Al phase and oxygen. White lightening portion can be
seen at the coating surface in the specimen tested with 60 min
strain hold time. Similar lightening was observed in the actual
used blade in which aluminized treatment was made on the
CoCrAlY coating. This may be caused by reduction in Al contents
due to yielding and spallation of oxidation layer by spending
�-phase in surface Al layer resulted in transforming to the �-phase
from the �-phase.

From the failure surface observation of the Blade wave form
tests by a scanning electron microscope, relatively flat surfaces
having striation like trace marks were observed independent of the
strain hold period indicating the main crack propagated by the
fatigue loading. On the other hand, similar grain boundary surface
having grain boundary facets and secondary cracks normally ob-
served in the creep damaged failure surface of the polycrystalline
materials was formed under the in-phase condition. It is presumed
that the rough failure surfaces in the in-phase tests were yielded
by crack propagation through the dendrite boundaries, which have
microvoids due to creep damage accumulation. Failure surfaces of
the coated materials tested under the Blade wave form showed the
flat surfaces indicating that the crack propagated continuously

from the coating to the substrate. A semielliptical shape crack was
observed on the coating failure surface tested under the Blade
wave form with 6 min hold time indicating the crack propagated
by the fatigue mechanism.

TMF Life Property of Substrate. Figure 5 shows relationship
between the failure life of the Blade wave form without hold time
and Mises equivalent strain range. Although the TMF life of the
polycrystalline IN738LC was well correlated with Mises equiva-
lent strain range �1�, the TMF life of the DS superalloy gives large
scatter depending on �. The TMF life under �=� is the shortest
and the TMF life under �=0 is the longest.

Based on the previous studies, it was suggested that reason why
fatigue failure life under biaxial stress condition depends on the �
was that not only the maximum shear strain but also normal strain
on the maximum shear strain contributes to crack initiation and
propagation �9,10�. The TMF life increases with increasing nor-
mal strain on the maximum shear strain for the present DS mate-
rial, which is a reverse tendency of the 304 stainless steel tested
before �10�. This is mainly because crack initiation and propaga-
tion resistance becomes weaker as the maximum shear strain di-
rection close to the solidified direction in the DS materials. In
other words, contribution of the maximum shear strain to crack
initiation and propagation is much larger than that of the normal
strain on the maximum shear strain plane. In this study, the
equivalent shear strain range, ��, which is function of the maxi-
mum shear strain range, ��max, and normal strain range on the
maximum shear plane, ��n, was applied to correlate the biaxial
TMF life. Generally, as the maximum shear strain yields in arbi-
trary direction against solidified direction under pure torsional
condition in the DS material, difference of failure resistance de-
pends on the relative location between the maximum shear and
solidified directions. For the case of the blade, the maximum nor-
mal strain yields in solidified direction with superposition of small
shear strain �2�. The axial and torsional strain conditions using DS
material in this study correspond to normal strain in the radial
direction and shear strain in the circumferential direction in actual
blades.

The �� is derived from isolife curves on the �-plane, which
consists of the ��max and ��n on x and y axes, respectively.
Isolife curves of the biaxial TMF of the DS material on the
�-plane were obtained, as shown in Fig. 6. From the isolife
curves, the �� was derived as Eq. �1�.

��

2
= ����max/2�2 − 6.7��n

2�1/2 �1�

The biaxial TMF life correlated with the �� is shown in Fig. 7.
The biaxial TMF life is well correlated with �� without showing
strain ratio dependency as observed in the relation between the

Fig. 3 Axial cross sections of failure specimens under the
Blade wave form

Fig. 4 Typical microvoids on dendrite boundaries

Fig. 5 Biaxial TMF life correlated with Mises equivalent strain
range
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life and the Mises equivalent strain range. The relation between
the biaxial TMF life and �� is expressed as follows.

Nj = 2.83 � 10−5��−3.78 �2�
The above equation was approximated by the straight line using
present test results. Although the TMF life at lower strain ranges
may be longer than that given by the equation, conservative pre-
diction can be made.

Strain Hold Effect on Biaxial TMF Life. Figure 8 shows
comparison of the biaxial TMF life at a strain range of 0.5% with
and without hold time in the Blade wave form and the in-phase
wave forms. Failure life in the Blade wave form reduced to 1 /5
by introducing 6 min strain hold time. However, failure life re-
duction is only 3 /4 from 6 min to 60 min hold time, indicating
that significant life reduction does not occur by elongating the

hold time. Life reduction in the Blade wave form is considered to
be caused by an increase in the maximum tensile stress due to
relaxation during the compression hold, prompt crack initiation in
the substrate induced by cracking of oxide film occurred during
tensile process, and certain creep damage accumulated during
compression hold period. Since the difference of the maximum
tensile stress values between 6 min and 60 min hold time is not
significant, the main cause of life reduction may be cracking of
the oxide film. On the other hand, the biaxial TMF life in the
in-phase wave form reduced to 1 /10 by introducing 6 min hold
time and the failure life of the 60 min hold time is 1 /2 of the
6 min hold time, indicating that significant life reduction occurs
by increasing strain hold time at the maximum temperature. As
microvoids and cracks were observed on the dendrite boundaries
in the longitudinal section of the failure specimens, life reduction
may be caused by the creep damage during the hold time.

The nonlinear damage accumulation �NLDA� model �11� was
applied to predict the biaxial TMF life under the strain hold con-
dition. It has already been demonstrated that the biaxial TMF lives
under strain hold condition of the IN 738LC were predicted by the
NLDA model in the previous study �1�. Life prediction equations
derived from the NLDA model are expressed by the following
equations.

Nf = �− 1 + �1 + 2DcNf�/Dc �3�

Dc = 	slDsl + 	gbDgb �4�

Dsl =
��sl

� f
, Dgb =

��gb

� f
�5�

where Dsl and Dgb are so called “grain boundary sliding creep
damage” and “grain boundary void creep damage,” respectively,
��sl and ��gb are accumulated creep strains corresponding to
grain boundary sliding and grain boundary diffusion, � f is the
grain boundary creep ductility, and 	sl and 	gb are damage factors
related to Dsl and Dgb. Definitions of parameters and factors are
described elsewhere �11�. Although the DS material does not have
any grain boundaries normal to the stress axis macroscopically,
microvoids and cracks were observed on the dendrite boundaries.
This means that the concept of grain boundary creep damage in
the NLDA can be applied to the creep damage in the DS material.
The transition of the creep strain rate from the grain boundary
sliding damage to the grain boundary void damage during tensile
strain hold was determined as 10−6 l /s, which is the same as that
of the IN 738LC. � f was determined as 0.065 from the uniaxial
creep tests of the DS material. As the voids on the dendrite bound-
ary were not observed in the Blade wave form, the entire creep
strain accumulated during hold time was assumed to contribute to
the grain boundary sliding creep damage. 	sl was determined as
1.0 from the strain hold test results in the Blade wave form and
	gb was determined as 25 from the in-phase wave form tests. The
biaxial TMF life prediction result by the NLDA model is shown in
Fig. 9. The biaxial TMF lives were predicted within a factor of 1.5
on observed lives, indicating that the NLDA model can be applied
to life prediction of the biaxial TMF of the DS superalloy.

Influence of Coating on Biaxial TMF Life. Figure 10 shows
comparison of the biaxial TMF life without hold time against ��
between the substrates and the coated specimens. The biaxial
TMF life of the coated material normalized by that of the sub-
strate is shown in Fig. 11. The biaxial TMF life of the coated
material is shorter than that of the substrate regardless of the hold
time, indicating that the MCrAlY coating gives negative effect on
the biaxial TMF life of the substrate. At the Mises strain range
from 0.5% to 0.7%, the biaxial TMF life of the coated material
reduced to 1 /3 to 1 /2 from that of the substrate. This should be
taken into account for life prediction of actual blades having
MCrAlY coating. As shown in Fig. 3�b�, many cracks from the
coating surface were observed in the coating. From the observa-

Fig. 6 �-plane obtained from TMF life of DS superalloy

Fig. 7 Biaxial TMF life correlated with the equivalent shear
strain range, ��

Fig. 8 Strain hold time effect on biaxial TMF life
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tion, life reduction in the coated material seems to be caused by
acceleration of crack initiation at the substrate surface due to early
penetration of the crack from the coating.

From Fig. 9, the relation between coated material and �� is
represented by Eq. �6�.

Nf = 1.94 � 10−5��−3.78 �6�
It is seen that life reduction in the coated material decreases with
increasing strain hold time from Fig. 10. This is due to reduction
in the maximum tensile stress by the stress relaxation, resulting in

reducing crack propagation rate in the coating and delaying crack
initiation at the substrate. Life prediction of the coated material
was made by using the NLDA model based on the failure life and
�� relation represented by Eq. �6�. As a result, the biaxial TMF
life of the coated material was predicted within a factor of 1.5.

Conclusions
Biaxial �TMF� tests have been conducted on the DS material,

which is used as first row blades in 1300°C class gas turbines.
Failure appearance and life property are studied, and effects of
strain hold time and MCrAlY coating on the TMF failure life were
discussed based on the experimental results. The main results ob-
tained in this study were as follows.

1. The biaxial TMF lives without strain hold time were not
correlated with the Mises equivalent strain range, showing
large scatter of the data. Equivalent shear strain range, ��,
was derived from the isolife curves of the biaxial TMF on
the �-plane, and the biaxial TMF lives were well correlated
with ��.

2. The biaxial TMF life under the Blade wave form, which
simulates actual blade surface condition, reduced by intro-
ducing only 6 min strain hold time at the maximum tem-
perature. It was suggested that the life reduction was caused
by an increase in mean tensile stress. On the other hand, life
reduction increases with increasing strain hold time in the
in-phase wave form. This is due to accumulation of creep
damage during the hold time, resulting in initiation of creep
voids and microcracks on the dendrite boundaries.

3. The biaxial TMF life of the MCrAlY coated material is
shorter than that of the substrate regardless of with and with-
out strain hold time. It was suggested from observation of
the specimen cross section that life reduction in the coated
material was caused by acceleration of crack initiation at the
substrate surface due to early penetration of the cracks from
the coating.
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Fig. 11 Strain hold time effect on TMF life of coated material

Journal of Engineering for Gas Turbines and Power NOVEMBER 2008, Vol. 130 / 062101-5

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Manish Kumar

Daejong Kim1

e-mail: djkim@tamu.edu

Mechanical Engineering,
Texas A&M University,

College Station, TX 77843

Parametric Studies on Dynamic
Performance of Hybrid Airfoil
Bearing
Airfoil bearings offer many advantages over oil-lubricated bearings, but they have reli-
ability issues during start/stops (wear) and limited heat dissipation capability. To address
these issues, a hybrid airfoil bearing (HAFB) combining hydrodynamic airfoil bearing
with hydrostatic lift was introduced previously by one of the authors of this paper. Their
studies show that HAFB has superior performance compared to its hydrodynamic coun-
terpart in load capacity and cooling performance. In this article, the bearing stiffness
and damping coefficients of HAFB are calculated using a linear perturbation method
developed for HAFB. Simulations showed that feed parameter and supply pressure affect
the dynamic characteristics of HAFB. With an increase in either the supply pressure or
the feed parameter, the rotor centers itself and hence one sees a decrease in direct
stiffness. Simulations showed that the cross-coupled stiffness could be reduced by in-
creasing either the supply pressure or the feed parameter. Direct damping showed in-
creasing trend with the supply pressure and the feed parameter. Frequency-domain analy-
sis of the bearing coefficients was also performed. The direct damping showed marginal
changes with supply pressure but showed rapid increase with increasing excitation fre-
quencies. The damping converged to null values for all the pressures for supersynchro-
nous excitations. The loss in damping with high stiffness values for high frequency exci-
tation is a typical hardening effect of gas bearings. In almost all the cases, there are
rapid decreases in cross-coupled stiffness and damping and the values show converging
trends in supersynchronous regime. �DOI: 10.1115/1.2940354�

Keywords: airfoil bearing, hydrostatic, hybrid, perturbation analysis, stability

Introduction
Airfoil bearings have been successfully used in high speed mi-

croturbomachinery such as turbocharger/generators, aircraft air
cycle machines �1�, and fuel cell microgas turbine �MGT� �2�.
These bearings not only offer very low friction during operation
but also circumvent the need of lubrication system and complex
seals. The airfoil bearing consists of a top foil and compliant
elastic foundation, which sustains the applied load and provides
structural stiffness and damping. The compliant structure can also
accommodate misalignments and distortions of the shaft. One of
the most commonly used compliant structures is corrugated bump
foil. Hydrodynamic pressure is generated when the shaft drags the
air between the rotor and the top foil and pushes it against the
bump foil creating a thin layer of high pressure gas, which el-
evates the rotor.

Due to the promising feature of airfoil bearings for oil-free
microturbomachinery, extensive investigations have been per-
formed for decades. In the analytical side, Ku and Heshmat �3�
presented a theoretical model of bump foil deformation consider-
ing friction forces, local interaction forces, and variable load dis-
tribution. Dellacorte and Valco �4� introduced a simple “rule of
thumb” design guideline for hydrodynamic airfoil bearings to cal-
culate load capacities based on an empirical relation involving
speed and bearing size. Peng and Carpino �5� calculated stiffness
and damping coefficients of an elastically supported gas foil bear-
ing from linearized dynamic coefficient equations. Peng and
Khonsari �6� presented thermohydrodynamic analyses on tem-
perature distribution of the air film and compared them with ex-
perimental results. San Andrés and Kim �7� presented 1D and 2D

finite element �FE� models to calculate top foil deflections under
hydrodynamic pressure. Carpino and Talmage �8,9� developed a
fully coupled FE model that solves pressure field and bearing
force coefficients considering top foil sagging effect and bump
deflection along vertical and horizontal directions. Song and Kim
�10� introduced a new elastic foundation consisted of compression
springs and present analyticaled and experimental studies on their
foil bearings. They also showed that, in general, airfoil bearing
with elastic foundation can suppress the transcritical vibration but
not the onset of hydrodynamic instability. Their computational
model uses time-domain orbit simulation that can predict limit
cycle behaviors encountered in many airfoil bearings. In subse-
quent studies, Kim �11� conducted parametric studies on two dif-
ferent types of air foil bearing �circular and three pads� and inves-
tigated the dependence of rotordynamic stability on the
distribution of stiffness and damping of the compliant surface.
The study shows that rotordynamic characteristics are more sen-
sitive to the overall bearing geometry rather than stiffness and
damping distribution within the elastic foundation. More recently,
Le Lez et al. �12� presented parametric study on static and dy-
namic characteristics of the bump foil using FE method. They also
presented an analytical model �13� of continuous bump using dis-
crete nodes connected with spring elements to include bump in-
teractions, and applied the model to investigate dynamic behav-
iors of continuous bumps �14�. Similar nonlinear bump dynamic
analysis was also presented by Lee et al. �15� using FE method to
model continuous bump foil and Coulomb friction. They also
combined the model with prediction of rotor imbalance response.

Numerous experimental investigations were also performed.
Dykas and Howard �16� presented thermal runaway phenomena of
foil bearings even under lightly loaded cases upon undesirable
rotor geometry and thermal gradient of the rotor. Radil et al. �17�
showed that very small clearance without adequate cooling can
lead to a thermal runway, i.e., film rupture, and reduce the bearing
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load capacity. Song and Kim �10� and Rubio and San Andrés �18�
demonstrated in their experimental studies that elastic foundation
can lose damping when excitation frequency is above natural fre-
quency of the system defined with equivalent bearing stiffness and
mass of a structure �bearing or rotor� under force excitations.
Heshmat and co-worker �19–23� highlighted various applications
of foil bearings and dampers in ambient-to-high temperature op-
erations.

The extensive research on airfoil bearings for decades has pro-
vided valuable design guidelines for airfoil bearings and resulted
in some successful industrial applications �1,24,25�. However, the
foil bearings have a limited reliability issue that comes from dry
rubbing during start/stops and limited heat dissipation capability.
One may assume the air has very small viscosity compared to oil,
and thus cooling is not as critically important as oil-lubricated
hydrodynamic bearings. However, very small clearance and high
speed operation can generate fairly good amount of heat that can-
not be neglected. Regardless of lubricating media, the hydrody-
namic pressure provides only load support but not dissipation of
parasitic energy generated by viscous drag or heat input from
other parts of the machine. It is well-known that the purpose of
continuous oil circulation in oil-lubricated hydrodynamic bearings
is to dissipate parasitic energy generated within/transferred to the
bearing, and keep the oil temperature within a certain limit so that
the oil can generate necessary hydrodynamic pressure.

Very often, critical advantages of airfoil bearing are claimed as
no lubrication circuit and little friction �no heating�, providing a
“simple” environment-friendly solution. However, considering the
two critical functions �load support and parasitic energy dissipa-
tion� of the bearings, the hydrodynamic airfoil bearing cannot be
as simple as claimed. In fact, the success of bump foil bearings in
industrial applications owes to continuous air cooling through the
space behind the top foil and adequate surface coatings that can
survive dry rubbings during start/stops. Especially when the hy-
drodynamic airfoil bearings are operated under large external
loads, the importance of cooling and wear-resistant coating is
more evident.

Kim and Park �26� introduced the first concept of hybrid airfoil
bearing �HAFB� with hydrostatic orifices formed on the top foil.
The HAFB combines benefits of airfoil bearings and hydrostatic
air bearings, providing very little friction during start/stops and
stable operation due to damping of the elastic foundations.

The motivation of the HAFB comes from the critical limitation
of current cooling method of hydrodynamic airfoil bearings and
dry rubbing issue. Firstly, the notorious thermal runaway of foil
bearings comes from mainly rotor thermal expansion/distortion
rather than the bearing itself. Because the cooling air passes
through the space behind the top foil, the cooling efficiency is low
and can consume a lot of air to achieve the required cooling per-
formance. Furthermore, the current cooling method cannot be ef-
fective in controlling the rotor thermal distortion. However, in
HAFB, the hydrostatic air line to the inside of the bearing clear-
ance serves as an effective energy dissipation mechanism via
forced convective cooling of both the bearing and rotor surfaces.
Another major advantage of HAFB is that it can eliminate the
chronic wears of the top foil and rotor during startups and stops.
Their experimental works �26� show that because of the hybrid
nature of HAFB, the hydrostatic air serves as a very effective
cooling mechanism without any additional cooling air. They dem-
onstrated higher load capacity of HAFB as compared to its hydro-
dynamic counterpart �with traditional cooling�. They showed that
the airflow rate used for hydrostatic operation is less than 10% of
the cooling airflow used for hydrodynamic foil bearing. In addi-
tion, their predictions using orbit simulations showed increased
stability of the rotor bearing system due to external pressurization.

The present study is a continuation of the work done by Kim
and Park �26�, where they adopted time-domain orbit method to
investigate the rotordynamic performance of a rigid rotor in cy-
lindrical mode. Ideally, airfoil bearings �and most air bearings� are

best suited for high speed rigid rotors �with large shaft diameter�
operating below their first bending critical speed. However, airfoil
bearings are often considered with flexible rotors with locally
large shaft diameter in regions where the bearings are located.
Adoption of time-domain nonlinear orbit simulations to these
flexible rotors supported on airfoil bearings require enormous
computational time and thus is not practical. For general synchro-
nous rotordynamic vibration analyses, stiffness and damping co-
efficients of the airfoil bearings can be used with commercial
rotordynamic software.

Scope of the Paper
As pointed out earlier, nonlinear time-domain rotordynamic

analyses on a flexible rotor supported by airfoil bearings require
intense computational effort. As a preliminary design step, usage
of bearing stiffness and damping coefficients with commercial
rotordynamic software can reduce the computational time and
provide quick design guidelines of the whole rotor-bearing sys-
tem.

In this article, the bearing stiffness and damping coefficients of
HAFB are calculated using a linear perturbation method devel-
oped for HAFB. The initial study focuses on circular HAFB with
a single continuous top foil supported by bump foils �Fig. 1�,
which are under manufacturing for experimental evaluations of
load capacities and imbalance response. This article also includes
a parametric study, which outlines the dependence of the stiffness
and damping coefficients on various design parameters such as
supply pressure �Ps�, feed parameter ��s�, excitation frequency
���, and bearing number ���.

Hybrid Airfoil Bearings (HAFBs)
The bearing shown in Fig. 1�a� has a single continuous top foil

and a two bump foil strips. External pressurization is supplied
through four feed tubes, which directly discharge air through the
top foil to the bearing clearance. Circumferential arrangement of
the feed tubes is shown in Fig. 1�b�. The feed tubes are located at
�=72 deg, 166 deg, 247 deg, and 341 deg. The purpose of the

(a)

(b)

Fig. 1 Schematic description of circular HAFB and coordinate
system for analysis „a… schematic description of HAFB „b… co-
ordinate system for analysis
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unsymmetrical placement of the feed tubes is to put the orifices on
top of the bumps, as described in Fig. 1. Table 1 shows the di-
mensions of the bearing, and the stiffness in the table was evalu-
ated using the formula for free-free proposed in Ref. �27�.

Solution Methodology
Figure 2 shows the grid scheme for the control volume and the

dynamic mass balance.
In Fig. 2, ṁs is the air mass flow rate through the orifice. Also,

ṁx and ṁz from the classical formulation of Couette–Poiseuille
flows are defined as

ṁx = �−
1

12�

p

RgT
h3�p

�x
+

p

RgT

hR�

2
��z �1�

ṁz = �−
1

12�

p

RgT
h3�p

�z
��x �2�

In the above equations, x is a local coordinate attached on the
bearing surface along the circumferential direction, z is a coordi-
nate in the axial direction, h is film thickness, p is pressure, � is
viscosity of air, Rg is the gas constant of air, and T is the tempera-
ture of supplied air. The dynamic mass balance of the control
volume under transient condition gives

�ṁx + ṁz�in + ṁs − �ṁx + ṁz�out =
d��V�

dt
=

�x�z

RgT

d�ph�
dt

�3�

Substituting values from Eqs. �1� and �2� in the above equation,
we get the Reynolds equation for compressible fluids with hydro-
static supply

�

�x
�−

1

12�
ph3�p

�x
+

R�

2
ph� +

�

�z
�−

1

12�
ph3�p

�z
� +

��ph�
�t

=
RgTṁs

�x�z

�4�
Nondimensionalizing Eq. �4� yields

Ṁs

���Z
+

�

��
�PH3�P

��
� +

�

�Z
�PH3�P

��
� = �

�

��
�PH� + 2��

�

�	
�PH�

�5�

where P= p / Pa, �=x /R, Z=z /R, 	=�st, H=h /C, bearing number

�=6�� / pa�R /C�2, excitation frequency ratio �=�s /�, and Ṁs

=12�RgTṁs / pa
2C3. �s is the excitation frequency. See Fig. 1 for

more details on the coordinate system used.

Assuming the flow through the orifice as an isentropic process,
the mass flow rates of the compressible fluid for the choked and
unchoked conditions are given by the following.

Unchoked: P / Ps
 �2 /k+1�k/�k−1�=0.5283.

ṀS = �sPsH� 2k

k − 1
�� P

Ps
�2/k

− � P

Ps
��k+1�/k��1/2

�6�

Choked: P / Ps� �2 /k+1�k/�k−1�=0.5283.

ṀS = �sPsH�2
k

k + 1
�1/2� 2

k + 1
�1/�k−1�

�7�

where �s=12�CdA0
	RgT / paC3 is a feed parameter, Ps is the sup-

ply pressure, k is the ratio of specific heats for air, and Cd is a
discharge coefficient. In the feed parameter, A0 is the reference
orifice curtain area defined as A0=�d0C, where d0 is the orifice
diameter.

For the perturbation analysis, equation of motion for the elastic
foundation corresponding to the computational finite domain
should be developed. For simplicity, the inertia of the elastic foun-
dation is neglected and it is further assumed that each elastic
foundation supports the corresponding top foil independently.
Then, the equation of motion of elastic foundation becomes

pAb = kbu + cb
du

dt
�8�

where kb and cb are the effective stiffness and viscous damping
coefficients of the elastic foundation, and Ab is the effective area
for the elastic foundation. Note that the stiffness per unit area in
Table 1 is kb /Ab. Assuming the motion of elastic foundation is
sinusoidal in normal operating conditions, the equivalent viscous
damping coefficient can be found from structural damping model
through structural loss factor, i.e., 
=cb�s /kb. For the present
simulations, the structural loss coefficient of 0.25 is used for every
elastic foundation. The chosen structural loss factor is from the
empirical results of well-designed bump foil bearings �18,28,29�.
Writing the bump dynamic equation in nondimensional form
yields

P = KbU + Cb�
dU

d	
�9�

where Kb=kbC / paAb and Cb=cbC� / paAb are nondimensional
bump stiffness and damping coefficients, respectively. Linearizing
Eqs. �5� and �9�, as illustrated in Refs. �5,11,30�, yields the zeroth
and first order equations.

Zeroth order:

�

��
�P0H0

3�P0

��
� +

�

�z
�P0H0

3�P0

�z
� + � 2k

k − 1
�1/2 �sPs

���Z
f�H0,P0�

= �
�

��
�P0H0� + 2��

�

�	
�P0H0� �10�

First order:

�
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3�P�

��
� +

�

�Z
�P0H0

3�P�

�Z
�

+ � 2k

k − 1
�1/2 �sPs
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�H
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��3H0
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��
��

+
�

�Z
��3H0
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i�
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3P��� �P0

�Z
��

Table 1 Bearing parameters

Bearing diameter, 2R 38.1 mm
Bearing axial length, L 38.1 mm
Nominal clearance, C 32 �m
Bump stiffness per unit area 4.7 GN /m3

Top foil thickness 100 �m

Fig. 2 Mesh defined for analysis
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= �
�

��
�P0� Pa

Kb�1 + 
i�
+ g�� + P�H0�

+ 2��iP0�P0� Pa

Kb�1 + 
i�
+ g�� + P�H0� �11�

where �=X ,Y and gX=cos �, gY =sin �. Note that PX and PY are
complex number with real and imaginary parts. The values of
f�H0 , P0�, ��f�P ,H� /�P�P0,H0

, and ��f�P ,H� /�H�P0,H0
for choked

and unchoked conditions are given below.
Choked:

f�H0,P0� = H0 �12�


 �f�P,H�
�P



P0,H0

= 0 �13�


 �f�P,H�
�H



P0,H0

= 1 �14�

Unchoked:
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�17�

Once the zeroth order equation is solved for equilibrium pres-
sure profile and film thickness �P0 ,H0�, the first order equation is
solved to get the perturbed pressures. The perturbed pressure pro-
file is then used to find the frequency-dependent stiffness and
damping coefficients.

�kxx kxy

kyx kyy
� =

W0

C
�Kxx Kxy

Kyx Kyy
�

= −
W0

C

R

2L �� �Re�Px�cos � Re�Py�cos �

Re�Px�sin � Re�Py�sin �
�

�18�

and

�cxx cxy

cyx cyy
� =

W0

C�s
�Cxx Cxy

Cyx Cyy
�

= −
W0

C�s

R

2L �� �Im�Px�cos � Im�Py�cos �

Im�Px�sin � Im�Py�sin �
�
�19�

As mentioned earlier, both the zeroth order and first order equa-
tions were solved using finite volume methods with under relax-
ation. The grid size used for the numerical analysis was 104 in the
circumferential direction and 14 in the axial. The grid indepen-
dency study of the numerical method followed in the present ar-
ticle was done in Refs. �10,11�. The convergence criterion for the
pressure was max�Pi,j

n+1− Pi,j
n / Pi,j

n ��5�10−6, where n is the itera-
tion index.

The equilibrium position of the rotor was found using orbit
simulations, which are detailed in Ref. �11�. For the zeroth order

solution, the 1D analytical beam model proposed by Kim and
Park �26� was further advanced �31� to consider top foil sagging
effect more accurately using three computational grid points be-
tween two bumps, as shown in Fig. 3. Figure 4 shows the pressure
profile obtained by numerically solving the zeroth order equation.
The peaks in the pressure profile are due to hydrostatic feed lines,
the highest of which corresponds to the loaded region of the bear-
ing.

In the first order solution, the pressure and film thickness solved
in the zeroth order solution are used as inputs. The first order
solution uses the same computational grid, as shown in Fig. 3, but
the stiffness per unit area �Table 1� and corresponding equivalent
damping are assigned to each computational grid point. The per-
turbed pressure in X-direction obtained from the first order equa-
tion is shown in Fig. 5.

Results and Discussion
The bearing stiffness and damping coefficients of HAFB were

calculated with various feed parameters ��s�, excitation frequen-
cies ���, supply pressures, and bearing numbers ���. Note that the
feed parameter and bearing number are directly proportional to
the orifice diameter and rotational speed, respectively.

First, the effect of various feed parameters on the bearing co-
efficients was investigated for different supply pressures at fixed
bearing number of �=1.25 �rotor speed of about 30,000 rpm�. For
all the simulations, the bearing is under a static load of 60 N in the
X-direction �see Fig. 1�.

Fig. 3 Grid scheme

Fig. 4 Zeroth order pressure profile, �=1.25, and static load
60 N

Fig. 5 First order perturbed pressure profile „PX…, �=1.25, and
static load 60 N
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Figure 6 depicts the predicted synchronous direct stiffness co-
efficients versus the feed parameter. In general, the direct stiffness
decreases with the increase in either the feed parameter or the
supply pressure. At very low feed parameters, the stiffness value
for all the pressures converge to a single value, which corresponds
to the hydrodynamic case. The decrease in stiffness with supply
pressure or feed parameter can be explained from journal eccen-
tricity and attitude angles, as shown in Figs. 7 and 8.

Figure 7 shows the predicted journal eccentricity versus the
feed parameter ��s� for increasing supply pressures. Because of
the fixed load, journal eccentricity decreases with an increase in
either the feed parameter or the supply pressure. Since the feed
parameter is directly proportional to the orifice size, one can con-
clude that the larger the orifices size, the smaller the eccentricity
for a given pressure.

Figure 8 presents the trend in attitude angle versus the feed
parameter for different supply pressures. Higher supply pressure
or increase in feed parameter decreases the attitude angle. At rela-
tively high values of the supply pressure and feed parameter, the
attitude angle is negative. This can be attributed to the fact that
with higher pressures more hydrostatic thrust is developed on the

rotor. Now with more thrust and with the present arrangements of
the feed tubes �Fig. 1�, the rotor moves into the second quadrant
corresponding to �, yielding negative attitude angles. The small
attitude angle in HAFB is very beneficial in terms of reducing
cross-coupled stiffness and hydrodynamic instability.

Figure 9 shows predicted synchronous cross-coupled stiffness,
which contributes to destabilizing forces in the gas bearings. In
general, the cross-coupled stiffness decreases with supply pres-
sure. For all pressures, stiffness values decrease for �s�0.8, after
which they increase gradually.

Figures 10 and 11 show the direct and cross-coupled damping
coefficients, respectively. Both damping coefficients increase
slightly with an increase in feed parameter. The variation is not
much for the direct damping coefficient, but significant for the
cross-coupled damping for �s�1. The damping coefficients show
a converging trend at higher feed parameters for all the supply
pressures. The cross-coupled damping crosses over at �s=1.2, as
shown in Fig. 11. This can be attributed to the fact that the higher
the pressure, the earlier the cross-coupled damping becomes in-

Fig. 6 Predicted direct stiffness coefficients versus feed pa-
rameter „�s… with increasing supply pressure, �=1.25

Fig. 7 Predicted journal eccentricities versus feed parameter
„�s… with increasing supply pressure, �=1.25

Fig. 8 Predicted attitude angle versus feed parameter „�s…

with increasing supply pressure, �=1.25

Fig. 9 Predicted cross-coupled stiffness coefficients versus
feed parameter „�s… with increasing supply pressure, �=1.25

Fig. 10 Predicted direct damping coefficients versus feed pa-
rameter „�s… with increasing supply pressure, �=1.25

Fig. 11 Predicted cross-coupled damping coefficients versus
feed parameter „�s… with increasing supply pressure, �=1.25
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sensitive to increasing feed parameter. The crossover happens be-
cause damping, in the case of Ps=6, becomes insensitive to feed
parameter much earlier as compared to Ps=3.

Figure 12 depicts the predicted direct stiffness coefficients ver-
sus the excitation frequency ratio ��� at increasing supply pres-
sures. Stiffness coefficients increase for ��1 but show converg-
ing trend at high excitation frequency ratios. In general, at low �,
lower pressures give higher stiffness values but the variation is not
much with the supply pressure at higher frequencies. Cross-
coupled stiffness versus � is shown in Fig. 13. The cross-coupled
stiffness is rather high at ��1 with rapid decrease with �. How-
ever, the cross-coupled stiffness is almost independent of the � for
�
1.

Frequency-dependency characteristics of direct and cross-
coupled damping coefficients are shown in Figs. 14 and 15, re-
spectively. Both damping coefficients show a decreasing trend
with an increase in � at low � and are almost frequency indepen-
dent at higher excitation frequencies. The damping coefficients
show a converging trend toward null value at high �. The loss of
damping is accompanied by large direct stiffness coefficients at
high � �Fig. 12� showing a typical hardening effect of gas bear-
ings.

Figure 16 shows the predicted nondimensional journal eccen-
tricity versus the bearing number ��� for increasing supply pres-
sures at feed parameter �s=0.6. In general, the nondimensional
eccentricity decreases with an increase in either the bearing num-
ber or supply pressure. The variation in eccentricity with supply
pressure is large at low bearing number �low rotational speeds�. At
high bearing numbers, the variation decreases and the nondimen-
sional eccentricity shows a converging trend.

Figures 17 and 18 show the direct and cross-coupled stiffness
coefficients, respectively. The direct stiffness coefficient increases
rapidly at low bearing numbers but shows a converging trend at
high bearing numbers. In general, lower supply pressures give
higher stiffness values and this can be attributed to the fact that
eccentricity increases with decreasing supply pressure �Fig. 16�.
Cross-coupled stiffness decreases rapidly with bearing number,
and in general, higher pressures give lower cross-coupled stiffness
values.

Figure 19 depicts the direct damping coefficient with increasing
bearing number for various supply pressures. The direct damping
coefficients decrease rapidly for ��1 after which a converging
trend is observed. Direct damping values are almost independent

Fig. 12 Predicted direct stiffness coefficients versus excita-
tion frequency ratio with increasing supply pressure, �=1.25

Fig. 13 Predicted cross-coupled stiffness coefficients versus
excitation frequency ratio with increasing supply pressure, �
=1.25

Fig. 14 Predicted direct damping versus excitation frequency
ratio with increasing supply pressure, �=1.25

Fig. 15 Predicted direct stiffness versus excitation frequency
ratio with increasing supply pressure, �=1.25

Fig. 16 Predicted journal eccentricities versus bearing num-
ber „�… with increasing supply pressure, �s=0.6

Fig. 17 Predicted direct stiffness versus bearing number „�…

with increasing supply pressure, �s=0.6
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of variation in supply pressure. Cross-coupled damping �Fig. 20�
shows a similar variation with bearing number, although in this
case they change with the supply pressure.

Conclusions
Simulations show that feed parameter and supply pressure af-

fect the dynamic characteristics of airfoil bearings. With the in-
crease in either the supply pressure or the feed parameter, the rotor
centers itself, and hence, one sees a decrease in direct stiffness.
Simulations show that the cross-coupled stiffness, which contrib-
utes as a destabilizing force, could be reduced by increasing either
the supply pressure or the feed parameter. There is a critical feed
parameter ��s� beyond which the cross-coupled stiffness is mini-
mal. Direct damping, which dampens the vibrations in the bear-
ing, showed increasing trend with the supply pressure and the feed
parameter. The predictions demonstrate that the instabilities in air
bearings can be attenuated by modulating the supply pressure.

Frequency-domain analysis of the bearing coefficients showed
expected trends. The direct damping showed marginal changes
with supply pressure but showed rapid increase with increasing
excitation frequencies. The damping converged to null values for
all the pressures for supersynchronous excitations. The loss in
damping with high stiffness values for high frequency excitation
is a typical hardening effect of gas bearings. In almost all the
cases, there are rapid decreases in cross-coupled stiffness and
damping and the values show converging trends in supersynchro-
nous regime.

The trends one sees in bearing stiffness coefficients with in-
creasing bearing number are basically the trends with increasing
rotational speed. In general, direct stiffness increases rapidly at
low bearing number but showed converging trends at high bearing

number. It is interesting to note that the cross-coupled stiffness
and direct damping decrease with increasing bearing number and
cross-coupled stiffness are, in fact, negative for high pressures.
Note that the destabilizing force is proportional to KXY −CXX /�
and with the trends in cross-coupled stiffness and direct damping,
there is a possibility that backward whirl may be induced in the
bearing. However, this backward whirl will always be dominated
by forward whirl generated by the imbalance.

Nomenclature
Ab � effective area that one bump covers

Acont � computational area surrounding the orifice
C � nominal clearance

Cb � nondimensional damping coefficient of elastic
foundation

cb � bump damping
H � nondimensional film thickness
h � film thickness

HX,Y � perturbed film thickness gradient in X and Y
k � ratio of specific heats for air

Kb � nondimensional stiffness coefficient of elastic
foundation

kb � bump stiffness
mr � rotor mass

Ṁs � nondimensional mass flow rate
ṁs � mass flow rate
P � nondimensional pressure

pa � ambient pressure
P0 � nondimensional zeroth order pressure
ps � supply pressure

Fig. 18 Predicted cross-coupled stiffness versus bearing
number „�… with increasing supply pressure, �s=0.6

Fig. 19 Predicted direct damping versus bearing number „�… with increasing
supply pressure, �s=0.6

Fig. 20 Predicted cross-coupled damping versus bearing
number „�… with increasing supply pressure, �s=0.6
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PX,Y � nondimensional perturbed pressure gradient in
X and Y

R � bearing radius
Rg � gas constant of air
T � gas temperature
U � nondimensional bump deflection
u � bump deflection
Z � nondimensional axial coordinate

�H � nondimensional perturbed film thickness
�P � nondimensional perturbed pressure field


 � structural loss factor
� � bearing number
� � air viscosity
� � excitation frequency ratio �EFR�
� � circumferential coordinate
	 � nondimensional time
� � rotor speed

�s � excitation frequency
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A Case Study for a
Turbogenerator Accident Using
Multiscale Association
This paper presents a novel method of multiscale association for analyzing a turbogen-
erator accident having strange behaviors and serious consequence. Wave index (WI) and
credibility of sensor fault are proposed based on multiscale analysis of the recorded data,
and then the associational degree of WI is used to detect sensor fault. In addition,
mechanism models are built to verify that detection. Furthermore, maximum likelihood
method and neural network are applied to estimate the confidence interval of the fault
sensor and the true signal. The estimation has been used to clearly explain the cause of
this accident. �DOI: 10.1115/1.2943149�

1 Introduction
The economic and secure operation of power stations directly

affects the reliability of the whole power systems that play a fun-
damental role in the national economy. Serious accidents in power
stations have highly negative impact on power systems. Two of
the worst power station accidents, namely, Three Mile Island and
Chernobyl Nuclear fuel leakage accidents, affected even the de-
velopment of the power industries. Other recent major accidents,
such as the broken rotor damage of the South China Sea, Japan,
and Datong and Qinling, China, and the boiler furnace explosion
of Beilun port, China, have resulted in huge economic loss. In
power stations, the turbogenerator is one of the most important
equipments. However it is so complex that it is impossible to
conduct simulations concerning the large number of uncertain fac-
tors or to perform destructive tests. Therefore, one must carry out
a detailed investigation diagnosis of every serious turbogenerator
accident and should study various approaches to avoid similar
accidents.

Now many methods of artificial intelligence are used in fault
diagnosis �e.g., expert systems and fault trees causal model� �1,2�.
An expert system is an accident diagnostic system based on rules
�3–6�. Fault tree is a logic tree that propagates primary events or
faults to a top level event or a hazard. This is a physical analytical
method that is based on the understanding of the mechanism of
the process �7,8�. Vibration diagnostic methods, commonly used
in equipment accident analysis, detect faults with vibration signals
�6,9�. Many other relevant methods, such as directed graph, ob-

server, filters, qualitative simulation, neural network, and statisti-
cal estimations, are also used to handle different problems
�10–12�. These methods have different characteristics and are usu-
ally used together in practice.

Fault diagnosis is hard to work on complex systems, especially
those in which some important data are lost or unavailable. As a
result, it is important to efficiently recover the process of an acci-
dent from incomplete history data. This recovery step is helpful
not only to find the cause of the accident but also to design a
strategy for preventing similar accidents.

Since a serious turbogenerator accident happened in China,
where a rotor of a turbogenerator was broken into eleven seg-
ments, it is necessary to study the turbogenerator accident. In this
paper, we discuss this turbogenerator accident and determine the
key state of the accident with artificial intelligence methods. Ac-
cording to the multiscale features of the turbogenerator, we pro-
pose an approach to analyze the accident. In Sec. 2, we briefly
describe the scene of the accident. In Secs. 3 and 4 we identify the
sensor faults in the accident through multiscale association detec-
tion and physical mechanism analysis. Then we quantitatively es-
timate the key state of the turbogenerator using the maximum
likelihood method and neural network technique based on the
multiscale structure model of the turbogenerator in Sec. 5. Finally,
the accident is well explained according to the state changing
process estimated in Sec. 6.

2 Description of the Accident
One 200 MW turbogenerator of a power plant in Northeast

China suffered a serious accident. This was a steam reheat unit
with triple cylinders and two exhaust hoods, and the structure of
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the rotor shaft is shown in Fig. 1. The control system of the unit
was electrohydraulic. Here, the load control was implemented ei-
ther by the manual control system or by the automatic control
system. In the manual control mode, operators manipulate a gov-
ernor motor according to the output power meter. In the automatic
control mode, the load is automatically controlled by an electro-
hydraulic governor.

The accident is described as follows. The turbogenerator was
running normally with a load of 170 MW in the morning. The
pressure, the temperature, and the mass flow rate of the main
steam were 12.6 MPa, 535°C, and 536.9t /h, respectively. At
1:47:30 �1 h, 47 min, 30 s�, the level of lubricants was lower than
normal. Then the thermal protection of the power plant started up
and caused the load of the power plant to be rejected from
170 MW. After the operators checked the equipments, they
thought that there was no problem with the unit. So they set it up
again and again, and then the turbogenerator was ruptured about
10 min later. The broken rotor segment at neck on the side close
to generator is about 1.5 m. This segment flew away for 35 m.
Figure 2 shows one surface of the fracture segments. The third
and fourth bearings were damaged, and their upper bearing hous-
ings were broken. The fifth to seventh bearings and their housings

were corrupted. The exciter bearing was also damaged. As to the
turbine, the closures of the roof wear, steam separators, and rotor
closures of high-pressure �HP� steam cylinder were seriously
worn off. The 21st leaf shedding of cylinder pressure was partially
ringed, and the 22nd full-leaf blade tips were worn off about
10 mm. The 27th leaves of the LP cylinder rotor were worn off
about 200 mm from the leaf roof, and about 27 leaves in the 32nd
level were broken at 15 mm from the leaf bottom. The broken
leaves are shown in Fig. 3.

The process of this accident according to the recall of operators
and process data can be described as follows. During the accident
investigation process, the operators recalled the accident situation
that they inspected the turbogenerator once its load was rejected.
Moreover, they considered that the running state was normal.
Then they set it up according to operation rules. The operators
found the oil pressure of the velocity adjustment to be lower dur-
ing the manual restarting process. So they suspended the setup.
When the oil pressure of the velocity adjustment was recovered,
they started the turbine again and found the main steam valves
and the reheat valves closed as they were ready to switch from
hydraulic control to digital electrohydraulic �DEH� control. Then
the turbine was restarted using a hydraulic operation style, and the
main steam valves were closed again. At that time, a huge explo-
sion happened and the turbogenerator was damaged. The opera-
tors said that they were so tense that they could not memorize the
details of the accident process clearly. Therefore the relevant de-
tails are not available.

This power plant had installed a recalling accident system �se-
quence of event �SOE�� to record operating information of switch-
ing equipments and a data acquisition system �DAS� to record the
process data of the main parameters. The records can be viewed as
the most reliable information for the accident analysis. As the

Table 1 Main stream valve recorded by SOE before the
accident

Time State

1:47:30:000 1 IP MSV closing
1:47:30:150 2 IP MSV closing
1:47:30:515 1 HP MSV closing
1:50:36:118 2 HP MSV closing
1:51:24:276 2 HP MSV opening
1:51:26:574 2 IP MSV opening
1:51:32:253 1 IP MSV opening
1:53:37:126 2 HP MSV closing
1:53:37:131 1 IP MSV closing
1:53:37:150 2 IP MSV closing
1:55:29:103 2 HP MSV opening
1:55:32:670 2 IP MSV opening
1:55:36:558 2 IP MSV closing
1:56:08:223 2 HP MSV closing
1:56:10:980 2 HP MSV opening
1:56:14:328 1 HP MSV opening
1:56:27:501 1 HP MSV closing
1:56:27:515 2 IP MSV opening
1:56:27:541 2 IP MSV closing
1:56:27:647 2 IP MSV opening
1:56:29:910 2 HP MSV closing

Fig. 2 Front section of the LP rotor

Fig. 3 Fractional leaves of the LP rotor

HP steam
turbine rotor

IP steam
turbine rotor

Rigid
couplings LP steam

turbine rotor

Semiflexible
couplings

Generator rotor Exciter rotor

1st 2nd 3rd 4th 5th 6th 7th 8th
Front bearing
housing

Toothed couplings
with main oil pump

Fig. 1 Rotor shaft structure of the turbogenerator
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turbogenerator is damaged, the parameters relevant to the turbo-
generator should be focused on. The parameters in SOE record the
switching states of main steam valves. Table 1 shows the data
before the accident, where we can see that the valves are fre-
quently switching before the accident. The facts indicate that the
turbogenerator has been started up and stopped for many times.
The parameters relevant to turbogenerator in DAS record running
states of the main steam and rotor. To be more specific, the steam
parameters include the mass flow rate and the pressure of the main
steam, the outlet pressure of the main steam valve, the pressure of
the HP cylinder exhaust steam, the pressure of the reheat valve,
the axial displacement, etc. The rotor parameters include the rotor
speed, the stator voltage, the excitation voltage, the relative ex-
pansions of HP, intermediate-pressure, and low-pressure cylin-
ders, and the vibration of bearings. The values of the parameters
before the accident are shown in Figs. 4–8. It can be seen from
these figures that the parameters are stable before load rejection.
Most of them fluctuate about 8 min after load rejection, and then
turn into sudden and dramatic changes. We see that the main
steam largely flowed into the turbine cylinders in an instant at
1:56:10, as shown in Fig. 4.

According to these records, we can get the following conclu-
sions. First, from the viewpoint of investigators, the typical frac-
ture interface is caused by tremendous local mechanical stress,
and the mechanical stress is caused by the overspeeding of the
turbogenerator. Second, according to the recorded data of SOE,
the reheat valve started later than the main steam valve when the
load was rejected, as shown in Table 1. This abnormality might
generate powerful shock waves, which instantly produced the
great pressure difference among diaphragms of the LP cylinder.
This pressure difference crashed the diaphragms, and the crashed
diaphragms gradually caused this accident during the repeat re-
starts. Third, in terms of records of DAS, as shown in Fig. 4, the
main steam flow instantly surged into the turbine cylinders at
1:56:10, and Fig. 5 shows that the rotor speed was still zero before
1:56:10. Then, the rotor speed will normally not exceed 3000 rpm
according to the energy equation of the rotor and the mass flow
rate of the main steam. So the accident might have been caused by
material defects of the rotor. Furthermore, according to the opera-
tors’ recall, they had carefully examined the plant before they
started up the turbogenerator, and they operated the turbogenera-
tor on the operation rule until the accident occurred.
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We get various judgments based on different sources of infor-
mation. So the running process needs to be analyzed in detail to
understand the relation between the judgments and the trip acci-
dent. During the trip accident, the records of DAS might be the
most reliable information reflecting the running process, so a more
careful analysis of records of DAS is required.

On the other hand, there was an inconsistent idea about whether
the turbine was seriously overspeeding. The fracture interface of
the rotor shows that the turbine was overspeeding, while the com-
putation of the main steam flow and the rotor speed of DAS shows
that it was not overspeeding. We can infer that some failure hap-
pened, which the operators did not notice and then the failure
might have led to faults in the monitoring system. Therefore the
records of DAS may be wrong due to sensor faults. We would
analyze whether there are sensor faults just based on the records
of DAS. So the most important work is to recover the main pro-
cess based on the incomplete information in DAS.

3 Sensor Fault Detection
Figures 4–8 show that there are two abrupt points for most

signals of DAS at 1:48:00 and 1:56:10. So we can divide the
running process into three phases in the time domain. Phase I is

before 1:48:00 �the process of the turbine before load rejection�,
in which all the parameters were normal. This phase can be named
the load carrying state where the power plants were still in power
supply mode. Phase II is after 1:56:00 �the instant when the pro-
cess of the turbine at the accident occurred�, in which most pa-
rameters sharply deviated from the normal operating state. This
state consists of a period starting from 1:56:10 at which most
signals started to jump until the accident happened. There, often,
many other faults adjoint with big changes in the parameters hap-
pened. Phase III is the period from 1:48:00 to 1:56:10, that is, the
period of transition from normal operation to the accident process
between the above two phases. Compared with Phase II, all the
signals were in the normal operating range in Phase III. So rela-
tions among equipments of the turbogenerator might be stable,
and we can detect the fault sensors using these stable relations as
redundant information. Phase III would be the key to analyze the
evolution of the accident. Because this phase is close to the mo-
ment, the accident happened. Next we try to detect the fault sen-
sors by the multiscale association characteristics of the turbogen-
erator records of DAS, and to verify the result of detection by
analyzing the turbine mechanism.
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3.1 Multiscale Analysis of the Turbine. The operations of
the turbogenerator were uncertain before the accident, and the
records of DAS were inaccurate, so it is difficult to directly build
the model for a diagnosis of sensor fault by the turbine mecha-
nism or running records. However there exists a fact that the
sensors are used to measure independent parameters of the tur-
bine, and all the sensors are highly reliable. It is impossible for a
large number of sensors to be broken at the same time. Even
though there are some fault sensors, the number of fault sensors
would be small. Further from the system point of view, the re-
corded signals contain the partial characteristic information of the
measured object and the whole system. So all the signals should
contain the system characteristic information. That is, if there are
some signals not containing this system information, they may be
considered as fault sensors. Based on the description above, if
there is any feature that is present in most of the signals of the
DAS records, then we can consider that as one of the system
characteristic information. Any sensor not containing this feature

might be broken.
Wave features are the main characteristics of systems. They

reflect the variation of system states. As we know, the turbine
system was restarted repeatedly. This leads to the wave of the
system. Sensors should have reflected these wave features. We
define the wave index �WI� as the ratio of signals containing wave
feature in all the signals recorded. That is,

WI =
number of signals with the wave feature

number of all signals recorded
. �1�

When WI is close to zero, the wave feature cannot be viewed as
system characteristic information. That is, this feature does not
reflect the state of turbine system operation. On the contrary, when
WI is close to 1 the wave feature can act as system characteristic
information.

Multiscale analysis is not only an important method for detect-
ing mutations, but is also good at analyzing the wave in different
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scales �13�. According to the multiscale analysis, on the small
scales, signals mainly contain high-frequency dynamic informa-
tion reflecting the local dynamic information of the measured ob-
ject. On the medium and large scales, signals mainly contain low-
frequency dynamic information. When analyzing WI for this
accident data, we should focus on the system characteristic infor-
mation. Therefore, we can study the data of DAS through the
multiscale analysis method, and then study the WIs on the me-
dium scales. After multiscale decomposition of the data, the wave
features on the three scales are shown in Fig. 9. To study the wave
features on the medium scale, we set the scale coefficients be-
tween two thresholds as zero for clearness and zoom out the
medium-scale coefficients of Fig. 9 in Fig. 10. Figure 10 shows
that there are four obvious wave features during Phase III.

3.2 Sensor Fault Detection Based on Multiscale Analysis.
Four pieces of data wave features at different timings were found,
and the WIs got close to 1 by selecting an appropriate threshold as
shown in Table 2. So these wave features can be viewed as some
of the turbogenerator characteristics. We select any of these wave
features, denoted by J. We consider that the sensor is broken down
if a sensor does not contain the wave feature J. The credibility of
sensor fault �CSF� is equivalent to WI of the single wave feature
J. If there are multiple wave features, the CSF should be a func-
tion of all the WIs. For example, if there are four wave features,
the CSF is computed as

CSF = 1 − �
J=1

4

�1 − CSFJ� = 1 − �
J=1

4

�1 − WIJ� �2�

where WIJ denotes the WI for the wave feature J.
The records of DAS have been employed to compute the cred-

ibility for all the sensors using Eq. �2�. The result is that the CSF
of the rotor speed and the line pressure of speed control are equal
to 1.000 and 0.9474, respectively, and the CSFs of other param-
eters are equal to zero. This shows that the sensors of rotor speed
and line pressure of speed control possibly suffer malfunction. As
rotor speed is one of the important parameters describing the tur-
bogenerator states, the correctness of the DAS records of turbine
speed will have greater effect on the analysis of this accident than

other signals. The focus of conflict just lies in the rotor speed.
Thus, we require to verify whether the rotor speed sensor was
broken down before the accident. To confirm the correctness of
the CSF analysis result, the judgment that the rotor speed sensor is
broken down was to be further verified in the next section.

4 Verification of the Sensor Fault With Mechanism
Model

To make clear whether the rotor speed sensor is broken down, it
is necessary to establish the corresponding mechanism model. As
input parameters of the model directly impact the complexity of
modeling, we first select the related parameters and then verify the
fault of the rotor speed sensor.

4.1 Parameter Selection Based on Multiscale Analysis. To
verify whether the rotor speed sensor is broken down, we need to
construct a model using the rotor speed parameters as output. The
complexity of modeling decreases with the increase in the quan-
tity of output parameter information contained in the input param-
eters. Therefore, we choose the parameters containing a large
amount of rotor speed information as input parameters of the
model. The problem is that the rotor speed sensor may be broken
down, so we cannot directly compare the rotor speed information.
With the multiscale association analysis of the turbine, we can
construct a benchmark signal that reflects rotor speed information
and then compute the similarity degree between the benchmark
signal and other measurements. According to the similarity de-
gree, we select the input parameters with great similarity to build
the model.

During load rejection, the rotor speed reflected the operational
feature of the turbogenerator system. Accordingly, the operational
feature of the turbogenerator contains a lot of information of the
rotor speed. The medium-scale signals of most of the measure-
ment parameters contain a lot of rotor speed information accord-
ing to the multiscale analysis of the turbogenerator. Thus, the
mathematical expectation with medium-scale signals would con-
tain the turbogenerator feature. We standardize the different mea-
sure signals related to turbogenerator. Then we compute their av-
erage value at the same time as that of the benchmark signal.

Similarity search is used to find the signals that are most similar
to the benchmark �14,15�. Using time-domain similarity algo-
rithm, we can compute the similarity degree of the signals relative
to the benchmark signal. The higher the similarity degree is, the
more benchmark information this parameter contains. The param-
eter with great similarity to benchmark can be used as the input of
models. Applying the time-domain similarity algorithm to the
medium-scale records of DAS, we get the results as shown in Fig.
11. We see that there are many parameters with great similarity

Table 2 WIs of the four wave features

Wave feature footnote J 1 2 3 4
Wave time 1:48:00 1:51:00 1:5:00 1:56:00

Wave index WIJ 1.0000 0.9737 0.9474 0.9737
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degree to the rotor speed.
We select the sensors with great similarity degree and group

them according to types and locations of the sensors. These sen-
sors are grouped into three subsets: vibrations of rotor, voltages of
generator, and differential expansion of turbine. The results are
shown in Table 3. We now verify the fault of rotor speed sensor
using the mechanism related to these parameters. Differential ex-
pansion parameters can be used to interpret rotor speed with the
mechanism of rotor stress and voltage parameters with the mecha-
nism of electric machinery. The mechanisms for rotor stress and
electric machinery are clearer than that of vibration. So we verify
the fault sensor according to these two mechanisms in the next
section.

4.2 Verification With Mechanism of Rotor Stress. The dif-
ferential expansion of the LP cylinder is the expansion of the LP
rotor relative to that of the LP cylinder. According to the mecha-
nism of electric machinery, the differential expansion is caused by
the rotor thermal expansion, centrifugal force, axial displacement,
and thermal expansion of LP cylinder. Because the exhaust pres-
sure of the LP cylinder is constant after load rejection, the cylinder
temperature and the rotor temperature have little change. So we
neglect thermal expansions of the rotor and the LP cylinder.

According to the stress mechanism of rotor under the centrifu-
gal force, the rotor deformation by centrifugal force is propor-
tional to the square of rotor speed approximately, i.e.,

n2 � 3000�Zc − Zzv� �3�

where n represents rotor speed, and Zc and Zzv represent differen-
tial expansion of LP cylinder and axial displacement, respectively.
Using Eq. �3�, we can get the rotor speed according to the mecha-
nism of rotor stress, denoted by SRS, as shown in Fig. 12. SRS can
reflect the relative change although SRS is only proportional to the

actual rotor speed approximately. Figure 12 shows that the SRS
fluctuate significantly but the rotor speed of DAS records is still
zero.

4.3 Verification With Mechanism of Electric Machinery.
To establish the mechanism model of electric machinery for veri-
fying the fault of rotor speed sensor through the excitation volt-
age, we firstly observe the changes in excitation voltage. Figure 7
shows that excitation voltage declined rapidly from 250 V to zero
after load rejection. The fact is that de-excitation was started as
the generator was disaggregated by electric power network, and
after the transient process of electromagnetism �shorter than 10 s�,
a weak magnetic field remains in the generator. According to the
electrical machinery theory, residual voltage can be induced when
the rotor rotates in the remained magnetic field. The residual volt-
age is approximately proportional to the rotor speed �16� and is
recorded as the excitation voltage in DAS. So we get the model
electric machinery, as

U = Kn �4�

where U and n are the excitation voltage and rotor speed, respec-
tively, and K is the coefficient of proportionality. The coefficient K
is the inherent characteristic of the turbine, and it is constant. This
shows that excitation voltage was proportional to the rotor speed
form 1:48:00 to 1:56:10. Because the flow rate of the main steam
rapidly decreased to zero after load rejection, the process can be
considered as the idle process affected only by frictional drag
from the load rejection to the first manual restart. So the propor-
tional coefficient can be determined by the load rejection test and
the excitation voltage of the idle process. The variation of rotor
speed can be computed by the excitation signal of DAS records
and the proportion coefficient. Then the excitation voltage can

Table 3 Classification of high similar parameters

Vibration signal of rotor Fifth bearing vibration
Vibration of eighth and fifth bearing caps
Vertical vibration of third, fourth, and sixth bearings
Horizontal vibration of third, fourth, and sixth bearings

Voltage signal of generator Excitation voltage of generator
Stator voltage of generator

Differential expansion signal Differential expansion of the LP cylinder
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roughly reflect the variation of rotor speed.
Figures 5 and 7 show that the rotor speed and excitation voltage

are approximately zero after load rejection. From 1:48:00 to
1:56:10, the WIs of excitation voltage are almost 1. This can be
explained by the residual voltage fluctuation. Therefore there is
fluctuation in the rotor speed as the speed is proportional to the
excitation voltage. A rotor speed is calculated through the mecha-
nism model of electric machinery. We name it as rotor speed by
mechanism of electric machinery, denoted by SEM. Figure 13
shows the SEM and the rotor speed of DAS.

After load rejection, the residual magnetic field of the generator
was weak as compared with the magnetic field under normal run-
ning. The excitation voltage induced by the residual magnetic
field was also weak. This will make the measurement accuracy of
excitation voltage so poor that the SEM just reflects varying trends
of the rotor speed, although the speed cannot be derived precisely.
Figure 13 shows the variation of speed computed with the mecha-
nism of electric machinery. The results reflect that the rotor speed
signal of DAS is different from SEM.

We get the conclusion that the rotor speed sensor was broken
down during the accident and the rotor speed data in the records
of DAS were bad based on the above analysis.

5 Signal Estimation
Although we get the conclusion that the rotor speed sensor was

broken down, the quantitative information of rotor speed is very
important for identifying the dynamic process of turbine and for
judging whether it is overspeed. Now we estimate the upper and
lower bounds of the rotor speed using maximum likelihood
method and the rotor speed with neural network.

5.1 Multiscale Association Structure of Signal Estimated.
To quantitatively estimate the rotor speed, we need to analyze the
relations between the rotor speed and the other parameters of the
turbogenerator. We focus on the operating mechanism and the
measurement accuracy. If there is a complex relation between the
rotor speed and a parameter, the rotor speed estimated by this
parameter may not be precise. If there are series of factors, the
estimation certainty may be poor. For example, to estimate rotor
speed based on the excitation voltage, we only use the principle of
electromagnetic induction. However, based on the differential ex-
pansion of the LP cylinder, we need Poisson effect for the me-
chanical material, effect for the centrifugal force, and thermal ex-
pansion of the cylinder. The comprehensive factors in the former
estimation are smaller than those in the latter. So the estimation
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accuracy and certainty of rotor speed based on excitation voltage
would be better than that those based on the differential expansion
of the LP cylinder. The excitation voltage induced in residual
magnetic field is so small that it is beyond the effective measure-
ment range of excitation voltage sensor. So the measurement ac-
curacy may be poor. However, the vibration signal is still in the
effective measurement range of the vibration sensor. Thus, the
measurement accuracy may be high in this case.

According to the above analysis, the multiscale association
structure for rotor speed estimation, in terms of certainty and ac-
curacy, can be built, as shown in Fig. 14. We should select the
input parameters close to the upper-left corner so that the esti-
mated performance is better. Considering the complexity of the

modeling, we choose the signals of excitation voltage, stator volt-
age, and bearing vibration as the input parameters. They are exci-
tation voltage, stator voltage, vertical vibration of the third bear-
ing, horizontal vibration of the third bearing, vertical vibration of
the fourth bearing, horizontal vibration of the fourth bearing, vi-
bration of the fifth bearing vertical vibration of the sixth, bearing
and horizontal vibration of the sixth bearing. We denote them as
Vect, Vstt, V3

�, V3
−, V4

�, V4
−, V5, V6

�, and V6
−, respectively. The output

of the estimated model is the rotor speed.
The specified parameters of the model structure are often deter-

mined by sample data. However, because of the test’s harmfulness
and high cost, the learning sample cannot be obtained by repeated
tests. Since the process after load rejection has been considered as
an idle process, we can set the signal of the rotor speed in the idle
process of the turbogenerator as the output signal of rotor speed in
load rejection. The period of the idle process is from 1:48:00 to
1:50:35, denoted by �t1, and the idle process during �t1 is shown
in Fig. 15. Thus, we collect the sample data as shown in Table 4.

Now we view the recorded data in �t1 and the rotor speed in
the idle process as the samples. The rotor speed from 1:48:00 to
1:56:10 needs to be estimated. We denoted this period by �t.

5.2 Estimation of Rotor Speed Using the Maximum Like-
lihood Method. Now we estimate the rotor speed using the maxi-
mum likelihood method based on the nine parameters �Vect, Vstt,
V3

�, V3
−, V4

�, V4
−, V5, V6

�, and V6
−�. These fitting functions between

the nine parameters and rotor speed, denoted by f i(xi�t�) �i
=1,2 , . . . ,9� can be obtained through a fitting method based on
the learning sample of �t1, where xi�t� is the input parameter. So
the relation between the fitting speed and the rotor speed is

n�t� = f i„xi�t�… + �ni�t�, i = 1,2, . . . ,9 �5�

where xi is the records of the ith parameter by DAS; �ni�t� de-
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Fig. 15 Curve of the idle rotor speed

Table 4 Sample data

No. Vect �V� Vstt �V� V3
− �mm� V4

− �mm� V5 �mm� V6
− �mm� V3

� �mm� V4
� �mm� V6

� �mm� Rotor speed �rpm�

1 2.0324 0.1269 10.8 5.979 6.4794 9.7509 8.7744 2.9394 7.456 3036.1
2 2.0324 0.1025 10.727 5.8447 6.3696 9.812 8.7622 3.0249 7.517 2992.5
3 1.8951 0.0964 10.678 5.7348 6.2719 9.8242 8.6401 3.0249 7.5415 2956.5
4 1.8951 0.0781 10.678 5.6005 6.1376 9.7387 8.6523 2.9516 7.517 2924.7
5 1.8951 0.0842 10.458 5.4418 5.979 9.7021 8.3969 2.8417 7.4072 2845.1
6 1.8951 0.072 10.288 5.3564 5.8335 9.6655 8.2983 2.8051 7.4194 2813.9
7 1.8951 0.072 10.08 5.2954 5.8081 9.6289 8.2128 2.8051 7.4072 2776.8
8 1.8951 0.0781 9.8608 5.1977 5.686 9.519 8.0908 2.8295 7.4072 2739
9 1.7578 0.0842 9.7265 5.1367 5.4174 9.4335 8.0297 2.7563 7.3095 2698.4

10 1.7578 0.0781 9.5678 5.2832 5.332 9.4213 7.8955 2.7075 7.2485 2661.8
11 1.6204 0.072 9.2138 5.3198 5.332 9.458 7.6147 2.6342 7.2363 2582.8
12 1.7578 0.0781 9.0063 5.1733 5.2587 9.3115 7.4682 2.5854 7.1875 2539.8
13 1.6204 0.0659 8.6035 4.8803 5.1245 8.9086 7.3096 2.4633 6.9921 2472
14 1.6204 0.0659 8.4204 4.7338 5.0634 8.7744 7.1508 2.4145 6.8579 2430.7
15 1.4831 0.0659 8.225 4.5996 5.039 8.7133 6.9189 2.3413 6.7602 2389.5
16 1.4831 0.0659 8.1152 4.5507 5.0024 8.4814 6.8212 2.3779 6.7236 2360
17 1.4831 0.072 7.9809 4.5019 4.8681 8.6889 6.4672 2.268 6.6748 2289.3
18 1.4837 0.072 7.7246 4.4287 4.6484 8.4326 6.4428 2.268 6.4672 2220.3
19 1.3458 0.0659 7.6513 4.331 4.5996 8.225 6.2231 2.2436 6.4062 2187.3
20 1.3458 0.0659 7.6879 4.2333 4.5385 8.0419 6.0034 2.5244 6.3452 2154.3
21 1.3458 0.0698 7.5537 4.1357 4.4897 8.0053 5.8935 2.3168 6.333 2112.4
22 1.3458 0.0659 7.4926 3.9648 4.4775 7.9687 5.8569 2.2314 6.2475 2081.8
23 1.3458 0.0598 7.395 3.9038 4.5019 7.9199 5.8447 2.3413 6.1865 2053.5
24 1.3458 0.0659 7.2729 3.8305 4.4531 7.7978 5.7836 2.1459 6.1987 2022.2
25 1.2084 0.0598 7.1264 3.9038 4.4409 7.6147 5.8325 2.2558 6.2231 1931.5

26 1.4837 0.0659 7.8833 4.4653 4.746 8.6279 6.4794 2.207 6.5771 2252.7
27 1.7578 0.072 9.4335 5.3686 5.3076 9.4702 7.7866 2.7075 7.2363 2624.1
28 1.8951 0.0781 10.544 5.5151 6.04 9.7021 8.5302 2.8906 7.5048 2887.6
29 1.3458 0.0598 7.1875 3.8061 4.4165 7.6513 5.7226 2.207 6.1987 1986.9
30 1.6204 0.0659 8.7744 5.0268 5.1855 9.104 7.3583 2.5366 7.0898 2504.4
31 1.3458 0.0598 7.1386 3.7084 4.392 7.4316 5.6494 2.1826 6.1499 1960.3
32 1.4831 0.0659 8.0419 4.5263 4.9414 8.6767 6.6503 2.3901 6.6992 2322.9
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notes the ith fitting bias.
The estimation bias �ni�t� satisfies a normal distribution. If the

estimation functions are written as n̂i�t�= f i(xi�t�), then

�n̂i�t� = n̂i�t� − n�t� � N�0,�i
2�, i = 1,2, . . . 9 �6�

where �i denotes the standard sample variance of the bias for
parameter xi.

We can improve the estimated accuracy of the rotor speed by
fusing the nine fitting functions based on the maximum likelihood
estimation. The maximum likelihood estimation function is

n̂�t� = �
i=1

9

kin̂i�t�, t � �t �7�

where

ki = � 1

�i
	
��

j=1

9
1

� j
	

As each fitting bias of rotor speed follows a normal distribution,
the estimation bias of the maximum likelihood estimation satisfies
normal distribution, i.e.

�n̂�t� = n̂�t� − n�t� � N�0,�2� �8�

where

� =��
i=1

9

�ki�i�2

According to the 3� criteria of a normal random variable, the
random variable is almost located in the range of ��−3� ,�
+3��, where � is the mean of the random variable, and � is the
standard deviation of the random variable. Then the upper-lower
limits of rotor speed estimated with the maximum likelihood es-
timates are n�t�= n̂�t��3�.

Based on the records of DAS, including excitation voltage, sta-
tor voltage and bearings vibration, as shown in Figs. 5–8, we get
the upper and lower limits of rotor speed, as shown in Fig. 18,
where �=17.6. From the figures we can see that the rotor speed
exceeds 3000 rpm during all the three setup processes of the
turbogenerator.

It is important to determine the speed at the last time of �t,
1:56:10, for judging the cause of the accident. According to the
maximum likelihood estimation, the rotor speed at 1:56:10 is
2985.8 rpm, and the confidence interval is �3038.5,2933.1� rpm.
This means that the rotor speed was close to the rated speed at that
time.

5.3 Estimation of Rotor Speed Using Neural Network. Ro-
tor speed estimated with the maximum likelihood method is an
optimal linear combination of the single estimates. However, to
estimate the rotor speed more accurately, we should use nonlinear
methods because the relations between multiple parameters may
be nonlinear. Neural network is a nonlinear modeling method.
Now we use the radial basis function �RBF� neural network to
estimate the rotor speed.

RBF neural network is a local approximation network, which
has powerful capability of function approximation �17,18�. The
network consists of three layers of nodes. The first layer connec-
tions implement a fan-out of the inputs to the hidden layer through
a set of unweighted connections. The hidden layer implements a
nonlinear transformation with Gaussian function as the basis func-
tion. The final output layer is the linear weighted sum of node
outputs of the hidden layer.

We construct a RBF neural network using the orthogonal least
squares learning algorithm proposed in Ref. �18�. The learning
procedure consists of two steps. The first step is to select the
centers, C, in the hidden layer for the samples. The second step is
to learn the weights, W, connecting the hidden layer to the output

layer.
The inputs of the neural network are the nine parameters �Vect,

Vstt, V3
�, V3

−, V4
�, V4

−, V5, V6
�, and V6

−�, and the output is the rotor
speed of the idle process. There are 32 samples, out of which we
select 25 samples as training samples and the other 7 samples as
test samples. The data are given in Table 4.

We set the mean squared error goal and the spread of RBFs as
0.01 and 3, respectively. We use the technique of k-fold cross-
validation to determine the best neural network. The training
samples are partitioned into nine equally sized subsets. Each sub-
set is used as a validation set for a RBF neural network trained on
the remaining eight subsets. The empirical accuracy is given by
the average of the accuracies of these nine RBF neural networks.
Then we select the RBF neural network whose accuracy is the
closest to the empirical accuracy as the final model. After being
trained, the neural network has five hidden nodes. The training
and test results are shown in Figs. 16 and 17. The results show
that the trained network model can accurately predict the rotor
speed.

The rotor speed estimated with the neural network is shown in
Fig. 18. The estimate of the rotor speed at 1:56:10 is 3012.2 rpm.

6 Analysis of Accident Cause
Figure 18 shows that there are three manual startup processes,

and the rotor speed of each startup had arrived to the rated speed.
Then the turbogenerator went into an idle process. The involving
process of this accident can be analyzed as follows: when the load
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Fig. 17 Comparison of the measured and the estimated rotor
speed for the testing samples
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Fig. 16 Comparison of the measured and the estimated rotor
speed for the training samples
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of the turbogenerator was rejected, the operators checked the tur-
bogenerator and thought that the equipments were normal. Al-
though the rotor speed sensor had been broken down, they did not
find this event. So the operators started up the turbogenerator
according to the tachometer of the rotor speed, which was bad.
The value of the tachometer of the rotor speed was zero, far lower
than the rated speed. To speed the turbogenerator up to the rated
value, the operators kept the setup state until the mechanical over-
speed protect controller automatically started to make the turbine
trip. Then the turbogenerator began the idle process. As the op-
erators thought that the turbogenerator was running normally, they
started the turbogenerator repeatedly and the turbine tripped by
the mechanical overspeed protect controller. At the third startup of
the turbogenerator, the mechanical overspeed protect controller
was destroyed, and the valves of the main steam could not be
closed. Then large steam flowed into the cylinders. The rotor
speed must be increasing because the energy of the steam was
converted into the mechanical energy of the turbine, although the
speed decreased after the final restart attempt.

Figure 4 shows that there was a large amount of main steam
flowing into turbine suddenly after 1:56:10. The mass flow rate of
the main steam was so large that the sensor can measure accu-
rately, so the rotor dynamic model could be built based on the
principle of thermodynamics and the recorded data of flow and
pressure of the main steam. Setting the initial state of the rotor
dynamic model as SNN at 1:56:10, we can compute the rotor speed
at the moment of the accident. The rotor speed is 4500 rpm at
1:56:30. As we know, the rated speed is 3000 rpm in China; the
speed is far greater than the rated speed. The accident can be
determined as a serious overspeed accident of turbine, which
causes the turbogenerator to be destroyed.

According to the estimated speed, studying the cause of fault of
the rotor speed sensor, investigators discovered that the direct
cause of the sensor fault is the failure of teeth-shaft coupling in
the main oil pump. Besides, the operators did not judge the state
of the turbogenerator correctly. Their misjudgments cause the ac-
cident.

7 Conclusions
A method of multiscale association analysis has been proposed

to investigate one serious accident in China. To analyze the cause
of the accident, the rotor’s overspeed before it is destroyed should
be confirmed. However, the rotor speed sensor may be broken,
and as a result it cannot reflect the real speed. We first use multi-
scale association to find the measurements relevant to the rotor
speed and then use them to estimate speed signal based on the
methods of maximum likelihood and neural network. Finally we
get that the estimated speed is high, 4500 rpm.

In order to avoid similar accidents, we suggest that one addi-
tional tachometer must be located for facilitating the operators to
compare and analyze the rotor speed during the process of startup
and incident handling. Some rules preventing similar accidents
should be added into operation regulations of 200 MW turbogen-
erators. The failure about the coexistence of such electrohydraulic
system should be allocated to the operation regulations, so that the
operators and maintenance personnel could judge and handle sud-
den events better with the rules.

The method of multiscale association analysis has been used to
detect the fault sensor and estimate the fault signal under the limit
data recorded for the system with multiscale characteristic. This
method, making full use of the recorded data and having a clear
mechanism principle, can also be applied to other cases of acci-
dents.
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Nomenclature
SRS � rotor speed signal by mechanism of rotor stress
SEM � rotor speed signal by mechanism of electric

machinery
SML � rotor speed signal estimated with maximum

likelihood
SNN � rotor speed signal estimated with neural

network
Vect � excitation voltage
Vstt � stator voltage
Vi

� � vertical vibration of the ith bearing
Vi

− � horizontal vibration of the ith bearing
n � rotor speed

Zc � differential expansion of the LP cylinder
Zzy � axial displacement
U � excitation voltage
� � variance of sample or estimation
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Experimental Analysis of Air/Oil
Separator Performance
Within the European research project (Advanced Transmission and Oil System Concepts),
a systematic study of the separation efficiency of a typical aeroengine air/oil separator
design was conducted. The main objectives were to obtain a basic understanding of the
main separation mechanisms and to identify the relevant parameters affecting the sepa-
ration efficiency. The results of the study contribute to an optimized separator technology.
Nonintrusive optical measurement techniques like laser diffraction and multiple wave-
length extinction were applied to analyze the separation efficiency and identify potential
optimization parameters. Oil mist with defined oil droplet size distribution was supplied
to the breather. By simultaneously measuring particle size and oil concentration upstream
and downstream of the breather, the separation mechanism was analyzed and the sepa-
ration efficiency was assessed. In addition, the pressure drop across the separator was
measured. The pressure drop is an important design feature and has to be minimized for
proper sealing of the engine bearing chambers. The experimental programe covered a
variation of air flow, oil flow, shaft speed, and droplet size. The main emphasis of the
investigations was on the separation of small droplets with a diameter of up to 10 �m.
The following trends on separation efficiency of small droplets were observed: The sepa-
ration efficiency increases with increasing rotational speed, with increasing particle size,
and with decreasing air flow rate. In parallel, the pressure drop across the breather
increases with increasing speed and increasing air flow. �DOI: 10.1115/1.2795785�

Introduction

Motivation. Aeroengine bearing chambers are often sealed by
air-blown seals pressurized by compressor air. The sealing air
mixes with the lubrication oil and forms a complex two-phase
flow in the bearing chamber and in the components downstream.

In many designs, the sealing air is allowed to escape from the
chamber through a dedicated vent line. The oil leaves the bearing
chamber through an offtake at the bottom of the sump and is
returned to the oil tank by a scavenge pump.

The bearing chamber vents combine with the vents from gear-
boxes and the oil tank. The air/oil mixture passing the combined
vent cannot be directly exhausted overboard because of the unac-
ceptably high oil content. Therefore, the air/oil mixture is sepa-
rated in rotating separators, so called breathers, driven by the ac-
cessory gearbox. Many air/oil rotary separators for gas turbine
engines contain metal foam, such as Dunlop Retimet®. The pur-
pose of the metal foam is to improve the efficiency of the oil
separation.

A typical design of a rotating air/oil separator for aeroengine
applications to be placed in the accessory gear box is shown in
Fig. 1. The air-oil mixture enters the breather through tangential
inlets. Larger droplets are separated by the centrifugal forces in
the swirling flow inside the breather housing. The flow passes the
rotating metal foam and the exit air is exhausted overboard
through the center of the rotating shaft.

Inside the rotating metal foam, most of the oil is extracted and

centrifuged to the inner surface of the outer wall of the rotating
housing. Peripheral drain holes in this outer wall allow the sepa-
rated oil to be discharged radially outward the inner surface of the
outer wall of the static breather housing. The swirling air flow
inside the static breather housing forces the oil toward the exit
port where it is scavenged from and returned to the engine oil
tank.

A key component of the breather is the metal foam. The struc-
ture of such a metal foam, e.g., Retimet®, a patented material
developed by Dunlop Equipment, is illustrated in Fig. 2. The
three-dimensional structure of the metal foam provides a high
particle retention capability at low pressure loss. The material
shown in Fig. 2 is manufactured as a nickel chrome metal foam in
a variety of grades �20 pores, 45 pores, and 80 pores per inch� and
thicknesses, giving a complex three-dimensional material which
can be tailored in size to meet specific design performance re-
quirements. Air/oil separators equipped with such metal foam of-
fer maintenance free operation and are used worldwide on many
engines for both civil and military applications.

Although more than 99.8% of the oil carried within the vent
flow is separated in the breather, the residual oil fraction in the
overboard air is a source of oil consumption and contributes to
environmental pollution. In addition, the residual oil fraction in
the overboard air may be visible when it leaves the engine �1�.

The pressure drop across the breather represents an important
aspect in the breather design as it sets the backpressure of the vent
system. Critical conditions are usually reached during low engine
speeds �Idle� when the sealing air pressure provided by the com-
pressor is low. A high pressure drop across the breather reduces
the differential pressure across the bearing chamber oil seals com-
promising sealing integrity. Oil leakage from the bearing cham-
bers could lead to cabin air contamination and could cause an oil
fire risk and, therefore, has to be prevented during all operating
conditions �2–4�.

Contributed by the International Gas Turbine Institute of ASME for publication in
the JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER. Manuscript received
November 7, 2006; final manuscript received July 22, 2007; published online August
28, 2008. Review conducted by Dilip R. Ballal. Paper presented at the ASME Turbo
Expo 2006: Land, Sea and Air �GT2006�, Barcelona, Spain, May 8–11, 2006. Paper
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Journal of Engineering for Gas Turbines and Power NOVEMBER 2008, Vol. 130 / 062503-1
Copyright © 2008 by ASME

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



The target for a low pressure drop is usually contradictory to
good separation efficiency due to physical mechanisms, i.e., an
increase of separation efficiency may result in an increased pres-
sure drop. Additionally, space and weight constraints of
aeroengine applications have to be met and the breather has to be
able to cope with the temperatures of the vent flow. Typically, the
breather is exposed to temperatures up to 200°C �5,6�.

The design of a breather represents a compromise between
separation efficiency, pressure drop, dimensions, weight, and cost.
Identifying the optimum design solution requires a trade-off be-

tween these different aspects.
An improvement of the separation efficiency offers several po-

tential benefits such as reduced oil consumption, reduced mainte-
nance effort, reduced oil tank size, weight reduction, and reduced
environmental impact. All these topics contribute to an increased
satisfaction of aircraft operators.

Characterization of Vent Flow. The two-phase flow in the
vent line represents a boundary condition for the separation pro-
cess in the breather. Two-phase flow maps �7–10� were prepared
to characterize the flow situation in the vent. These flow maps are
available for horizontal, vertical upward, and vertical downward
flows and allow identifying the dominating flow patterns from the
global air and oil flow rates and the physical properties like vis-
cosity density and surface tension of air and oil.

Typical air and oil flow rates in the vent were analyzed for three
different engine operating conditions. Three different pipe diam-
eters were included in the analysis. As an example, the resulting
flow map for vertical upward flow in the vent line is presented in
Fig. 3. The corresponding flow patterns are illustrated in Fig. 4
�11,12�.

As clearly visible in Fig. 3, for all conditions considered, an
annular flow develops in the vent pipe. This flow pattern is char-
acterized by a thin liquid film covering the wall and a central gas
core loaded with smaller droplets �Fig. 4�. This finding is con-
firmed by the results of a detailed experimental study on the air/oil
two-phase flows in a vent pipe �13,14�.

Hence, the total oil flow in the vent line splits into a wall film
flow and a droplet flow in the center. The wall film enters the
breather through the tangential inlets continuing as wall film on
the inner surface of the breather housing. This film flow is rapidly

Fig. 1 Typical breather design

Fig. 2 Structure of Dunlop Retimet® metal foam, Grade 45

Fig. 3 Flow map for vent pipe flow, vertical upward

Fig. 4 Two-phase flow patterns for vertical upward flow
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collected in the breather sump without moving radially inward.
Only smaller droplets reach the rotating metal foam because their
smaller inertia enables them to be carried by the air flow radially
inward against the centrifugal field generated by the swirling flow.

Breather Flow. In a separate study within the earlier Brit-
eEuram project INTRANS �Mechanical Integrity for Advanced
Transmission Systems�, numerical computations of the flow enter-
ing aeroengine air/oil separators were performed. The main results
of the numerical study relevant for the current investigation are
briefly summarized in the following. A more detailed description
of the numerical work is available elsewhere �15–18�.

The commercial computational fluid dynamics �CFD� package
CFX was applied to first calculate the single-phase air flow in the
breather. Here, the metal foam was modeled as an isotropic porous
medium of uniform construction using Darcy’s law.

Using the converged single-phase calculations, coupled La-
grangian tracking calculations were performed to obtain droplet
trajectories in the breather. Particles with varying droplet sizes
were released from positions near the inlet. The droplet tracking
stopped when droplets reached a solid wall, i.e., particle sticks to
the surface. The particles were not tracked through the metal
foam.

A parametric study allowed resolving the effect of the air flow
rate and the rotational speed on the breather pressure drop. From
the Lagrangian particle tracking method, a critical droplet diam-
eter was identified. This critical droplet diameter is defined as the
maximum particle size for which the droplets will hit the face of
the rotating metal foam.

The results of the CFD calculations indicated a strong and com-
plex swirling motion inside the separator chamber. This swirling
motion was primarily generated by the tangential inlets and was
only very weakly affected by the shaft speed. The pressure drop
across the breather chamber was predicted to be virtually indepen-
dent of the rotational speed of the shaft. A critical droplet diameter
of 3–4 �m was identified and was found to be not affected by the
shaft speed.

Objectives. The main objective of the current study was to
systematically investigate the separation mechanism in the
breather to identify potential design optimizations for minimizing
oil loss and improving the environmental friendliness of future
engines.

As the analysis of the two-phase flow in the vent and inside the
separation chamber has shown, most of the liquid oil is separated
out before it can reach the rotating metal foam. Only droplets with
a diameter below 3–4 �m follow the air flow radially inward and
are drawn against the centrifugal forces in the swirling flow into
the rotating metal foam.

Therefore, the main emphasis of the current investigation was
on the separation of small droplets that may contribute to visible
emissions. As the small droplets, which are carried in the central
gas core of the vent flow, represent only a very small portion of
the typical oil flow, the experiments were conducted with rela-
tively small oil flows, i.e., low oil volume fraction compared to
engine conditions.

A dedicated droplet generator was designed and manufactured
by the Institut für Thermische Strömungsmaschinen �ITS�, Uni-
versity of Karlsruhe, to provide a range of defined droplet size
distributions. By simultaneously measuring the droplet sizes and
droplet concentration entering the breather and leaving the
breather, the separation efficiency was to be evaluated to under-
stand the air/oil separation characteristics. Besides the droplet size
distribution, the following parameters were regarded as relevant
for the breather behavior and were to be investigated: air flow
rate, oil flow rate, separator speed, and temperature. Parallel to the
investigation of the separation efficiency, the pressure loss char-
acteristic was to be obtained.

Experimental Setup
The experimental investigation of the current study represents a

joint collaboration between the two industrial and the one aca-
demic partner. The test rig was built and operated by Dunlop
Equipment. University of Karlsruhe provided the special measur-
ing equipment, recorded the test data, and performed data analysis
relating to oil droplet size distribution and oil mist flow rates.
Rolls-Royce Deutschland defined boundary conditions and coor-
dinated the tests.

Dunlop Breather Test Rig. The Dunlop Test Rig in Coventry,
UK that was used in this study was initially developed with part
funding from the European Union as part of the Brite Euram
project INTRANS �1,19�. A schematic of the test rig is shown in
Fig. 5.

The rig comprises an air-driven turbine, which is arranged to
drive an air-oil separator contained within a housing rigidly
mounted to the air turbine. The 120 hp turbine is operated from an
adjoining control room by means of a digital electronic controller.
The controller links to a drive solenoid, main control valve, and
encoder mounted directly to the rear of the turbine. The turbine air
is provided from one of two compressor sources. The turbine has
a capability to run at 40,000 rpm and can operate in a variety of
flight attitudes including negative g.

The rig air supply system has the capability to provide air at
ambient temperature or via an existing furnace to the test room at
temperatures up to 600°C.

The hot oil supply system for the rig comprises the following. A
300 l capacity oil reservoir is specially insulated and fitted with
two thermostatically controlled 6 kW oil heaters. Two identical
gear-type pumps driven by 0.75 kW four-pole electrical motors
are used to pump the oil around the rig. One pump acts as the
main supply pump and is controlled by an inverter drive and pro-
vides oil flow rates up to 25 l /min. The second pump acts as a
constant speed scavenge pump and returns oil back to the reser-
voir. The maximum oil operating temperature is 200°C. The
pumps can be remotely operated from the control room and the
system has all the necessary safety and control equipment re-
quired for a unit of this type.

The oil separated in the breather is removed by the scavenge
pump. The breather exit air is passed through a coalescer and then
a flow meter before being exhausted to atmosphere outside the test
area. During tests with engine representative oil flows, the coa-
lescer is used as oil flow, rate measurement system.

The capabilities of the Dunlop breather test rig are summarized
in Table 1.

Droplet Generator. In the current study, a droplet generator for
providing a controlled air-oil mixture was designed and manufac-
tured by the ITS. The air/oil mixture produced by this device was
supplied to the inlet of the separator �Fig. 5�.

The droplet generator design is illustrated in Fig. 6. The main
air entering the droplet generator through two inlets is distributed
in an annulus and discharged through ten nozzles such that air jets
develop around the oil spray generated by three atomizers posi-
tioned in the center. Further downstream where the diameter of
the flow path decreases, the air jets mix with the oil droplets and
the air/oil mixture with the desired oil concentration and droplet
size distribution forms.

Two different types of nozzles were selected for providing the
desired droplet size distribution. Both nozzles are air-assist atom-
izers and use a high pressure air supply to atomize the oil. While
the Schlick model 970S8 atomizer �20� mixes the oil and air ex-
ternally, the Spraying Systems SU11 nozzle �21� employs internal
mixing. The Schlick nozzle is equipped with an adjustable air cap
and a control valve for the liquid flow. This allows adjusting the
flow rate of air and oil for given air and oil pressures.

The adaptation of the droplet generator to the air/oil separator
rig at Dunlop is included in Fig. 5. The air/oil mixture leaving the
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droplet generator passes through a measuring section for droplet
sizing. A glass tube viewing section then provides a direct visual
impression of the air/oil mixture immediately upstream of the

breather.
Measurements of the droplet size distributions were performed

at the ITS to obtain the atomization characteristics of the two
nozzles. The cumulative volume distribution was obtained with
the laser diffraction �Malvern� method. A substitute fluid with the
same properties, i.e., density, viscosity, and surface tension, as
engine oil at 70°C was used in the experiments.

Droplet size distributions for different operating conditions for
the two different atomizers are given in Fig. 7. The chart plots the
cumulative volume distribution of the spray against the droplet
diameter. The value d30 represents the volume mean droplet

Fig. 5 Schematic of Dunlop breather test rig

Table 1 Test rig capabilities

Maximum air flow 60 g /s �3 m3 /min�
Maximum air pressure 550 kPa
Maximum air temperature 600°C
Maximum oil flow 25 l /min �0.4 kg /s�
Maximum oil temperature 120°C
Maximum rotational speed 40,000 min−1

Fig. 6 Schematic of droplet generator design
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diameter.
The Schlick 970S8 nozzle �blue and green curves� produces the

smallest oil droplets. For a given position of the oil control needle,
a decrease of the pressure of the atomizing air results in an in-
crease of the droplet diameters. For the droplet size distribution
with the smallest mean droplet diameter �Schlick 970S8, air cap
pos. 10, liq. contr. pos. 2, �pair=5 bars, d30=1.07 �m�, 20% of
the liquid volume is carried by droplets smaller than 0.9 �m. This
means that with respect to number, more than 80% of the droplets
are smaller than 0.9 �m.

The Spraying Systems SU11 atomizer �red curve� produces a
coarser oil spray compared to the Schlick nozzle. Also, for the
Spraying Systems atomizer, the mean droplet diameter increases
with decreasing atomizing air pressure.

As visible in Fig. 7, the two atomizers selected allow to adjust
and control the droplet size distribution by varying the operating
conditions of the nozzles. Discharge measurements, which were
performed in parallel, showed that the two nozzles are well suited
to reach the required oil volume concentrations.

Air/Oil Separator. A typical aeroengine air/oil separator de-
sign �see Fig. 1� configured to be placed into the gearbox vent
system was tested in the study reported in this paper. The separa-
tor is the subject of RR patent EP1344559/US6893478. The sepa-
rator was equipped with grade 45 metal foam as shown in Fig. 2
for all tests reported in this paper.

Rig Instrumentation and Data Acquisition. Platinum resis-
tance thermometers were used for sensing temperatures. Absolute
and differential pressures were measured by use of calibrated pi-
ezoresistive pressure sensors with an uncertainty of less than 0.1%
full scale. A propeller-type flow meter was available for measur-
ing the air flow rate exhausted from the breather. A positive
displacement-type flow meter measured the oil flow supplied to
the droplet generator. The flow meters had been calibrated at the
manufacturer and allowed to measure the air and oil flow rate with
an uncertainty of less than 5%.

The following parameters were acquired by the rig data acqui-
sition system:

• air temperature and pressure upstream of droplet generator
• oil mass flow supplied to the droplet generator
• oil temperature and pressure upstream of droplet generator

• air flow rate downstream of breather overboard
• air temperature downstream of breather
• pressure at breather inlet
• pressure at breather outlet
• differential pressure between breather outlet and breather

inlet

The analog output signals of the sensors were sampled and
digitized at a frequency of 1 Hz by a National Instruments data
acquisition board. For a data point, the readings were averaged
over a period of 30 s. The data acquisition program uses the com-
mercial code LABVIEW™ and operates on a personal computer
�PC� platform. All readings from the instrumentation are recorded
into spreadsheets on the PC readily available for further data
analysis.

Droplet Sizing. For evaluating and resolving the separation
characteristics, the droplet size distribution was simultaneously
measured at the inlet and at the exit of the breather. Nonintrusive
optical measurement techniques were applied to characterize the
air/oil mixture upstream and downstream of the separator.

Breather Inlet and Laser Diffraction Technique. For obtaining
the droplet size distribution of the air/oil mixture produced by the
droplet generator and supplied to the breather, the laser diffraction
technique �Malvern� was chosen. This technique represents a well
established method for determining droplet size distributions of
polydisperse sprays. The laser diffraction method utilizes the
Fraunhofer diffraction of parallel laser light passing through a
particle cloud. The commercially available Sympatec HELOS sys-
tem �22,23� was used in the current study. The sensor offers a
wide measuring range for particle sizes from 0.5 to several hun-
dreds of micrometers. Transmitting and receiving optics are
aligned in line. The droplet size distribution is derived from the
radial light intensity distribution of the diffracted light measured
by a photodetector. The detector unit was connected to a PC,
which controlled the data acquisition and the data analysis such
that the characterizing spray parameters like mean droplet size
and volume distribution �see Fig. 7� were readily available.

The adaptation of the laser diffraction technique is illustrated in

Fig. 7 Droplet size distribution
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Fig. 5. The measuring section, which is positioned between drop-
let generator outlet and breather inlet, is equipped with special
air-purged windows providing optical access to the two-phase
flow.

For a given operating condition, three data points were acquired
with the laser-diffraction technique and a mean value was derived
from the three data points. The data points showed very good
repeatability with deviations typically below 1%. In addition,
good reproducibility was found between data obtained for identi-
cal operating conditions at different days.

Breather Exit and Dispersion Quotient Technique. The droplet
size distribution and oil volume concentration of the oil mist leav-
ing the breather were measured with the dispersion-quotient �DQ�
technique developed at the University of Karlsruhe. This tech-
nique is capable of accurately measuring particle sizes in the mi-
cron and submicron diameter ranges, i.e., 0.1–3 �m �24–27�.

The method accounts for the dependency of droplet light ex-
tinction on light frequency according to the Mie theory. Three
different wavelengths �0.67 �m, 0.8 �m, and 1.3 �m� of laser
light are applied. The relations of the extinction at different light
frequencies are called DQs and depend only on droplet diameter
and known droplet refractive index. Assuming a normal logarith-
mic droplet size distribution, the mean droplet diameter and the
standard deviation can be determined. Additionally, the volume
concentration of the particles in the two-phase flow is obtained. A
suspension of latex particles of known size and water was used for
calibration of the system �24�.

As shown in Fig. 5, the DQ-measuring section was positioned
downstream of the breather. It basically consists of a pipe with
optical accesses at both sides and a bypass. The breather exit flow
is directed through the pipe and a laser beam passes through the
oil mist along the full length of the pipe. The air-purged windows
for providing optical access were of the same type as used for the
measuring section upstream of the breather. The bypass enabled to
completely purge the measuring section with pure air and perform
required offset measurements of the laser intensity without shut-
ting down the test rig. In order to always obtain reliable measure-
ments, i.e., sufficient extinction of the laser light intensity, the
design of the DQ-measuring section allowed easy variation of the
length. In this way, for a wide range of oil concentrations, an
appropriate extinction rate could be achieved. The measurement
system used is the one developed in-house by the ITS. It consists
of a transmitter and control unit, transmitting optics, optical de-

tectors, and a PC for data acquisition and analysis.
For a given operating condition, three measurements were ac-

quired with the DQ system and a mean value was derived from
the three single data points. The deviation between the single data
points was typically below 5%. In addition, good reproducibility
was found between data obtained for identical operating condi-
tions at different days.

Experimental Program. A parametric variation of separator
speed, air flow, and droplet size was conducted to systematically
investigate and identify the separation characteristics of the
breather tested. In addition to the separation efficiency, the differ-
ential pressure across the breather was measured. As the current
study focused on small droplets, the oil flow rates are relatively
small compared to typical engine conditions.

The results presented in the current paper were obtained for
cold flow conditions, i.e., air and oil were at room temperature.
Due to limitations by the rig in terms of a long heat-up period to
achieve stabilized temperatures at the relatively low air flow rates
tested and a limited duration of the test campaign, it was not
possible to study the effect of temperature in detail. Limited test
runs indicated no significant impact of temperature on separation
efficiency.

Results
The effects of air mass flow, rotational speed, and particle size

on the separation efficiency and breather pressure drop are pre-
sented in the following.

Separation Efficiency. The separation efficiency is defined as
the ratio of separated oil to total oil flow supplied to the breather:

�sep = �Voil,inlet − Voil,exit�/Voil,inlet �1�

While the oil flow supplied to the breather �Voil,inlet� was di-
rectly measured by a flow meter, the oil volume flow discharged
from the breather �Voil,exit� was derived from the oil volume con-
centration of the exhaust flow as measured with the DQ system. In
addition to the separation efficiency, the mean droplet diameters at
the inlet and at the outlet of the breather are shown in Figs. 8–10.

Air flow rate and separator speed have been normalized by
typical values for engine operation at Idle.

Effect of Air Flow Rate. Figure 8 illustrates the effect of the air
flow rate on the separation efficiency for inlet droplet sizes be-

Fig. 8 Effect of air flow rate on separation of small droplets, n /nIdle=1.0,
Voil,inlet=0.2 l /h
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tween 1.5 �m and 2.0 �m. These small particles are considered
not to be separated by the swirling flow in the breather housing
and are considered to reach the rotating metal foam. The droplet
generator was operated with the Schlick atomizers �see Fig. 7�.
The oil flow rate and the rotational speed are constant.

The settings of the atomizers, i.e., air pressure and oil pressure,
were fixed and the air flow rate was varied by adjusting the main
air flow �see Fig. 6�. A slight decrease of the mean droplet diam-
eter at the breather inlet for increasing air flow rate was observed
�Fig. 8�. This effect is attributed to an increased secondary atomi-
zation due to the higher air flow rate.

The mean particle diameter measured at the exit of the breather
shows no definite dependence on the air flow rate and stays rela-
tively constant around a value of 0.5 �m. The almost constant
mean exit particle diameter suggests that only droplets below a
certain size can pass the rotating metal foam.

A strong decrease of the separation efficiency with increasing
air flow rate can be identified from Fig. 8. For typical Idle condi-
tions, the data suggest a separation efficiency of about 92%. The

separation efficiency drops from about 99% to less than 90% as
the air flow rate is increased from 20% to 240% of typical Idle air
flow rate.

These findings were supported by the visual impression of the
breather exit flow. Typical breather emissions were observed and
the intensity of the mist discharged from the breather noticeably
decreased as the air flow was reduced.

It has to be highlighted that the separation efficiency stated
above applies to the specific oil droplet size distribution, i.e., di-
ameter smaller than 2 �m, supplied to the breather in the current
tests. When the separator is operated at real engine conditions, the
oil flow rates are significantly higher. For such typical engine oil
flow rates, separation efficiencies greater than 99.8% are
achieved.

Effect of Rotational Speed. The effect of the rotational speed of
the breather is shown in Fig. 9. Again, a droplet size distribution
with a mean particle size around 1.5–2.0 �m was supplied to the
breather. For given air and oil flow rates, the breather speed was

Fig. 9 Effect of separator speed on separation of small droplets, Voil,inlet
=0.2 l /h, Wair /Wair,Idle=1.0

Fig. 10 Effect of droplet size on separation efficiency, Wair /Wair,Idle=1.0,
n /nIdle=0.5, Voil,inlet=1.8–5.6 l /h

Journal of Engineering for Gas Turbines and Power NOVEMBER 2008, Vol. 130 / 062503-7

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



varied from 0% to 160% Idle speed.
Although the atomizer settings as well as the air and oil flow

rates were fixed, a slight increase of the mean droplet size at the
breather inlet occurred.

The results of the droplet size measurements at the breather exit
indicate a decreasing mean particle size with increasing separator
speed. For the speed range investigated, the mean droplet size at
the breather exit decreases from 0.67 �m to 0.48 �m. The mean
droplet size at the breather exit is always notably smaller than at
the inlet of the breather.

A strong effect of the separator speed on the separation effi-
ciency of small droplets is distinctly visible in Fig. 9. The sepa-
ration efficiency increases from 82% at no rotation to 97% at
160% of Idle speed.

The small oil particles supplied to the breather can be consid-
ered not to be separated by centrifugal forces but to almost ideally
follow the air flow in the breather. The significant reduction of the
mean droplet size and the oil concentration across the breather is
therefore attributed to the separation effect of the metal foam. As
shown in Fig. 9, the separation effect of the metal foam is relevant
already at no rotation and is enhanced with increasing rotational
speed. This is reflected by the decreasing exit mean droplet diam-
eter and the increasing separation efficiency with increasing
speed.

Effect of Droplet Size. Varying the mean particle size of the
air/oil mixture supplied to the breather was realized by operating
the droplet generator with the Spraying Systems nozzles at vary-
ing air pressure and constant oil pressure �see Fig. 7�. Continu-
ously decreasing the differential air pressure across the atomizers
resulted in a continuously increasing mean droplet size. Due to the
discharge characteristics of the nozzle, decreasing the air pressure
resulted in an increased oil flow rate, i.e., with increasing mean
inlet droplet diameter, the oil flow supplied to the breather in-
creased. The dependence of the separation efficiency of the
breather on the droplet size is illustrated in Fig. 10. The data were
obtained for a rotational speed of 50% Idle speed.

At the breather exit, a mean droplet diameter of about 0.55 �m
was obtained. The data show a very slight decrease of the mean
particle size at the breather exit with increasing inlet mean particle
size.

A strong increase of the separation efficiency with increasing
inlet mean droplet diameter can be identified from Fig. 10. Sepa-
ration efficiencies of more than 98.5% up to close to 100% were
obtained. For inlet mean droplet diameters larger than 4 �m, the
high separation efficiency resulted in an insufficient extinction

rate for the DQ system at the breather exit. This was in accordance
to the visual observation of no mist blowing out of the breather
exit if larger droplets were supplied to the breather. This also
means that the breather itself did not produce mist at the condi-
tions investigated.

As mentioned before, the discharge characteristics of the atom-
izer used for the data of Fig. 10 resulted in an increase of the oil
flow rate with increasing mean droplet diameter. This means that
the separation efficiency considerably increased while the inlet
mean droplet diameter and hence the oil flow rate supplied to the
breather increased.

This supports the result that only oil particles below a certain
size can pass the breather. A certain fraction of these small drop-
lets is removed from the air by the metal foam. The amount of
these small particles that are separated in the breather increases
with increasing rotational speed and increasing residence time,
i.e., decreasing air flow rate.

Pressure Drop. The effects of air flow rate and rotational speed
on the breather pressure drop are discussed in the following. As
before, the data have been normalized by typical values for engine
operation at Idle.

Effect of Air Flow Rate. Figure 11 shows the effect of the air
flow rate on the differential pressure across the breather for zero
rotation of the breather and for typical speed of the breather at
Idle. The oil flow rate was fixed.

For zero rotation, the breather pressure drop increases approxi-
mately quadratically with increasing air flow. This behavior is
typical for a single restrictor in incompressible flow.

As shown in Fig. 11, the differential pressure increases signifi-
cantly with rotation. Interestingly, at Idle speed, the breather pres-
sure drop increases only linearly with air flow rate. Doubling the
air flow rate at this speed results in an increase of the differential
pressure across the breather by 70%.

Effect of Rotational Speed. The effect of the separator speed on
the breather pressure drop is further illustrated in Fig. 12. A strong
nonlinear dependence can be identified. The differential pressure
across the breather progressively increases with increasing rota-
tional speed. The effect of the rotational speed on the breather
pressure drop is considerably stronger than the effect of the air
flow rate. Relative to Idle conditions, an increase of the rotational
speed by 40% results in doubling the breather pressure drop.

Summary of Results. The following main results have been
obtained.

Fig. 11 Effect of air flow rate on breather pressure drop, n /nIdle=1.0,
Voil,inlet=2.0 l /h
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• The separation efficiency of the breather increased with de-
creasing air flow rate, i.e., increasing residence time of oil
particles in the breather.

• The separation efficiency increased with increasing rota-
tional speed.

• The separation efficiency increased with increasing particle
size.

• Only droplets below a certain size ��0.5 �m� can pass the
breather.

• The separator itself did not produce mist in the tests.
• The breather pressure drop increased with increasing air

flow rate and with increasing rotational speed.
• The effect of the rotational speed on the breather pressure

drop is stronger than the effect of the air flow rate.

As can be seen from the results, the target for low pressure drop
is contradictory to good separation efficiency. An increase of the
rotational speed improves separation efficiency but at the expense
of an increased pressure drop across the breather. Increasing the
length of the breather is expected to increase separation efficiency
as the residence time in the breather is increased. But, an increase
in length is accompanied by a larger size, weight, and pressure
drop. An increased mean breather radius may improve separation
efficiency as the centrifugal forces are increased but implies larger
weight and size.

Optimisation Strategy
The contradictory effects as described before need to be traded

against each other to meet the limiting requirement and obtain the
optimum design for a specific application. The following strategy
was developed as a guideline for optimum breather design.

For good separation efficiency,

• maximize rotational speed to increase centrifugal separation
• maximize separator diameter, which assists centrifugal sepa-

ration, maximizes flow area, and reduces pressure drop
• maximize path length �particularly if high rpm and generous

diameter are not available�, which increases separation and
pressure drop

For low pressure drop across separator,

• maximize air flow area
• reduce speed consistent with the required separation

efficiency

For light weight,

• maximize rotational speed

Conclusions
A systematic study of the separation efficiency of a typical

aeroengine air/oil separator design was conducted. The main em-
phasis of the investigations was on the separation of small drop-
lets with a diameter of up to 10 �m. Oil mist with defined oil
droplet size distribution was supplied to the breather.

By simultaneously measuring particle size and oil concentration
upstream and downstream of the breather, the separation mecha-
nism was analyzed and the separation efficiency was assessed. In
addition, the pressure drop across the separator was measured.
The experimental program covered a variation of air flow, oil
flow, shaft speed, and droplet size.

The experimental investigation identified relevant parameters
and quantified their effect on separation efficiency and pressure
drop. As shown by the results, the target for low pressure is con-
tradictory to good separation efficiency. These effects need to be
traded against each other according to the limiting requirements of
a specific application. Therefore, based on the experimental re-
sults, guidelines for an optimum breather design have been estab-
lished.

The application of advanced seals such as carbon or brush seals
instead of labyrinth seals offers potential for better separation ef-
ficiency and reduced oil consumption. Due to the significant re-
duction of the sealing air flow by the tight seals, the breather flow
and hence the oil loss through the breather exhaust flow are sig-
nificantly reduced.

As the current study has shown, the breather itself did not pro-
duce mist. Only small droplets below a certain size can pass the
breather and contribute to the oil loss through the breather dis-
charge. Therefore, the generation of small oil particles in the en-
gine oil system, e.g., at fast rotating surfaces or bearings �28–31�
or in valves, upstream of the breather should be avoided.
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Fig. 12 Effect of rotational speed on breather pressure drop, Wair /Wair,Idle
=1.0, Voil,inlet=2.0 l /h
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Nomenclature
A � area �m2�

cvol,exit � oil volume concentration in breather exhaust
flow, cvol,exit=Voil,exit /Vair

d � droplet diameter �m�
d30 � mean volumetric diameter �m�

n � separator speed �min−1�
nIdle � separator speed at Idle �min−1�

Q30�d� � cumulative volume distribution
Vair � air volume flow �m3 /s�

Voil,inlet � oil volume flow at breather inlet �m3 /s�
Voil,exit � oil volume flow at breather exit �m3 /s�

Wair � air mass flow �kg/s�
Wair,Idle � air mass flow at Idle �kg/s�

W* � mass flux, W*= �Wair+Woil� /A�kg / �m2 s��
x � mass flow ratio, x=Wair / �Wair+Woil�

�p � breather pressure drop �Pa�
�pIdle � breather pressure drop at Idle �Pa�
�pair � differential air pressure across atomizer �Pa�
�poil � differential oil pressure across atomizer �Pa�
�sep � separation efficiency,

�sep= �Voil,inlet−Voil,exit� /Voil,inlet
�G � density of gas phase �kg /m3�
�L � density of liquid phase �kg /m3�
�g � geometric standard deviation of droplet size

distribution �m�
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An Energy-Based Uniaxial Fatigue
Life Prediction Method for
Commonly Used Gas Turbine
Engine Materials
A new energy-based life prediction framework for calculation of axial and bending fa-
tigue results at various stress ratios has been developed. The purpose of the life predic-
tion framework is to assess the behavior of materials used in gas turbine engines, such as
Titanium 6Al-4V (Ti 6Al-4V) and Aluminum 6061-T6 (Al 6061-T6). The work conducted
to develop this energy-based framework consists of the following entities: (1) a new life
prediction criterion for axial and bending fatigue at various stress ratios for Al 6061-T6,
(2) the use of the previously developed improved uniaxial energy-based method to acquire
fatigue life prior to endurance limit region (Scott-Emuakpor et al., 2007, “Development
of an Improved High Cycle Fatigue Criterion,” ASME J. Eng. Gas Turbines Power, 129,
pp. 162–169), (3) and the incorporation of a probabilistic energy-based fatigue life
calculation scheme to the general uniaxial life criterion (the first entity of the frame-
work), which is capable of constructing prediction intervals based on a specified percent
confidence level. The precision of this work was verified by comparison between theoret-
ical approximations and experimental results from recently acquired Al 606-T6 and Ti
6Al-4V data. The comparison shows very good agreement, thus validating the capability
of the framework to produce accurate uniaxial fatigue life predictions for commonly used
gas turbine engine materials. �DOI: 10.1115/1.2943152�

1 Introduction
In an effort to reduce the possibilities of gas turbine engine

damage, which is mostly caused by high cycle fatigue �HCF� �2�,
the search for more sufficient fatigue assessment tools and instru-
mentation is currently in overdrive; thus, there is a parallel ad-
vancement in fatigue and fracture analysis. Through the progres-
sion of fatigue analysis, tools such as a stress versus cycles plot,
or S-N curve, have been used to observe fatigue strength due to
the respective cycles to failure. The S-N curve is a plot of alter-
nating stress �amplitude, max, min, etc.� versus number of cycles
to failure, which is generally plotted on a semilogarithmic scale.
Other tools for assessing fatigue properties are the Goodman dia-
gram and the modified Goodman diagram �3�, which are the popu-
lar choices for a failure-free aircraft engine design criterion. The
Goodman diagram is a plot of alternating stress versus mean stress
and represents the fatigue properties of a given material for a
specified number of cycles. The Goodman diagram and the S-N
curve are often constructed with uniaxial fatigue data that are
acquired, conventionally, via servohydraulic machinery operating
in tension/compression �axial� at a frequency of approximately
40 Hz. HCF of turbine engine blades, however, often occurs under
high order bending or combined bending and twist modes �4�.
Therefore, the uniaxial fatigue results from the Goodman diagram
and the S-N curve are insufficient means for characterizing the
fatigue that occurs in gas turbine engine components. Adding to
this insufficiency, conventional uniaxial fatigue testing �tension/
compression� requires significant amounts of time to obtain suffi-
cient HCF results. For example, at the operating frequency of

40 Hz, nearly 70 h are required to accumulate 107 cycles. There-
fore, long time periods are needed to acquire the desired fatigue
properties of a material.

In an effort to achieve a realistic experimental comparison to
turbine engine blade fatigue results, a vibration-based uniaxial
testing methodology was developed to acquire bending fatigue
data �4–6�. The thought behind the methodology is supplying a
dynamic base excitation to a specimen at a specified high resonant
frequency, between 1200 and 1600 Hz, showing bending behav-
ior. Using this method, roughly 1.5–2.5 h are required to accumu-
late 107 cycles, which is a significant reduction in time as opposed
to the conventional method.

Along with the vibration-based fatigue methodology, a pre-
straining procedure is used as a preliminary step to generating
bending fatigue results at stress ratios other than −1 �fully re-
versed� �7,8�. The prestraining procedure is executed by applying
a localized tensile load on a bending test specimen until the speci-
men undergoes a specific localized yielding: Once the localized
yielding occurs, the applied load is released. Upon returning the
applied load to zero, a maximum residual stress is present at the
fatigue zone. This residual stress can be observed as the applied
mean stress during vibration-based bending fatigue �9�. Further
details for determining the location where yielding should occur
on the bending specimen during the prestraining procedure can be
found in Refs. �7,8�.

The recent development of the vibration-based methodology,
combined with the prestraining procedure, is a preliminary step
that leads to development of a fatigue assessment method, which
is sufficient in characterizing biaxial and multiaxial fatigue prop-
erties. The efforts to accommodate the set forth task have led to
the examination of the association between strain energy and fail-
ure. Curiosity of this correlation can be dated back as early as the
1920s �10�. However, in the 1940s and 1950s, a number of well-
publicized attempts to relate strain energy per cycle to the number
of cycles for failure were considered and initially resulted in mini-
mal success �11�. However, success in this area was later achieved
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by introducing the hypothesis implied; under cyclic loading, there
exists a critical energy value for which failure occurs �12�. This
hypothesis was later justified by displaying agreement between
the theoretical and the experimental results on an S-N curve. Fur-
ther investigation of the assumption made in Ref. �12� led to the
introduction of a more sufficient correlation between the fatigue
life of a material and the strain energy dissipation during the fa-
tigue process. It has been suggested that the strain energy required
to fracture a material monotonically is the same as the strain en-
ergy accumulated during a cyclic fatigue procedure �11,13�. Thus,
the critical energy value for each material is the monotonic strain
energy. Based on this understanding, an improved energy-based
criterion has been developed to allow one to systematically deter-
mine uniaxial fatigue life based on the amount of energy loss per
fatigue cycle �1�. This previously developed energy-based theory
shows the capability of accurately predicting the uniaxial fatigue
life of Al 6061-T6 specimens �1�. Although the results from this
prediction are promising, progress towards a more realistic appli-
cation was needed. In other words, prediction for the cases of
fully reversed cyclic bending and uniaxial fatigue at various stress
ratios was essential. Moreover, since Al 6061-T6 is not in heavy
use in gas turbine engines, an important progressive step was
changing the experimental testing material. This led to experimen-
tal analysis on the more commonly used Ti 6Al-4V material. This
material, however, experiences a phenomenon known as an endur-
ance limit; which is essentially the minimum stress level that fa-
tigue occurs at. In other words, the S-N behavior of a material
with an endurance limit asymptotically approaches a specific
stress level as fatigue cycles increase to the 109 cycle region.
Based on this phenomenon, a statistical approach along with the
energy-based method developed in Ref. �1� is required to deter-
mine HCF in Ti 6Al-4V.

In this study, the development of a new uniaxial energy-based
prediction criterion for fatigue life of gas turbine engine materials
is discussed. First the mentioned prediction method, summarizes
the capabilities for uniaxial fatigue assessment at various stress
ratios. Thereafter, the method incorporates a probabilistic energy-
based fatigue life calculation scheme to the uniaxial life criterion
of Ref. �1�; resulting in the capability to construct prediction in-
tervals for stresses near the endurance limit based on a specified
percent confidence level. The summarization of the uniaxial crite-
rion with mean stress effect and the probabilistic method for en-
durance limit observation were executed and compared with Al
6061-T6 and Ti 6Al-4V experimental results, respectively, on S-N
curves. The results show that the criterion provides good fatigue
life estimation for a component undergoing tension/compression
or bending cyclic loading.

2 Experimental Procedures

2.1 Conventional Axial Testing Procedures for Tension/
Compression Fatigue. Axial �tension/compression� loading fa-
tigue data were acquired from the ASTM standard fatigue dog-
bone �coupon� specimen in Fig. 1 �14�. All the tests were
conducted at room temperature using an MTS Systems Corpora-
tion servohydraulic load frame �Fig. 2� located in the Turbine

Engine Fatigue Facility �TEFF� of the Air Force Research Labo-
ratory �AFRL� in the Propulsion Directorate �AFRL/RZ� at
Wright-Patterson Air Force Base �WPAFB� �1�. To conduct each
tension/compression fatigue test, an axial load was applied on the
dog bone, at an operational frequency of 40 Hz, until complete
fracture occurred �1�. Though the fundamental nature of the
uniaxial energy-based prediction method focuses on crack initia-
tion, the number of cycles between initiation and complete frac-
ture during tension/compression HCF is negligible �7�. Therefore,
an extraneous method for distinguishing crack initiation from
complete fracture was not developed; resulting in crack initiation
cycle and complete fracture cycles being equal for tension/
compression fatigue test data. The test results were acquired with
a strain gage, an extensometer �Fig. 3�, and the MTS TestStarIIs
control system.

2.2 Vibration-Based Testing Procedures for Bending
Fatigue. Bending fatigue tests, which were carried out via the
vibration-based fatigue methodology �4–6�, were conducted on
the uniaxial fatigue specimen in Fig. 4 with a Ling 18,000 lb or an
Unholtz Dickie 6000 lb electrodynamic shaker �Fig. 5� located at
the TEFF. As shown in Fig. 5, the test specimen is a cantilever
plate mounted to the shaker head and a base excitation is applied
to the specimen, generating a two-stripe resonant frequency of
1200–1600 Hz for the geometry shown in Fig. 4 �4–6�. Applied
stress for this geometry is determined by a linear correlation be-
tween the strain gage of Fig. 4 and the laser vibrometer of Fig. 5,
where the laser is located at a region of minimal displacement �7�.
The optimal location for the laser is determined by analyzing a

Fig. 1 Dimensions „cm… of the ASTM fatigue dog-bone speci-
men †14‡

Fig. 2 TEFF laboratory’s 22,000 lb uniaxial MTS system
corporation

Fig. 3 MTS clamping and measurement devices †1‡
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displacement contour plot of a two-striped mode. The displace-
ment plot is generated by computational finite element methods
�FEMs� �4–6�.

In Sec. 2.1, it is understood that the fundamental nature of the
uniaxial energy-based prediction method focuses on crack initia-
tion. Therefore, the fatigue limits for all the bending tests are
defined at the instance corresponding to a sudden change in the
dynamic response �laser vibrometer� of the plate; which is asso-
ciated with the initial stage of fatigue crack development. The
sudden change in the dynamic response of the specimen during
fatigue testing is shown in Table 1. Using the step testing fatigue
method �15�, each step shown in Table 1 is approximately 638 s
long. The “Time” column shows the instance of the respective
laser reading and the “% response drop” column represents the
corresponding decrease in the laser output. Represented in bold-
face numbering, the table shows the testing time related to the
instance of failure. At the instance of failure, a series of
0.5 –1 mm long microcracks had developed. Identification of
these cracks was due to the change in the stiffness of the speci-
men, which directly resulted in the change of the resonant fre-
quency and dynamic response as well. This observational tech-
nique was developed and has been used in previous studies
�1,4–7�.

3 Previous Research Scope

3.1 Improved Energy-Based Prediction Method for
Tension/Compression (Axial). Though several energy-based

methods for predicting tension/compression fatigue life have been
developed �11,13�, an improved energy-based criterion for
tension/compression with the capability to easily incorporate the
effects of stress gradient on fatigue life was essential for the future
possibility of developing a general prediction criterion to address
fatigue in the bending case. This improved energy-based criterion
was developed from the stress-strain representation of the mono-
tonic �Eqs. �1� and �2�� and cyclic �Eq. �3�� loading behaviors
shown in the following equations, where Eqs. �1� and �2� repre-
sent the stress-strain relation prior to and after the necking phe-
nomenon, respectively �1,13�.

� =
�

E
+ �0 sinh� �

�0
� �1�

� = �1� + �0 �2�

�cycle =
�P.P.

E
+

1

C
sinh��P.P.

�c
� �3�

The parameters displayed are defined as follows: � is the value for
stress at the surface of the specimen �in the bending case, max
stress�, � is the strain corresponding to the stress �, �1 and �0 are
the respective slope and intercept of the stress-strain relationship
in the necking region �from ultimate tensile to point of fracture�,
�p.p. is the generalized stress value corresponding to the general-
ized cyclic strain �cycle �i.e., the minimum fully reversed point is
observed as the origin�, E is the modulus of elasticity, and the
variables �c, �0, �0, and C are curve fit parameters �1�. These
curve fit parameters for the cyclic and monotonic representations
�Eqs. �1�–�3�� are statistically acquired by comparison between
low cycle �LC� experimental results and experimental monotonic
results, respectively �1�.

Fatigue life is systematically determined for the improved
energy-based prediction criterion by taking the total monotonic
strain energy density and dividing it by the strain energy density
for one cycle. The total strain energy density dissipated during a
monotonic process is determined as the area underneath the curve
constructed by Eqs. �1� and �2� and the strain energy density for
one cycle is represented by the area within the hysteresis loop
formed by Eq. �3�. Though finding the monotonic strain energy
density was a straightforward task, the cyclic strain energy density
was determined by assuming that the tensile stress-strain behavior
of the hysteresis loop was identical to the compressive behavior.
Therefore, the cyclic strain energy density is determined by Eq.

Table 1 Al 6061-T6 fatigue test data for bending specimen

Step Test Method: Plate No. 22
Step
No.

Freq
�Hz�

Time
�s�

Laser
�mm/s�

% Response
drop

Response drop
rate �mm /s2�

1 1568 0 634 2.05 0.0289
1 1566 450 628 n/a n/a
2 1566 0 710 2.25 0.0593
2 1566 270 719 n/a n/a
3 1565 0 795 2.26 0.0571
3 1565 315 795 n/a n/a
4 1564 0 870 2.64 0.329
4 1564 70 873 2.63 0.371
4 1563 132 875 n/a n/a

Fig. 4 Bending fatigue specimen †1‡

Fig. 5 Vibration-based fatigue experiment setup †1‡
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�4� and the expression of the improved energy-based criterion for
systematically determining fatigue life at a specified stress ampli-
tude level ��� is given by Eq. �5� �1�;

Wcycle = �P.P.�cycle − 2�
0

�P.P.

�cycled�P.P. �4�

N = C

�n��n −
�n

2E
� − �0�0�cosh��n

�0
� − 1	 +

�1

2
�� f

2 − �n
2� + �0�� f − �n�

2�c
 �

�c
sinh�2�

�c
� − �cosh�2�

�c
� − 1	� �5�

where �n is the necking stress, � f is the facture strain, and �n is the
necking strain. Using Al 6061-T6 as the material of choice, the
results from Eq. �5� are compared to the previously acquired fully
reversed tension/compression test results �1� and the correspond-
ing linear regression curve on the S-N plot of Fig. 6. The com-
parison shows that the criterion provides good life estimations for
tension/compression fatigue results. To further validate the accu-
racy of the comparison, strain energy density per cycle is calcu-
lated from LC experimental results and matched with the experi-
mental linear regression cycles to failure: These results are then
compared with the energy-based predicted cyclic strain energy
density and the related cycles to failure, which are all displayed in
Fig. 7. It has been previously presented that the logarithmic slope
of this comparison is roughly −0.6 �16�. Though the experimental
results of Fig. 7 concur with this belief, further analysis of the
cyclic strain energy density calculation method is conducted to
provide reasoning for this agreement. Conclusion of this analysis
shows that the variation between experimental and analytical re-
sults is more obvious in test data with a higher standard deviation
of the hysteresis loop curve fit constructed by Eq. �3� �1�. Due to
a more sensitive stress-strain comparison, minor changes in the
standard deviation of the curve fit causes a major variation in
strain energy density calculation �1�. Based on this sensitivity is-

sue, the cyclic curve fit parameters that provided minimal standard
deviation were used in Eq. �5� for the comparison between the
energy-based prediction method and experimental results �Fig. 6�.
This comparison, as previously stated, validates that the improved
uniaxial energy-based method provides encouraging fatigue life
prediction outputs.

3.2 Improved Energy-Based Prediction Method With
Stress Gradient Effect (Bending). In order to extend the im-
proved energy-based criterion to the bending case, the difference
between stress gradient effect through the thickness of the bending
and tension/compression specimen was evaluated. This difference
is illustrated in Fig. 8. Since the distribution of the applied stress
in the bending specimen shown in Fig. 8 varies with respect to the
distance from the neutral axis, the strain energy through the thick-
ness of each specimen �effective-strain energy� differs from
tension/compression. In order to determine the total effective-
strain energy in the bending case �strain energy per surface area�,
the alternating stress from the monotonic and cyclic strain equa-
tions was written as a function of the distance from the neutral
axis. After determining the respective effective-strain energy from
the monotonic and cyclic procedures, the energy-based fatigue life
prediction understanding �mentioned in Sec. 1� was used to de-

Fig. 6 Fully reversed tension/compression fatigue life comparison for Al
6061-T6 †1‡
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velop the improved energy-based method with stress gradient ef-
fect �Eq. �6���17�. Fatigue life prediction results were calculated
from Eq. �6� and another encouraging uniaxial comparison is

made on Fig. 9 with the bending experimental data, tension/
compression test data, and the improved energy-based prediction
results for tension/compression �Eq. �5��

N = C

�n��n −
�n

2E
� − �0�0�cosh��n

�0
� − 1	 +

�1

2
�� f

2 − �n
2� + �0�� f − �n�

�c�cosh�2�

�c
� −

3�c

2�
sinh�2�

�c
� + 2	 �6�

4 Mean Stress Effect on Uniaxial Fatigue Life

4.1 Axial Fatigue at Various Stress Ratios. The effect of an
applied mean stress on fatigue life can be observed in two sec-
tions. The first section implies that strain energy is dissipated by
the constant applied static load; second, the plastic deformation in
the hysteresis loop with positive mean stress effect is greater than
the deformation in fully reversed cyclic loading. These two occur-
rences simultaneously result in the reduction of the amount of
cycles required to fatigue a specimen under positive mean stress
influence.

Energy due to constant static mean loading is described as fol-

lows: When conducting a cyclic test at stress ratios �R
=�min /�max� greater than −1.0, a constant mean stress is applied.
Therefore, some of the strain energy required for monotonic frac-
ture has already been dissipated, thus reducing the total strain
energy required for fatigue. An illustration of this is shown on the
stress-strain curve in Fig. 10. To further elaborate on this figure,
the area underneath the stress-strain curve between zero and mean
stress represents a monotonic mean strain energy density based on
the constant load; this is expressed by Eq. �7� for mean stresses
less than necking and Eq. �8� for mean stresses between the neck-
ing and fracture point. The total monotonic strain energy density

Fig. 7 Fully reversed tension/compression cyclic strain energy compari-
son for Al 6061-T6

Fig. 8 Stress distribution as a result of the respective uniaxial loading ap-
plication †17‡
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is defined by the area underneath the entire stress-strain curve of
Fig. 10 and is represented by Eq. �9�. Therefore, the remaining
strain energy density required for fatigue is expressed by subtract-
ing the mean strain energy density from the total strain energy
density �Eq. �10��.

Wmean = �mean��mean −
�mean

2E
� − �0�0�cosh��mean

�0
� − 1� �7�

Wmean = �n��n −
�n

2E
� + �0�0�cosh��n

�0
� − 1	 +

�1

2
��mean

2 − �n
2�

+ �0��mean − �n� �8�

Wf = �n��n −
�n

2E
� + �0�0�cosh��n

�0
� − 1	 +

�1

2
�� f

2 − �n
2�

+ �0�� f − �n� �9�

WN = Wf − Wmean �10�
When evaluating the fully reversed tension/compression cyclic
behavior, two assumptions were set in place: The strain equation
is determined from a generalized coordinate system, and the com-
pressive behavior of the cyclic stress-strain relation is the same as

the tensile �1�. Both of these statements are also assumed for
cyclic loading with mean stress effect: Therefore Eq. �3�, and all
of the curve fit parameter values from Ref. �1�, can still be used to
characterize the stress-strain behavior. However, unlike the fully
reversed stress-strain loop formed in Ref. �1�, the loop formed
with mean stress effect is much different. This assertion is proven
by the experimental results in Fig. 11, which shows that the effect
of a positive mean stress on cyclic stress-strain behavior results in
an open hysteresis loop.

The assumption for this particular behavior can be fully ex-
plained in Figs. 12 and 13. These figures show an extreme exag-
geration of the cyclic stress-strain relation on a generalized coor-
dinate system, which has shifted the minimum alternating stress-
strain point of a fully reversed analysis to the origin �0, 0�; thus;
the corresponding maximum alternating stress and strain are twice
the original alternating value �i.e., 2� and 2�, or �p.p. and �p.p.
where p.p.=peak to peak�. In Fig. 12, the fully reversed stress-
strain loop can be developed using the cyclic strain equation �Eq.
�3�� from zero to peak to peak for both the tensile and compres-
sive relations. Developing the hysteresis loop with the mean stress

Fig. 9 S-N fully reversed tension/compression and bending fatigue life
comparison „Al 6061-T6…†17‡

Fig. 10 Simulated monotonic stress-strain curve
Fig. 11 Hysteresis loop for one cycle with mean stress effect
„Al 6061-T6…
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effect, however, is more complicated. The first observation made
is that the tensile stress-strain behavior does not start from the
generalized origin. Further observation of Fig. 12 shows that the
hysteresis loop with mean stress effect begins and ends at the
horizontal line indicating the applied mean stress level and the
maximum point of the loop is at the horizontal line indicating
peak-to-peak stress plus mean stress. Next, it is shown in Fig. 13
that if the compressive curve were to go back to the origin, it
would have the same stress-strain behavior as the tensile curve
from zero to peak-to-peak plus mean. Based on this observation,
the tensile behavior of the hysteresis loop with mean stress effect
is characterized as Eq. �3� from mean to peak-to-peak plus mean
stress and the compressive behavior is characterized as Eq. �3�
from zero to peak-to-peak stress.

From the in-depth mean-stress-effect analysis on cyclic behav-
ior shown in Fig. 13, the cyclic strain energy density can be de-
termined by the generalized expression

Wc = �p.p.��p.p. + �mean� −�
�mean

�p.p.+�mean

�d� −�
0

�p.p.

�d� �11�

where �p.p. is peak-to-peak stress, �p.p. is peak-to-peak strain,
�mean is the mean stress, and �mean is the mean strain. The general
expression of Eq. �11� is made up of three sections. Each of these
sections is individually solved and written as

�p.p.��p.p. + �mean� = 2��2� + �mean

E
+

sinh�2� + �mean

�c
�

C



�12�

�
�mean

�p.p.+�mean
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2EC
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+ 2�c cosh�2� + �mean

�c
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− 2�c cosh��mean
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�
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EC
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Observation of these equations combined �i.e., Eq. �11� solved�
shows that if �mean is zero, the summed up expression reverts to
the strain energy density calculation for fully reverse loading �1�,
which is shown as

Wcycle =
2�c

C

 �

�c
sinh�2�

�c
� − �cosh�2�

�c
� − 1	� �15�

Based on the understanding of the strain energy relation between
monotonic and cyclic failures, Eqs. �10� and �15� can be used to
determine the number of cycles required to fatigue a specimen
with R� or =−1.0 �Eq. �16��.

N =
WN

Wc
�16�

Tension/compression experimental results were acquired from
several Al 6061-T6 dog-bone specimens using the MTS servohy-
draulic machine. Tests were conducted at mean stresses of
70 MPa and 138 MPa, with R ranging from −0.5 to 0.3. The re-
sults were compared to the mean energy-based fatigue life predic-
tion criterion �Eq. �16�� and plotted in Figs. 14 and 15. The com-
parison shows commendable accuracy at higher fatigue life
cycles. The minimal variations at lower cycles may be associated
with factors such as the load control issue of the MTS actuators at
large tensile loads, slipping between the wedges of the hydraulic
grips and the dog bone at high tensile loads, or excess applied
pressure by the hydraulic grips on the dog bone that causes
supplementary axial loading at lower applied loads. Nevertheless,
the strain energy density analysis of axially loaded specimens un-
der mean stress effect provides a valid method for fatigue life
prediction and estimation.

4.2 Bending Fatigue at Various Stress Ratios: The Effect
of Mean Stress and Stress Gradient. Due to present time limi-
tations on advanced bending specimen fixtures, mean stresses can-
not be superimposed on vibration-based bending test specimens.
Therefore, the prestraining procedure and the vibration-based
method are used to generate fatigue results at R values other than
the fully reversed case �R=−1� �7,8�. Using this two-step experi-
mental testing method, bending fatigue data with R values ranging
from −0.1 and −1.0 were acquired from Al 6061-T6 specimens.
The fatigue results are displayed on the Goodman diagram of Fig.
16 �7�.

In order to construct a Goodman diagram with the theoretical
energy-based prediction approach �1�, mean stress and stress gra-
dient effect were simultaneously analyzed. The combined analysis
of the mean stress and stress gradient effect is conducted by in-
corporating the analysis of stress through the neutral axis �stress
gradient effect� to the mean-stress-effect analysis. Equations �17�

Fig. 12 Simulated hysteresis loop comparison

Fig. 13 Simulated hysteresis loop with mean stress effect
„non shaded area…
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and �18� show the generalized incorporation of the two analyses,
where WN,ev is the required effective volume �ev� strain energy for
fatigue and Wmean,ev is the monotonic mean strain energy for an
ev, which is expressed by Eq. �19� for mean stresses less than
necking and Eq. �20� for mean stresses between necking and frac-
ture.

Wcycle,mean,ev =�
−Ry

Ry

Wcycle,meandyt �17�

WN,ev = 2Ry�Wf − Wmean,ev� �18�

Wmean,ev =
�mean

2 R

3E
+ 2�0�0R�cosh��mean

�0
� − 1	 �19�

Wmean,ev =
�n

2R

3E
+ 2�0�0R�cosh��n

�0
� − 1	

+
�1

2
���0�0R cosh��mean

�0
�

�mean



2

− �2�nR�2�
+ �0��0�0R cosh��mean

�0
�

�mean
− 2�nR
 �20�

Acquiring the fully solved cyclic strain energy expression from
the incorporation of the mean stress and stress gradient effect �Eq.

Fig. 14 Tension/compression fatigue life comparison with mean stress ef-
fect of 70 MPa „Al 6061-T6…

Fig. 15 Tension/compression fatigue life comparison with mean stress ef-
fect of 138 MPa „Al 6061-T6…
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�17�� can be explained as follows: Stress values used in the strain
approximation equations for mean stress effect are multiplied by
yt /Ry �similar to stress gradient analysis from Sec. 3�, where yt is
any the distance from the neutral axis and Ry is the maximum
distance from the neutral axis, then the equations are integrated
with respect to the neutral axis. This analysis leads to the follow-
ing equations for effective cyclic strain energy with mean stress
effects:

W1 =
4��2� + �mean�R

3E
+

4��cR

C�2� + �mean�
�cosh�2� + �mean

�c
�

−
�c

�2� + �mean�
sinh�2� + �mean

�c
�	 �21�

W2 =
2�c

2R

C
� 1

2� + �mean
sinh�2� + �mean

�c
� −

1

�mean
sinh��mean

�c
�	

+
R

3E
��2� + �mean�2 − �mean

2 � �22�

W3 =
− 2�cR

C
+

4�2R

3E
+

�c
2R

�C
sinh�2�

�c
� �23�

Wcycle�mean,ev = W1 − W2 − W3 �24�

Therefore, using the understanding of the strain energy relation-
ship between monotonic and cyclic failures, Eqs. �17� and �24�
can be used to determine the number of cycles required to fatigue
a specimen under bending load conditions at R�or=−1.0 �Eq.
�25��.

N =
WN,ev

Wcycle,mean,ev
�25�

Experimental bending results, which where acquired from seven
Al 6061-T6 specimens at 106 cycles for R between the range of
−0.1 and −1.0 �7,8� were compared to the energy-based prediction
method �Eq. �25�� on the Goodman diagram of Fig. 17. The com-
parison shows good agreement between the experimental and pre-
dicted results. Minor variations between the two results may rest
on the computational FEM procedure for determining the values

Fig. 16 Bending fatigue data at various R values for Al 6061-T6 †7,8‡

Fig. 17 Bending fatigue comparison at various R values for Al 6061-T6
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of the localized strains and stresses as needed for the prestraining
procedure �7,8�. Improvements to the FEM, via a more realistic
model for representing the actual prestraining process, would re-
duce the minor difference between the comparison, thus making
the agreement between the results more accurate �8�.

5 Ti 6Al-4V Experimental Results
Fully reversed fatigue and tensile �monotonic� results from two

different raw plate stocks of Ti 6Al-4V have been acquired for
each respective uniaxial case and are shown on Figs. 18 and 19,
where each of the respective specimens was created with a water-
jet process from two 3.175 mm thick low stress polished Ti
6Al-4V square plates �0.607 m2�. Observing the fatigue data in
Fig. 18 shows that there is an obvious difference between the
fatigue limits of the two Ti 6Al-4V stocks �groups�. There is also
a difference between the behaviors of the respective monotonic
curves for each stock �group� in Fig. 19. The difference between
the two monotonic curves in Fig. 19 is that the yielding stress of
the first titanium material is roughly 5% larger than the second

one. It is believed that this difference is the reason for the shorter
fatigue life of specimens from Stock 2 in comparison to Stock 1 at
a particular stress level. For the purpose of generating accurate
tension/compression and bending fatigue prediction analysis, a
method that provided a reasonable correction factor for the differ-
ence between the two stocks was needed. Therefore, due to the
lack of microstructure information and based on the available ma-
terial property �i.e., the difference in yield stress�, a yielding cor-
rection factor was developed. This factor was developed based on
the calculation showing that the percent difference of Stock 2
yielding stress is 4.6% lower than Stock 1, thus providing the
correction value of 1.046. This value is then multiplied to the
fatigue results of stock for acceptable comparison to Stock 1.

After using the yielding correction factor, a comparison is made
between bending and tension/compression fatigue results in Fig.
20. From this comparison, the fatigue results also show a signifi-
cant difference between the fatigue stresses of the respective pro-
cedures at a specified fatigue life. The difference seen in the com-

Fig. 18 Fully reversed tension/compression fatigue life results for Ti
6Al-4V

Fig. 19 Monotonic results for Ti 6Al-4V
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parison of Fig. 20 is similar to the difference observed in the Al
6061-T6 fatigue results from Sec. 3 �1�. Therefore, the stress gra-
dient implication is valid here as well.

6 New Energy-Based Fatigue Prediction Method

6.1 Axial Prediction Method for Fatigue Prior to the En-
durance Limit. It is rationally understood that once an object
operates at a stress level near the endurance limit �approximately
400 MPa for the available Ti 6A1-4V data�, it is considered in a
danger zone for conventional HCF of materials �i.e., evaluated at
107 cycles with the assumption of similar behavior up to
109 cycles�. Therefore, using the uniaxial energy-based prediction
criterion to acquire fatigue estimation up to the endurance limit is
a sufficient contribution to understanding the fatigue behavior of
materials similar to Ti 6Al-4V.

Following the energy-based procedures from tension/
compression fatigue analysis of Al 6061-T6 �Sec. 3.1�, the param-
eters in Table 2 were acquired from the average of several mono-
tonic stress-strain results �1�. Furthermore, following the
procedures mentioned in Ref. �1�, a number of low cycle �LC� test
were conducted at stress levels between 380 MPa and 1100 MPa,
where the parameters C and �c were acquired for each stress
level. LC results at stresses near the endurance limit were dis-
carded due to the uncertainties of the energy dissipation mecha-
nism. From the observed LC results at stresses much higher than
the endurance limit �Table 3�, however, the optimal curve fit is
determined based on the minimal standard deviation technique
used for the fatigue life prediction criterion in Sec. 3.1 �1�.

Using the axial energy-based method �Eq. �5�� with the corre-

sponding boldface C and �c values from Table 3, a comparison
between the prediction and experimental data is shown in Fig. 21.
The comparison shows that the axial energy-based method can be
used to estimate tension/compression fatigue life prior to the en-
durance limit, where the value of the endurance limit can be ac-
quired from a number of material property sources as the stress
level at 107 cycles and beyond �approximately 109�. Therefore,
the axial energy-based method is capable of accurately predicting
the lower fatigue limit of the danger zone.

6.2 Incorporation of a Statistical Estimation Scheme to the
Energy-Based Prediction Method. For Ti 6AL-4V, the affirma-
tion that stress is the dominant factor of strain energy calculation
is not valid for stress levels approaching the endurance limit.
However, the major influences to irreversible deformation of Ti
6Al-4V at relatively low stress levels are currently unknown.
These uncertainties have led to the introduction of a probabilistic
approach, which is an alternative method that provides the capa-
bility to systematically determine fatigue life of materials experi-
encing the endurance limit phenomenon.

The initial energy-based assumption, which states that the strain
energy required to fracture a material monotonically is the same
as the strain energy accumulated during a cyclic fatigue procedure
�11,13�, is not discarded for the probabilistic approach. Therefore,
the probability approach used for life cycle prediction will be
based on the likelihood of generating a certain amount of strain
energy, which is ultimately determined by the curve fit parameters
C and �c of the cyclic strain equation previously shown in Sec. 3
�Eq. �3��.

In order to develop an accurate probability approach, C and �c

Fig. 20 Fully reversed tension/compression and bending fatigue life re-
sults for Ti 6Al-4V

Table 2 Monotonic strain equation curve fit results for Ti
6Al-4V

E �MPa� 1.17E+05
�0 1.53E−22
�n 0.13419
�0 �MPa� 23.34
�y �MPa� 1037
�n �MPa� 1155
�1 �MPa� 541.0
�0 �MPa� 1083

Table 3 Cyclic strain equation curve fit results for Ti 6Al-4V

� �MPa� C �c �MPa� Standard deviation

827 1.67E+06 3.50E+04 1.1101
1103 1.07E+04 6.14E+04 4.8157
827 4.00E+05 4.43E+04 1.1252
1034 1.69E+04 5.98E+04 4.865
655 1.00E+07 2.13E+04 1.334
793 4.76E+05 4.01E+04 1.3499
862 2.27E+05 4.84E+04 1.376
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results from the previously mentioned LC experimental tests were
analyzed. Observation of the LC results showed that the optimized
parameters C and �c change simultaneously based on the stress
amplitude under analysis. However, this change follows a specific
pattern with respect to the applied alternating stress: As stress
decreases, C increases infinitely and �c decreases to an asymptotic
value. Therefore, to characterize the probabilistic prediction ap-
proach, a clear understanding of the relationship between the
curve fit parameters �C and �c� and alternating stress was essen-
tial. To understand this relationship, a regression analysis is con-
ducted. Since a linear regression analysis is preferred, the relation-
ship between the parameters and the alternating stress is adjusted
to a linear form. To define the linear relationship for C-�, the
y-axis �C� is converted to a logarithmic scale, and the relationship
for �0-� at lower stresses is defined as a linear band. Each of the
linear relationships can be seen in Figs. 22 and 23.

The simple linear regression analysis of the C-� �with transfor-
mation� and �c-� relationship can be expressed by

loge�C� = �01 + ��11 �26�

�c = �02 + ��12 �27�

The estimators �0j and �1j �for j=1,2� are acquired using least
squared approximation and based on LC experimental results. The
least squared approximation as well as other numerous statistical
manipulations were conducted using the MINITAB software. Re-
sults from the linear-log scale of C-� are shown in Table 4, where
the coefficient of determination �R-Sq� shows reasonably good
linear dependence.

It was assumed previously in this section that the relationship

Fig. 21 Tension/compression fatigue comparison prior to the endurance
limit for Ti 6Al-4V

Fig. 22 Semilog plot of C versus alternating � for Ti 6Al 4V

Fig. 23 Plot of �c versus alternating stress � for Ti 6Al 4V

Table 4 MINITAB results for regression analysis of C and � „En-
glish units…. S=0.351306, R−Sq=98.2%, and R−Sq„adj…
=98.0%.

The regression equation �ln�C�=25.9–0.000106��
Predictor Coef SE�Coef T P

Constant 25.8611 0.6559 39.43 0.00
� −0.0001 5.4E−06 −19.6 0.00
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between �c and � is a linear band. In order to observe this, a
linear regression of the existing data is conducted and the stan-
dardized residuals are plotted against the corresponding fitted val-
ues from the analysis in Fig. 24. It is possible that the lack of
regression fit may be caused by the outlier data point in Fig. 24,
which sits outside the range �−1,1� recommended by Ref. �18�.
By removing the outlier, a regression analysis for the linear rela-
tionship between �c and � was conducted and the results are
shown in Table 5. Furthermore, by conducting a hypothesis test to
check the linearity of the regression result, it is fair to say that �c

for lower alternating stress levels ���482.5 MPa� is a constant
value; where the chosen value is defined as the median from the
data in Fig. 23 minus the outlier.

Based on the results acquired, the probabilistic approach is a
method for providing a fatigue life prediction range of a specified
alternating stress due to a given confidence level. The method
used here is a well-known linear regression means of observation
called a prediction interval for unknown regression parameters
�18�. A prediction interval for estimated results of loge�C� that are
based on a specified stress value can be obtained with the follow-
ing equation:

loge�C�h � t�1 − �/2;n − 2�S�loge�C�h� �28�

where loge�C�h is the estimated value from Eq. �26�, � is 1−
confidence level �i.e., for 95% confidence, �=1−0.95�, n is the
number of samples used in the regression construction, t�1
−� /2;n−2� is the t-distribution number corresponding to the
specified confidence level, and S�loge�C�h� is the square root of
the estimated variance for the estimated value of loge�C�h.

Due to the previously stated understanding that the estimation
of strain energy is ultimately decided by the estimated values of
the curve fit parameters, transformation of the prediction intervals
from loge�C�h to Ch �where Ch is the transformation of the esti-
mated loge�C�h value to a linear scale� provides the direct capa-
bility to construct prediction intervals for fatigue life at the respec-
tive stress. This is accomplished by using the bounding C values
from the transformed prediction interval to solve for two different
fatigue cycles. Therefore, these calculated upper and lower fatigue
values define the prediction interval of the alternating stress and
the confidence limit corresponding to the C parameter interval.
Figures 25 and 26 show the fatigue prediction intervals for low
stresses with a 95% and a 99% confidence limit, respectively.

Though the tension/compression comparison looks promising, a
sufficient amount of fatigue test results from the two available
stocks of Ti 6Al-4V was not acquired beyond 105 cycles �where
the endurance limit begins� to determine the accuracy of the pre-
diction. The uniaxial bending case, however, poses the exact op-
posite problem. Though there are sufficient HCF data �105–107�,
there are not enough experimental data prior to the endurance
limit. Therefore, to observe the validity of the probabilistic ap-
proach, the stress gradient analysis from Sec. 3 was used to de-

Fig. 24 Standardized residual versus fitted values of �-�c
analysis „Ti 6Al-4V…

Table 5 MINITAB results for regression analysis of �c and �. S
=8207.32, R−Sq=5.2% and R−Sq„adj…=0.0%.

The regression equation ��c=62438–0.652��
Predictor Coef SE�Coef T P

Constant 62438 48232 1.29 0.22
� −0.6522 0.8079 −0.81 0.435

Fig. 25 Fully reversed tension/compression fatigue life comparison at 95%
confidence „Ti 6Al-4V…
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velop the prediction intervals for the bending fatigue case. The
bending fatigue prediction intervals are compared with the experi-
mental results in Figs. 27 and 28 for 95% and 99% confidence
limits, respectively. This comparison sufficiently validates the
probabilistic approach for the bending case, therefore indirectly
validating it for the axial case as well.

7 Conclusion
There were a number of worthwhile findings in the presented

manuscript. First, the energy-based understanding for fatigue life
prediction was extended to determine bending and tension/
compression fatigue results for R� or =−1; the comparison be-
tween each respective mean-stress-effect life prediction process
and corresponding uniaxial experimental results for Al 6061-T6

indicates that the energy-based method is an encouraging fatigue
estimation tool for cyclic loading at various stress ratios. Also, a
procedure for comparing the S-N behavior of Ti 6Al-4V materials
with slightly different yielding stresses is presented with encour-
aging success.

It has also been validated in this manuscript that the uniaxial
energy-based fatigue life prediction method with the incorporated
probabilistic approach is capable of sufficiently creating an upper
and a lower bound for fatigue results near the endurance limit. An
example of this prediction application was clearly confirmed with
an experimental versus analytical comparison for the bending
case. The stress gradient theory, however, can make a correlation
between tension/compression and bending fatigue by estimating
bending fatigue limits based on tension/compression test results

Fig. 26 Fully reversed tension/compression fatigue life comparison at 99%
confidence „Ti 6Al-4V…

Fig. 27 Fully reversed bending fatigue life comparison at 95% confidence
„Ti 6Al-4V…
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�17�. Based on this correlation, the probabilistic method is also
valid for tension/compression fatigue near the endurance limit.
Therefore, this indicates that the energy-based prediction method
with probabilistic intervals is capable of providing a good assess-
ment for the range of fatigue life corresponding to a specified
stress and confidence level.

The contribution of the energy-based prediction method to gas
turbine engine design is the emergence of another simplified
method �like the Goodman diagram� to determine fatigue results
of components based on the stresses acting on the part. Like the
Goodman diagram, the energy-based method can also be imple-
mented into FEM software and computational analysis as an equa-
tion. However, the energy-based prediction method can also be
implemented into FEM software by way of the minimum potential
energy equation; this ability is what makes the energy-based fa-
tigue life prediction method a more useful gas turbine engine de-
sign tool than the Goodman diagram.
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Hybrid Gas Bearings With
Controlled Supply Pressure to
Eliminate Rotor Vibrations While
Crossing System Critical Speeds
Microturbomachinery implements gas bearings in compact units of enhanced mechanical
reliability. Gas bearings, however, have little damping and wear quickly during transient
rub events. Flexure pivot tilting pad bearings offer little or no cross-coupled stiffnesses
with enhanced rotordynamic stability; and when modified for hydrostatic pressurization,
demonstrate superior rotordynamic performance over other bearing types. External pres-
surization stiffens gas bearings thus increasing system critical speeds, albeit reducing
system damping. Most importantly, measurements demonstrate that external pressuriza-
tion is not needed for rotor supercritical speed operation. In practice, the supply pressure
could be shut off at high rotor speeds with substantial gains in efficiency. This paper
introduces a simple strategy, employing an inexpensive air pressure regulator to control
the supply pressure into the hybrid bearings, to reduce or even eliminate high amplitudes
of rotor motion while crossing the system critical speeds. Rotor speed coast-down tests
with the pressure controller demonstrate the effectiveness of the proposed approach. A
simple on-off supply pressure control, i.e., a sudden increase in pressure while approach-
ing a critical speed, is the best since it changes abruptly the bearing stiffness coefficients
and moves the system critical speed to a higher speed. A rotordynamic analysis integrat-
ing predicted bearing force coefficients forwards critical speeds in agreement with the
test results. Predicted rotor responses for the controlled supply conditions show an ex-
cellent correlation with measured data. The experiments validate the predictive tools and
demonstrate the controllable rotordynamic characteristics of flexure pivot hybrid gas
bearings. �DOI: 10.1115/1.2966391�

1 Introduction
Microturbomachinery �MTM� with output power below 400

kW operates at high speeds and extreme temperatures, and deliv-
ers reliable power in compact, low count part units of reduced
weight. MTM implements gas bearings that offer low friction, less
heat generation, and power losses than oil-lubricated bearings
�1,2�. Gas bearings in MTM aid to satisfy environmental restric-
tions and even add value for those concerned with global warm-
ing.

Gas bearings, however, have low damping and load-carrying
capacity due to the inherently small gas viscosity �3�. Conse-
quently, gas film bearings do not generate a large enough hydro-
dynamic pressure field to support static and dynamic loads during
rotor start-up or shutdown events. Externally pressurized gas bear-
ings, however, prevent transient rotor-bearing contact and reduce
wear while at start-up and shutdown conditions �4�.

Gas foil bearings are customarily used in air cycle machines,
auxiliary power units, and commercial MTM because of their dis-
tinct advantages including tolerance to shaft misalignment and
centrifugal/thermal growth, and large load capacity compared
with rigid surface gas bearings �5�. However, the expensive de-
velopment cost and lack of reliable analytical tools have limited
universal application of foil bearings into larger TM.

Tilting pad bearings are widely used in high performance tur-
bomachinery because of their inherent stability characteristics re-
sulting from no generation of cross-coupled stiffness coefficients

�6�. Flexure pivot tilting pad bearings, machined as a single piece
using wire electrical discharge machining �EDM�, provide the
same rotordynamic advantages as tilting pad bearings. Flexure
pivot tilting pad bearings eliminate pivot wear, contact stresses,
and pad flutter, and minimize the manufacturing tolerance
stack-up �7�. Integrally machined pads with the bearing shell offer
a compact unit, easier to install and maintain. This bearing type
can be designed and manufactured not only with a low rotational
web stiffness allowing for pad tilting and hence promoting rotor-
dynamic stability but also with a radial stiffness giving a margin
of tolerance for shaft growth, centrifugal and thermal, and also
permitting shaft excursions beyond its nominal clearance.

Zhu and San Andrés �8� describe rotordynamic measurements
of a high speed rotor supported on flexure pivot tilting pad gas
hydrostatic bearings. Tests without supply pressure show the rotor
becomes unstable at �81 krpm with a whirl frequency ratio of
�20%. With external pressurization, the rotor-bearing system is
stable to the top speed of the drive motor, 99 krpm. San Andrés
and Ryu �9� present further rotordynamic measurements of a test
rotor supported on flexure pivot tilting pad gas hydrostatic bear-
ings for various mass imbalances, increasing supply pressures,
and load-on-pad �LOP� and load-between-pad �LBP� configura-
tions. In particular, rotor deceleration tests with a manual control
of the supply pressure into the hybrid gas bearings are conducted
to eliminate high amplitudes of rotor vibration while crossing the
system critical speeds.

The present research advances the technology of hybrid gas
bearings for application into oil-free high performance MTM by
demonstrating experimentally their rotordynamic performance, re-
liability, and durability. To accomplish the desired objective, the
current work focuses on suppressing excessive levels of rotor vi-
bration while traversing critical speeds of a rotor-bearing system.
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Vibration limits in a rotor-bearing system are essential to im-
prove its reliability, performance, and life. In industrial practice,
API specifications require tight vibration restrictions. API 610
�10� and API 617 �11� standards determine the vibration limit of a
rotating shaft, i.e., Au� �5.2�106 /N�0.5 and Au�25.4
� �12,000 /N�0.5, where Au is the peak-to-peak amplitude of un-
filtered rotor vibration in �m and N is the rotational speed in rpm,
respectively. These standards also restrict the maximum Au to
50 �m peak-to-peak and 25 �m peak-to-peak, respectively. In
petroleum, chemical, and gas industries, API 610 and API 617
standards cover the requirements for centrifugal pumps and axial/
centrifugal compressors, respectively. The accepted API specifica-
tions are clearly too stringent for high speed MTM, and hence
difficult to achieve in practice.

Prior exhaustive research, analytical and experimental
�8,9,12,13�, demonstrates that external pressurization increases the
gas bearings’ direct stiffnesses albeit with a notable reduction in
damping. The drop in damping makes a rotor-gas bearing system
more sensitive to imbalance, and considerable efforts must be
spent in tightening manufacturing tolerances for rotors and bear-
ings; for example, as well as by enlarging tip clearances in tur-
bines or compressors to allow for the larger rotor excursions and
hence reducing overall system efficiency.

The present work presents additional rotordynamic tests using a
control system of the supply pressure into the bearings to elimi-
nate rotor motion peaks while passing through the critical speed of
the rotor-bearing system. Open and closed loop control systems
relate the supply pressure to the rotor speed and regulate the sup-
ply pressure into the test bearings. A simple and inexpensive
electro-pneumatic air regulator controls the air supply pressure,
whose magnitude is set inversely proportional to the rotor speed.
Comprehensive rotor speed coast-down tests are performed to
characterize the rotor response for various pressure supply control
methods over certain rotor speed regions. The measured rotor re-
sponses for controlled supply air pressures are compared with
predictions from computational models.

The literature on active control of shaft motions in rotor and
oil-lubricated bearing systems is quite extensive. Actively con-
trolled bearing systems offer advantages over passive devices
such as versatility in adjusting to the load condition and machin-
ery configuration. However, active vibration control systems typi-
cally require an external power source to operate actuators sup-
plying controlled forces for ready delivery to the rotating
structure. Most force actuators are limited in load amplitude and
frequency span; and thus cannot readily compensate for
imbalance-induced forces which can be large at high rotor speeds.

As applied to oil-lubricated tilting pad bearings, Santos �14�
uses hydraulic actuators to push bearing pads, thus controlling
bearing clearances to modify the bearing force coefficients. Later,
Santos et al. �15� detail measurements and analysis conducted on
a rigid rotor supported on tilting pad bearings with active oil in-
jection, i.e., controlled pressurized lubricant delivery. A complex
system integrates hydraulic servovalves, rotor displacement/
velocity transducers, and proportional-derivative �PD� feedback
controllers. The servovalves are controlled by the rotor dynamic
displacements and velocity components. A displacement feedback
control reduces the rotor vibration amplitude at low frequencies.
On the other hand, rotor velocity feedback control lessens the
amplitude of rotor motion at high frequencies. Combination of
displacement and velocity signals with proper control gains pro-
vides the lowest rotor amplitude over extended rotor speed re-
gions.

Bently et al. �16� apply active lubrication into hydrostatic bear-
ings and report the rotordynamic performance of turbocompressor
supported on oil hydrostatic bearings. The four pocket bearings
integrate high-speed electrohydraulic valves and a closed-loop
feedback control system. The controller sets the desired pocket
supply pressure and anti-swirl of the oil injected into the bearings.

External pressurization increases the stiffnesses of the test bear-
ings, thereby raising the system critical speed above the operating
speed range.

Qiu et al. �17� describe rotordynamic measurements in actively
controlled tilting pad gas bearings for vibration control in a tur-
boexpander. Embedded piezoelectric actuators support the bear-
ings and with a feedback control system integrating a
proportional-integral-derivative �PID� controller, actuators, and
displacement sensors. The tests show that subsynchronous mo-
tions of a test rotor-bearing system are suppressed with feedback
control if the gains of the controllers are appropriately chosen.
However, synchronous vibration amplitudes remain almost un-
changed.

Ryu �18� presents a comprehensive review of the relevant lit-
erature on passive and active controls of vibrations in rotating
machinery. The few publications referred above show that active
control systems can be rather complex and costly, while still de-
livering mixed results. The proposed supply pressure control de-
scribed below is simple and inexpensive; and most importantly, it
achieves its intended action; i.e., reduction of rotor amplitudes of
motion while traversing critical speeds.

2 Experimental Facility
Figure 1 depicts a schematic view of the gas bearing test rig and

the supply air system into the test bearings. The test rig has a steel
casing integrating a brushless AC motor armature, with a maxi-
mum speed of 99 krpm. The motor controller offers 0.9 kW of
continuous power. A K-type thermocouple monitors the tempera-
ture of the motor armature. Three alignment bolts position the test
bearings 120 deg apart within their housings. Piezoelectric load
cells installed between the bearing housing and each alignment
bolt measure the dynamic forces transmitted to the rig casing. The
airflow into the bearings is controlled by on/off valves and an
adjustable air pressure regulator connected to the main shop line.
Calibrated turbine flow meters measure the mass flow rate into
each bearing with an uncertainty of 0.05 l/min.

Two pairs of eddy current sensors, orthogonally positioned and
facing the rotor ends, measure the rotor vibration amplitudes
along the X-�vertical� and Y-�horizontal� planes. Rotor displace-
ment voltage signals from the eddy current sensors are routed
through a signal conditioner to bias their DC offset levels. The
conditioned signals are inputted into PC DAQ systems. Two ana-
log oscilloscopes display the unfiltered real time rotor orbits for
the left and right sides of the rotor. An infrared tachometer
mounted at the right end of the rotor is a keyphasor signal for data
acquisition. References �8,9,12,13� also detail the components of
the test rig.

The test rotor consists of a steel shaft, 15 mm in diameter and
190 mm in length, and integrates brushless AC motor armature.
Thrust pins with a spring hold the rotor axially. Two cylindrical
steel sleeves are press-fit on the left and right sides of the shaft.
The surface of the sleeves at the bearing locations is hard-chrome
coated with a 0.25 mm thickness. The right journal sleeve has a
smaller diameter than the left journal sleeve due to the extensive
wear during prior rotor coast-down tests �9�. Eight holes, 1 mm in
diameter and 12 mm in a radial distance from the rotor center, are
equally spaced on each rotor end face. Balancing and added
masses are inserted in these holes.

Figure 2 details the dimensions of the test flexure pivot hydro-
static gas bearing with four 72° pads and 60% pivot offset. Prior
extensive testing with the bearings �8,9� left the pads’ surfaces
with uneven wear. The present condition of the bearings shows
quite dissimilar clearances along the circumference and axial
lengths of each pad. The original bearing nominal clearance and
dimensionless pad preload, as reported in Ref. �8�, are
40�4.5 �m and 40%, respectively. Presently, the estimated ra-
dial clearances vary from 40�80 �m for the left bearing and
30�60 �m for the right bearing. Reference �18� details currently
measured bearing radial clearances on the test bearings and a
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comparison with prior measurements in Ref. �9�. Table 1 lists the
main parameters of the test rotor and the bearings. Pressurized air
flows through the orifices into the middle plane of each pad. The
bearings are installed in the LOP configuration.

The electro-pneumatic air regulator controls the air supply pres-
sure in proportion to the rotational speed of the test rotor. The
tachometer integrates a digital to analog converter which provides
a voltage output according to a customized rotor speed range. The
analog output from the tachometer is an input to the electronic air
regulator. The analog output changes in step-wise form, 4096
steps, throughout the specified voltage range. The step size is
�0.0244% �1/4096 step� of the total controlled speed range. Note
that the tachometer acquires data and updates the analog output at
�25 times/s, i.e., every 40 ms. The sensitivity �voltage/rpm� of
the tachometer output depends on the user-defined speed range for
control. A narrow speed range leads to an abrupt increase of the
voltage output as the speed changes. The air regulator offers a
proportional pressure in compliance with an input signal, i.e., ro-
tor speed. As the rotor speed decelerates, the supply pressure in-
creases steadily from a low pressure to a high pressure. Note that

the controller has approximately 0.3–0.4 s of time delay. A de-
tailed description on the control loop follows later.

3 Experimental Procedure
Table 2 lists the eight test operating conditions based on various

pressure supply control methods and preset rotor speed regions.
Operating conditions #1–#4 represent an open control loop, with a
manual setup of supply pressure using an adjustable pressure
regulator. Pressure gauges monitor the supply pressure into each
test bearing. Note that operating condition #1 is a coast-down
rotor speed demonstration without any pressure control, i.e., with
a constant supply pressure over the whole coast-down speed
range.

Closed loop control of the supply pressure governed by rotor
speed, using the electro-pneumatic air regulator, is established for
operating conditions #5–#8. The electro-pneumatic air regulator
automatically adjusts the supply pressure as per the control de-
sired. This device consists of controller, control valve, and pres-

Fig. 1 Layout of gas bearing test rig and air supply system with controller

Fig. 2 Dimensions of flexure pivot pad hydrostatic gas bear-
ing „units: mm…

Table 1 Main parameters of test rig and flexure pivot bearings

Parameter Value Unit

Rotor mass, M 0.825 kg

Rotor diameter, Dj
Left side 28.555�0.001 mm

Right side 28.551�0.001 mm
Bearing axial length, L 33.2 mm

Pads number and arc length 4�72°�
Pad pivot offset 60%

Pad mass moment of inertia, Ip 0.253 g mm2

Web rotational stiffness, K�� 20 N m / rad
Number of feed orifices 4
Feed orifice diameter, do 0.62 mm

Bearing diameter, Db
Left side 28.63−28.71 mm

Right side 28.61−28.67 mm

Bearing clearance, Cb
Left side 40−80 �m

Right side 30−60 �m
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sure sensor as shown in Fig. 1. When the voltage of the input
signal raises, the controller valve opens, thereby supply pressure
passes through it. This pressure feeds back to the controller via a
pressure sensor. The controller compares the supply pressure with
the customized reference value based on the rotor speed range,
and determines the final output pressure. The manipulated pres-
sure, the output of the controller, is the supply pressure into the
test bearings.

For coast-down rotor speed tests �operating conditions #1, #5,
and #6�, the power to the motor controller is turned off allowing
the rotor to freely coast down from 40 krpm. For operator set
speed demonstrations �operating conditions #2, #3, #4, #7, and
#8�, the rotor speed is set manually, starting at 40 krpm and end-
ing at 11.5 krpm; and then, the motor power is turned off. Note
that the operator set speed demonstration obviously provides a
longer deceleration time over the controlled feed pressure versus
rotor speed region.

For operating conditions #2 and #3, the rotor speed is decreased
manually, i.e., starting at 40 krpm. When reaching �14.2 krpm,
the supply pressure is manually increased from 2.36 bar to 5.08
bar �absolute� using an adjustable pressure control valve, as
shown in Fig. 3�a�. Figure 4 displays the air pressure supply varia-
tion for operating conditions #2 and #3. Operating condition #2
provides an instantaneous one-step pressure increase of 2.72 bar
from 2.36 bar to 5.08 bar �absolute�. Operating condition #3
implements a four-step supply pressure increase, 0.68 bar each
step from 2.36 bar to 5.08 bar �absolute� with a 10 s time lag. For
operating condition #4, the supply pressure varies as in operating
condition #3, increasing from 2.36 bar to 5.08 bar �absolute� over
a narrow speed range �13.9�13.0 krpm� as depicted in Fig. 3�b�.

Operating conditions #5–#8 utilize the electro-pneumatic air
regulator for active control of the supply pressure. Figure 3�c�

depicts the supply pressure versus rotor speed for operating con-
ditions #6 and #8. The supply pressure increases continuously
from 2.36 bar to 5.08 bar �absolute� over the speed range 14.2–
13.0 krpm.

4 Experimental Results

4.1 Determination of Control Speed Regime for Air
Regulator. In Ref. �9�, rotor deceleration tests with manual
changes in supply pressure are performed to reduce rotor motion
amplitudes while passing through a critical speed. Current dem-
onstrations include controlled changes of supply pressure using
the electro-pneumatic air regulator and also manual changes in
external pressurization.

Figure 5 depicts the amplitudes of rotor synchronous motions
along the right horizontal �RH� direction for operating condition
#1 at supply pressures from 2.36 bar to 5.08 bar �absolute�. Ex-
ternal pressurization into the gas bearings increases their direct
stiffnesses, thereby raising the system critical speeds. The critical
speed increases linearly with supply pressure. The supply pressure
into the test bearings will be manipulated within the rotor speed
range between 14.2 krpm �an intersection of the rotor synchronous
motions for 2.36 bar and 5.08 bar� and 13.0 krpm �the critical
speed for 2.36 bar�.

While coasting down from the top speed of 40 krpm to 14.2
krpm, the supply pressure is maintained at the lowest pressure of
2.36 bar �absolute�. The supply pressure will be increased from
2.36 bar to 5.08 bar �absolute� while the rotor traverses the speed
region between 14.2 krpm and 13.0 krpm, as shown later.

Table 2 Summary of rotor speed and feed pressure conditions

Operating
condition #

Control strategy

Speed control
method

Preset rotor speed
region for

pressure control

Method of
controlling supply

pressure

Step # of supply
pressure control

over preset speed region

1 Coast down None None —-
2 Operator set speed 14.2 krpm Manual 1 step, Figs. 3�a� and 4�a�
3 Operator set speed 14.2 krpm Manual 4 steps, Figs. 3�a� and 4�b�
4 Operator set speed 13.9−13.0 krpm Manual 4 steps, Fig. 3�b�
5 Coast down 14.2 krpm Controlled 1 step, Fig. 3�a�
6 Coast down 14.2−13.0 krpm Controlled Continuous, Fig. 3�c�
7 Operator set speed 14.2 krpm Controlled 1 step, Fig. 3�a�
8 Operator set speed 14.2−13.0 krpm Controlled Continuous, Fig. 3�c�

Fig. 3 Controlled supply pressure versus rotor speed for op-
erating conditions #2–#8

Fig. 4 Increase of controlled supply pressure over selected
time span. Operating conditions #2 and #3.
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4.2 Estimation of Air Pressure Regulator Response Delay
for Test System. Figure 6 depicts the recorded coast-down speed
of the test rotor versus time for bearings supplied with a 2.36 bar
�absolute� feed pressure. Note that the controller in the air pres-
sure regulator has a response time lag of approximately 0.3–0.4 s
�manufacturer provided�. Over the speed range from 15 krpm to
14 krpm, the deceleration rate of the shaft is approximately 210
rpm/s. Therefore, the time lag of the air regulator will cause a
response delay of approximately 60�85 rpm. Thus, the regular
has an increasing supply pressure rate equal to ��5.08 bar–2.36
bar� / �60�85 rpm��� �210 rpm /s�=9.45�6.72 bar /s. Recall
that the air pressure regulator is operated according to the output
voltages of the tachometer which is proportional to the rotor
speed.

4.3 Measured Rotor Response Amplitudes for Each Oper-
ating Configuration. Figures 7 through 10 depict the amplitudes
of rotor synchronous motion for each operating configuration. The
graphical inserts in the figures recall the supply air feeding meth-
ods for each operating configuration. In all figures, tests results
with a fixed supply pressure maintained throughout the whole
rotor speed range are shown.

Figure 7 shows that the peak amplitude of rotor response is
completely eliminated by the sudden increase in supply pressure
for both operating conditions #2 and #3.

For operating condition #4, the supply pressure into the test
bearings is increased in a similar fashion as in prior measurements
�9�. The rotor motion amplitude abruptly decreases while varying
the supply pressure over a narrow speed region from 13.9 krpm to
13.0 krpm, as shown in Fig. 8. Deceleration fixed rotor speed tests
demonstrate that manual step-control of the supply pressure can
effectively reduce the rotor synchronous response amplitudes
while crossing the system critical speed.

Based on the test results depicted in Fig. 7, the electro-
pneumatic air regulator is used with a closed loop to control the
supply pressure. Figure 9 shows that the rotor responses for oper-
ating configurations #5 and #7 have a similar behavior over the
entire rotor speed range.

Figure 10 shows the rotor synchronous responses for a continu-
ous �ramp� increase in supply pressure to the bearings. Over the

Fig. 5 Determination of speed range for control of supply
pressure. Right bearing horizontal direction „RH…. Operating
condition #1 „constant pressure supply, rotor speed coast
down….

Fig. 6 Estimation of shaft speed change rate based on re-
corded coast-down rotor speed versus time. 2.36 bar feed pres-
sure. Operating condition #1 „constant pressure supply, rotor
speed coast down….

Fig. 7 Rotor synchronous response versus shaft speed. Right bearing
horizontal direction „RH…. Operating conditions #2 and #3. Manual pressure
supply setting.
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narrowly selected speed region, the rotor response evidences a
distinct peak over the controlled pressure regime. The rotor-
bearing system experiences a sudden critical speed when the pres-
sure supply is increased continuously from 2.36 bar to 5.08 bar
within 14.2–13.0 krpm.

Both the fixed speed rotor deceleration and speed coast-down
operation render similar rotor synchronous motions for each
method of supplying the feed pressure. A step change in supply
pressure is more effective than a ramp increase for reducing high
vibration amplitudes of the rotor while crossing the system critical
speeds.

5 Prediction of Rotordynamic Response and Compari-
son to Test Results

The rotordynamic analysis includes modeling the rotor struc-
ture and predicting the gas bearing force coefficients using the
computational model described by San Andrés in Ref. �19�. De-
tails on the finite element �FE� structural model for the test rotor
and a comparison of measured and predicted free-free mode
shapes and natural frequencies can be found in Ref. �20�. Table 1
details the bearing dimensions; and in the predictive model, the
representative radial clearance �Cp=Rp−Rj� and preload are

Fig. 8 Rotor synchronous response versus shaft speed. Right bearing
horizontal direction „RH…. Operating condition #4. step-wise manual pres-
sure supply setting.

Fig. 9 Rotor synchronous response versus shaft speed. Right bearing
horizontal direction „RH…. Operating conditions #5 and #7. Controller acti-
vated system.
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38 �m and 8.4 �m for the right bearing and 44.5 �m and
6.7 �m for the left bearing, respectively. As compared with prior
reported measurements and predictions given in Ref. �9�, exhaus-
tive rotor speed coast-down tests with intermittent rubbing at low
rotational speeds have deteriorated the bearings pads’ surfaces,
thereby reducing their original preload.

Predicted �synchronous� force coefficients for each supply pres-
sure condition are incorporated into the rotor structural model for
prediction of the rotor imbalance response. Appendix includes the
predicted �synchronous speed� rotordynamic force coefficients for
the gas bearings with controlled supply pressures. The eigenvalue
analysis of the rotor-bearing system renders the natural frequen-
cies and modal damping ratios, see Ref. �18�.

5.1 Comparison Between Predictions and Measured Im-
balance Responses. From the rotordynamic measurements, esti-
mated imbalance masses are 0.028 g mm and 0.565 g mm at the
left and right ends of the rotor, respectively, and 180° out of
phase. Figure 11 compares the predicted and measured imbalance
responses of the test rotor for increasing feed pressures. For Ps
�supply pressure� �3.5 bar �absolute�, the correlation of predic-
tions to measurements is remarkable. However, as the supply
pressure decreases, the test data show higher critical speeds with
smaller rotor motion amplitudes. This implies that the stiffness
and damping coefficients of the test bearings are larger than the
predicted values for low supply pressure conditions �Ps

�3.5 bar�.
Figures 12 through 14 depict the predicted synchronous re-

sponse to rotor imbalance for three different control methods of
supply pressure into the bearings and comparisons to the test data.
The predictions show a remarkable agreement within the rotor
speed region of controlled supply pressure. Note that the rotor
motion for operating condition #4 shows much smaller peak am-
plitude while passing through the manually controlled supply
pressure region.

6 Conclusions
Earlier test results with hybrid flexure pivot gas bearings de-

tailed in Ref. �9� show that external pressurization stiffens the

bearings thereby increasing the rotor-bearing system critical
speeds. However, the system damping ratio decreased consider-
ably thus making the system more sensitive to imbalance with
large amplitude responses while crossing the critical speed re-
gions. Furthermore, the measurements evidence that external pres-
surization into the test gas bearings is not necessary for operation
beyond the critical speed of the rotor-bearing system.

In particular, the measurements of rotor motion during rotor
speed coast downs while manually controlling the feed pressure
show elimination of critical speeds with smooth operation over an
extended operating speed range. The present work continues prior
art �9� and provides further rotordynamic demonstrations using an
inexpensive electro-pneumatic air regulator to control the supply
pressure into the hybrid gas bearings.

The feed pressure needs to increase as the rotor speed decreases

Fig. 10 Rotor synchronous response versus shaft speed. Right bearing
horizontal direction „RH…. Operating conditions #6 and #8. Controller acti-
vated system.

Fig. 11 Comparison of predicted and measured imbalance re-
sponse of test rotor for increasing supply pressures. Right
bearing horizontal direction „RH….
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over a relatively narrow speed region. Open and closed loop con-
trol systems of supply pressure into the test bearings are set up to
relate the rotor speed to the supply pressure. Rotordynamic re-
sponse measurements are conducted for eight test operating con-
ditions based on various feeding pressure control methods and
preset rotor speed regions. The demonstrations show that step and
multiple step-wise increases in supply pressure noticeably lessen
the rotor synchronous response amplitudes while crossing the sys-
tem critical speed. However, for a uniformly increasing �ramp�
supply pressure condition, the rotor-bearing system encounters a
sudden critical speed over the narrow preset speed region, thus
showing a notable peak in the rotor synchronous response.

A FE rotordynamic analysis models the test rotor and integrates
predicted synchronous speed bearing force coefficients. Predicted
response amplitude to imbalance for cases with controlled supply
pressures correlate very well with the measurements. The compu-
tational model predicts reliable bearing force coefficients even
when the bearings are severely worn.

Low or virtually nil amplitudes of rotor motion while crossing a
system critical speed enables MTM supported on hybrid gas bear-
ings to operate more efficiently �tighter tip clearances� with less
power losses and ensuring longer bearing structure life. Presently,
the accurate control of bearings’ centering stiffnesses with gas
feed pressure allows to increase the system natural frequency, thus

Fig. 12 Comparison of predicted and measured imbalance responses. Measurement for
operating condition #5 and prediction for one-step increase in supply pressure „2.36 bar…
at 14.2 krpm. Right bearing horizontal direction „RH….

Fig. 13 Comparison of predicted and measured imbalance responses. Measurement for
operating condition #4 and prediction for four-step increase in supply pressure „2.36
bar… from 13.9 krpm to 13.0 krpm. Right bearing horizontal direction „RH….

062505-8 / Vol. 130, NOVEMBER 2008 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



raising the margin for stable rotordynamic performance should
aerodynamic forces from other rotating components appear at
high speeds, for example. The current research advances reliable
and predictable flexure pivot gas bearing technology with im-
proved rotordynamic performance for ready application in oil-free
high-speed MTM, even when operating with worn pad surfaces.
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Nomenclature
Au � peak-to-peak amplitude of unfiltered rotor mo-

tion �m�
Cb � radial bearing clearance �m�

Ci,j � bearing damping coefficients, i , j=X ,Y�N s /m�
Cp � radial pad clearance �m�
do � feed orifice diameter �m�
Db � bearing diameter �m�
Dj � rotor diameter �m�

e � journal eccentricity �m�
Ip � pad mass moment of inertia �kg m2�

Ki,j � bearing stiffness coefficients, i , j=X ,Y�N /m�
K�� � flexure web rotational stiffness �N m / rad�

L � bearing axial length �m�
M � rotor mass �kg�
N � rotor speed �rpm�
Ps � supply pressure �absolute� �bar�
Rp � pad radius �m�
Rj � rotor radius �m�
W � external load acting on bearing �N�

X ,Y � inertial coordinate system
� � rotor speed �rad/s�

Appendix: Predicted Bearing Stiffness and Damping
Force Coefficients

Reference �9� discusses the effect of supply pressure on the
static load performance and dynamic force coefficients of hybrid
gas bearings. For step, multiple step-wise, and ramp increases in
supply pressure, Figs. 15 and 16 depict the predicted static journal

Fig. 15 Predicted gas bearing static journal eccentricity for
step, multiple step-wise, and ramp increase in supply pressure.
Static load W=4 N.

Fig. 16 Predicted gas bearing attitude angle for step, multiple
step-wise, and ramp increase in supply pressure. Static load
W=4 N.

Fig. 14 Comparison of predicted and measured imbalance responses.
Measurement for operating condition #6 and prediction for ramp increase in
supply pressure „2.36 bar… from 14.2 krpm to 13.0 krpm. Right bearing hori-
zontal direction „RH….
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eccentricity and attitude angle for the right gas bearing as rotor
speed decreases. The static load on each bearing is 4 N. Note that
the maximum dimensionless journal eccentricity is 0.78 for hy-
drodynamic operation and low rotor speed conditions. High sup-
ply pressures into the bearings lead to smaller journal eccentrici-
ties and attitude angles.

Figures 17 and 18 compare the direct stiffness and damping
coefficients for step, multiple step-wise, and ramp increase in sup-
ply pressure. The direct stiffnesses increase in proportion to the
supply pressure, as depicted in Fig. 5; whereas the damping coef-
ficients show a decrease with supply pressure.
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Fig. 17 Comparison of gas bearing direct stiffnesses for step,
multiple step-wise, and ramp increase in supply pressure.
Right bearing horizontal direction.

Fig. 18 Comparison of gas bearing direct damping coeffi-
cients for step, multiple step-wise, and ramp increase in supply
pressure. Right bearing horizontal direction.
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Spark-Ignition and Combustion
Characteristics of High-Pressure
Hydrogen and Natural-Gas
Intermittent Jets
Recently, an in-cylinder injection method has been considered for the improvement of
thermal efficiency in natural-gas and hydrogen spark-ignition (SI) engines. However, the
SI and combustion processes of gaseous jets are not well understood. The present study
aims to provide fundamental data for the development of direct-injection SI gas engines.
The ignition, combustion, and flame behavior of high-pressure and intermittent hydrogen
and natural-gas jets in a constant volume combustion chamber were investigated. The
effects of injection pressure, nozzle size, ambient pressure, and spark location were also
investigated for various spark timings and equivalence ratios.
�DOI: 10.1115/1.2938271�

Introduction
Consideration of the current environmental issues and energy

security has led to the examination of hydrogen and natural gas as
alternative fuels for internal combustion engines. The use of hy-
drogen can provide CO2, smoke, and hydrocarbon �HC�-free com-
bustion. Although there are still several barriers to the utilization
of hydrogen as a fuel in internal combustion engines, the results of
recent work on hydrogen production, distribution, and storage
have been promising �1�. Hydrogen fuel exhibits desirable char-
acteristics for the combustion in spark-ignition �SI� engines. A
wide range of flammability limits in hydrogen engines enables
smooth engine operation for a very lean mixture with low NOx
levels, and throttle control is unnecessary, even at idle. The high
burning velocity of hydrogen may contribute to a relatively high
thermal efficiency with a shorter combustion period for an igni-
tion timing close to top dead center �TDC�. Additionally, the low-
spark energy requirement can prevent cyclic combustion fluctua-
tions. These preferable features have encouraged a number of
studies to establish a high-performance hydrogen engine with
various designs and operating conditions �2–10�. Nevertheless, the
extremely rapid combustion of hydrogen causes abnormal burn-
ing, such as knock, preignition, and backfires at higher loads,
which prevents reliable operations and restricts the maximum
power output for the engine �11–14�. Furthermore, a significantly
higher burn velocity leads to a lower thermal efficiency compared
to other gaseous fuels because of the increase in heat loss due to
knocklike explosive combustion. To overcome such problems
with hydrogen engines, internal mixing of hydrogen has been ex-
amined by some researchers �15–17�. Generally, internal mixing
of hydrogen is achieved by high-pressure injection systems. This
technique is very effective for the prevention of backfire and
knock, particularly under high engine loads. However, high heat
loss due to the high burning velocity of hydrogen is still a major
barrier to achieving thermal efficiency as high as that seen in
recently advanced direct-injection diesel engines.

Natural-gas engines, with less smoke combustion and low CO2
emission per output power, are also an attractive solution with
regard to the factors already mentioned. Natural-gas engines are

widely utilized in passenger cars, buses, and trucks. Most of these
engines are operated under SI stoichiometric conditions with
three-way catalysts �18,19�. Although these engines have clean
exhaust emissions, the occurrence of a knock under high engine
loads limits the compression ratio, and therefore lowers the ther-
mal efficiency. In addition, pumping loss under low engine loads
is also a limiting factor affecting thermal efficiency. In heavy-duty
stationary natural-gas engines, utilization of lean-burn combustion
with prechamber technology offers high thermal efficiency and
output power with low NOx emission �20,21�. However, such en-
gines are designed to ensure lean-burn operation only under lim-
ited engine loads and speeds. Unfortunately, lean-burn combus-
tion in light/medium duty natural-gas engines is not easily
achieved. Use of the prechamber in such engines is subject to
space limitations and the demand for a wide range of engine op-
eration.

Recently, direct-injection, spark/glow plug ignition natural-gas
engines have been investigated because of their potential for high
thermal efficiency and power output �22,23�. However, these en-
gines require well controlled mixing, especially for low engine
loads.

The utilization of direct-injection technology, for both hydrogen
and natural-gas engines, is a very effective way to achieve effi-
cient and clean combustion for a wide range of engine operation.
However, to achieve these goals, a better understanding of the
spark ignition of transient gaseous jets �hydrogen and natural gas�
is necessary. Although combustion of premixed gaseous fuel �be-
side other fuels� has received intensive fundamental investigation
for many decades �24�, the ignition and combustion of transient
and high-pressure gaseous jets are still not well understood
�25,26�. This is due to two major reasons: �1� In the past, there has
not been a strong demand for direct-injection technology in gas
engines, and �2� there has been a lack of research on high-pressure
gas injection technology. However, recently, thermal efficiency
and emission potential for direct gas injection have attracted much
attention.

The aim of the present study is to obtain fundamental data
required for the development of direct-injection gas engines. The
effects of ambient conditions, injection parameters, and spark con-
ditions on the ignition and combustion of transient/high-pressure
natural-gas and hydrogen jets were extensively investigated under
various ignition timings and equivalence ratios, using a constant
volume combustion chamber. The results indicate that optimiza-
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tion of these parameters is very important to achieve stable igni-
tion and efficient combustion for a wide range of equivalence
ratios.

Experimental Apparatus and Procedure
Investigation of the ignition and combustion characteristics of

transient natural-gas and hydrogen jets was performed using a
constant volume combustion vessel, which is schematically shown
in Fig. 1. The vessel has a combustion chamber with a volume of
300 cm3 �100 mm wide, 25 mm deep, and 80 mm high�. The
chamber consists of intake and exhaust valves, which were used
to charge the chamber with air or the fuel premixture, and dis-
charge the burned gases, respectively. A high-pressure solenoid
type single-hole gas injector, installed at the top part of the cham-
ber, was used to inject hydrogen and natural gas toward the center
of the combustion chamber. A maximum injection pressure of
15 MPa could be achieved using this injector. The timing and
quantity of injected fuel were varied by adjusting the timing and
duration of the trigger signal sent to the injector driver. Optical
access to reacting gaseous jets was provided using two quartz
windows with diameters of 80 mm. Reacting gas jets were visu-
alized by shadowgraphy methods, using a high-speed digital video
camera �Vision Research, Phantom 7.0�. Photography was con-
ducted with a speed of 8200 fps and an exposure of 30 �s. The
gas pressure inside the combustion chamber was measured with a
piezoelectric pressure transducer �Kistler 6052A�, and it was used
to calculate the heat release rate. The heat release rate was calcu-
lated based on the first law of thermodynamics, and consideration
of heat loss to the chamber wall.

Table 1 indicates the experimental conditions for the present
study. All experiments were carried out at a room temperature of
298 K. The ambient pressure pa, injection pressure pj, and nozzle
hole size dN were varied in the range of 0.5–1.5 MPa, 5–10 MPa,

and 0.56–0.8 mm, respectively. The underlined numbers in the
table correspond to the base conditions. The effects of ignition
position on combustion were investigated using five ignition loca-
tions, as shown in Fig. 2. The coordinates of these points are
shown in Table 1. Here, x and r correspond to the axial and radial
distances from the nozzle exit. The ignition Points A, C, and E are
located on the central axis of the gas jets, while Points B and D
are located on the jet boundary.

Prior to the main experiment, the effects of ambient pressure pa
and injection pressure pj on the penetration of nonreacting hydro-
gen and natural-gas jets were investigated, and the results are
presented in Fig. 3. The graph reveals the penetration length of the
hydrogen and natural-gas jets, xt, against the time from the start of

Fig. 1 Constant volume combustion vessel

Table 1 Experimental conditions

Fuel H2, natural gas

Equivalence ratio � �Inj. duration �ti �ms� Variable
Ignition timing ti �ms� Variable
Ambient pressure pa �MPa� 0.5, 1.0, 1.5
Injection pressure pi �MPa� 5, 8, 10
Ign. position �x ,r� �mm� �10.0�, �10.3�, �40.0�,

�40.7.5�, �70.0�
Nozzle diameter dN �mm� 0.56, 0.8

Fig. 2 Ignition locations

Fig. 3 Penetration lengths of natural-gas and hydrogen jets
for different ambient pressures pa, and injection pressures pj
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injection. For the hydrogen jets, increasing the ambient pressure
pa, for an injection pressure of pj =8 MPa and nozzle size of dN
=0.8 mm, results in a decrease in jet penetration. However, for
pa=0.5 MPa, increasing the injection pressure above pj =8 MPa
results in small changes in the jet penetration, xt. Under the ex-
perimental conditions used in this study, small differences were
observed in the penetration length xt, for natural-gas and hydrogen
jets, before their interaction with the wall of the combustion
chamber. The results shown in this figure were used later to esti-
mate the time when the gas jets reach the spark positions.

Results and Discussion
In the present study, ignition and combustion of natural-gas

jets, under various equivalence ratios and spark timings, were first
carried out under the base experimental conditions. Next, the ef-
fects of ambient pressure, injection pressure, spark location, and
nozzle hole size on the ignition of hydrogen jets were investigated
for various spark timings and equivalence ratios.

Spark Ignition of Natural-Gas Jets
At first, the spark ignition of natural-gas jets was investigated

for an overall equivalence ratio of �=1.0 �injection duration of
�tj =16.1 ms�, ambient pressure of pa=0.5 MPa, and an injection
pressure of pj =8 MPa, while the time from injection start to spark
ti was varied in the range of 20–1000 ms. Figure 4 shows the
pressure p, heat release rate dq /dt, and amount of heat released
for combustion QT, normalized by the amount of heat energy for
the injected fuel QH, against the time from the spark t. Here, the
maximum value of QT /QH corresponds to the apparent combus-
tion efficiency �c with the inclusion of heat loss. In order to esti-
mate the heat loss, the heat transfer coefficient was adjusted to
obtain a flat QT /QH curve at the end of combustion, using the
average temperature and internal area of the combustion chamber.
As shown in the graph, SI of the natural-gas premixture gives a
low rate of pressure rise, a low peak combustion pressure, a weak
heat release rate, a long combustion duration, and a low QT /QH.
However, natural-gas injection with the same overall equivalence
ratio for various ti gives better results. Advancing ti promotes jet
combustion by an increase in p, dq /dt, and QT /QH, and the de-

crease in the duration of combustion. For ti=20 ms, the maximum
value of QT /QH was very close to that which corresponds to a
very high combustion efficiency.

To describe the effects of ti on the combustion of natural-gas
jets, high-speed shadowgraphy of the reacting jets was performed
under the same experimental conditions as given in Fig. 4, and the
results are presented in Fig. 5. For the premixture, a wrinkleless
flame propagates spherically around the spark gap and takes a
relatively long time �approximately 30.5 ms� to fully cover the
observation window. ti values of 1000 ms and 100 ms result in
wrinkly spherical flame propagation with a much shorter time
�28.0 ms and 15.2 ms, respectively� for the flame to cover the
window. These results indicate that natural-gas combustion is en-
hanced by the turbulence from injection, even after a relatively
long time from the injection end. Jet ignition at ti=20 ms �4 ms
after injection end� results in flame propagation toward the down-
stream area of the combustion chamber. This is due to the mo-
mentum of the gas jet, even after the end of injection. In this case,
the strong turbulence of the jets results in very short combustion
duration. The time required for the flame to cover the observation
window is approximately three times shorter than that for ti
=100 ms.

Summarizing the above results, it can be suggested that utiliza-
tion of fuel injection is very effective for the promotion of natural-
gas combustion.

The effect of ti on the combustion characteristics of natural-gas
jets was investigated for various equivalence ratios, and the results
are shown in Fig. 6. This figure shows the combustion efficiency
�c, combustion duration �tcomb, maximum heat release rate
dq /dtmax, and the maximum combustion pressure pmax against ti
for various equivalence ratios � in the range of 0.6–1.0. The
graph also presents results for combustion of the premixture. In
the case of a premixture, fuel-air mixtures were first prepared in a
mixture tank and then introduced to the combustion chamber
through the intake valve. Here, the combustion efficiency of �c is
measured by the maximum value of QT /QH shown in Fig. 4.

For every equivalence ratio �, an increase in ti results in the
lowering of pmax and dq /dtmax, and longer combustion duration
�tcomb, which corresponds to a weaker combustion. A larger in-
crease in ti results in combustion characteristics very similar to

Fig. 4 History of pressure p, and heat release rate dq /dt, for
natural-gas combustion at an equivalence ratio of �=1.0

Fig. 5 Shadowgraph images of natural-gas combustion with
an equivalence ratio of 1.0
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those observed for the premixture condition. For every condition,
at ti�20 ms, the strong gas flow extinguished the flame kernel,
resulting in misfire. For �=0.6, with very weak combustion char-
acteristics for the premixture, injection was very effective for im-
provement of the combustion. For example, a combustion effi-
ciency �c, as high as 80% was achieved at ti=200 ms. However,
further advancement of the spark timing results in misfire. This
suggests that for lean combustion, the utilization of heterogeneous
mixtures and turbulence is effective for the stabilization of igni-
tion and enhancement of the combustion of natural-gas jets under
proper ignition timing.

Spark Ignition of Hydrogen Jets

Ignition and Combustion Characteristics Under the Base
Experimental Conditions. The ignition and combustion charac-
teristics of transient hydrogen jets with an equivalence ratio of
�=0.4 ��tj =10.8 ms� were investigated under the base experi-
mental conditions and the results are presented in Fig. 7. Results
are presented for �a� ignition during the injection �ti�m�tj� and
�b� ignition after the end of injection �ti�tj�. The figure shows that
an increase in ti results in combustion enhancement for �a� and
weakens the combustion for �b�. Moreover, for the conditions of
�a�, ignition delay was not observed and an increase in pressure
was observed just after the ignition. However, for the conditions
of �b�, an increase in ti results in a delay in combustion. For �a� at
ti=0.3 ms, which corresponds to ignition at the jet tip, the maxi-
mum heat release rate could be lowered, and the combustion is
well controlled with the fuel injection rate. The results suggest
that the combustion of hydrogen jets can be controlled by fuel
injection.

For further clarification of the effects of ti on the combustion of
hydrogen jets, high-speed shadowgraphy of burning hydrogen jets
was carried out under the same conditions as given for Fig. 7, and
the results are presented in Fig. 8. For ti=0.3 ms, the spark kernel
moves toward the downstream end of the chamber, which is due
to the jet flow. In addition, the flame propagates against the jet
flow, toward the nozzle tip, and the fuel burns as soon as it is
injected into the chamber. However, for ti=9.8 ms, when the
spark occurs at the end of injection, the flame propagates at a
small distance from the spark plug and combustion is completed

very quickly due to the strong turbulence of the jet. In this case, a
luminous flame was observed at the final stage of combustion.
Finally, at ti=50–100 ms, a decay in turbulence is observed, and
for ti=100 ms, the flame propagation behavior is very similar to

Fig. 6 Combustion characteristics of natural-gas jets for vari-
ous equivalence ratios

Fig. 7 Combustion characteristics of hydrogen jets for vari-
ous injection timings with �=0.4: „a… ti<�tj; „b… ti>�tj

Fig. 8 Shadowgraph images for hydrogen jet combustion with
an equivalence ratio of �=0.4
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that seen for the premixture condition.
Figure 9 shows the combustion characteristics against ti when

the equivalence ratio � was varied in the range of 0.03–0.8. For
ti��tj, when the spark occurs during the injection, a decrease in
ti lowers the amount of mixture prepared before the spark; there-
fore, pmax and dq /dtmax are decayed. However, for ti��tj, an
increase in ti results in a delay in the progress of combustion,
which is due to the decay in the jet turbulence with time. There-
fore, for every �, a spark at the injection end �ti��tj� gives the
most enhanced combustion with the highest maximum heat re-
lease rate dq /dtmax.

As shown in Fig. 9, pmax and dq /dtmax increase with the in-
crease in the equivalence ratio. For �=0.8, a very intense increase
in pressure resulted in the rupture of the diaphragm in the safety
valve attached to the chamber for safety purposes. For the premix-
ture condition with �=0.2, stable ignition was almost impossible,
due to an overlean condition. However, for the same equivalence
ratio and lower ��=0.03, 0.15�, the utilization of gas injection
with advanced spark timing �smaller ti� not only stabilized the
ignition but also resulted in a higher combustion efficiency �c. It
should be noted that in the present study, �c is not the real com-
bustion efficiency directly measured from unburned fuel but the
apparent one estimated by the maximum value of QT /QH with the
inclusion of heat loss. Actually, in most cases of experiments in
Fig. 9, unburned hydrogen was scarcely detected even at the am-
bient temperature of 298 K. This indicates that a lower value of �c
in Fig. 9 may be caused by a greater amount of heat loss due to
the extremely rapid combustion of hydrogen jets. Also, for the
present results, the spark was carried out at Location C, which is
the center of the chamber. For this spark location, ti��tj results
in flame propagation around the spark position, while ti��tj re-
sults in flame propagation near the chamber wall, with higher heat
loss to the wall. Therefore, for ti��tj, pmax and �c are slightly
lower than that seen for ti��tj.

Effects of Ambient Pressure. Increase in ambient pressure at
the same temperature results in a higher ambient density and this
accelerates the mixing of jets, due to the increase in the amount of
air entrainment. Figure 10 shows the combustion characteristics of
hydrogen jets against ti for various ambient pressure in the range

of pa=0.5–1.5 MPa. The change in ambient pressure under the
same injection duration ��tj =10.8 ms� results in a change of the
overall equivalence ratio. For every pa, ignition at the end of
injection ��tj �10.8 ms� gives the maximum dq /dtmax. However,
the peak value decreases with the increase in the ambient pressure
pa. This could be due to the accelerated mixing of the jets, be-
cause of the high ambient density. For a retarded spark condition
��tj �10.8 ms�, the combustion characteristics show a direct re-
lation to the equivalence ratio. For pa=1.5 MPa, with the highest
ambient density, mixing is significantly promoted, and therefore,
very late ignition �ti�10.8 ms� results in misfire.

Effects of Injection Pressure. For the direct-injection hydro-
gen engine, a high injection pressure is required to achieve high
power output, particularly for operation with late injection. In ad-
dition, increase in the injection pressure significantly promotes
fuel-air mixing. The effect of the injection pressure on the com-
bustion of hydrogen jets was studied under an ambient pressure of
pa=0.5 MPa, an injection duration of �tj �10.8 ms, and nozzle
hole diameter of dN=0.8 mm, for various injection pressures pj in
the range of 5–10 MPa, and the results are shown in Fig. 11. For
all injection pressures, the maximum dq /dtmax is obtained at ti
�10.8 ms when injection ends. Elevating the injection pressure
increases dq /dtmax. This is due to the increase in the amount of
fuel injected before the spark and the enhancement in fuel-air
mixing. The injection rate for a pj of 5 MPa is smaller than that
for pj =8 MPa; therefore, it results in lower dq /dtmax. However,
within this range of injection pressures, the combustion efficiency
�c is not significantly affected. For pj =10 MPa, ignition of the
hydrogen jet at the jet tip was possible. Nevertheless, at ti
=0.8–4.8 ms, the very high momentum of the gas jet resulted in
misfire.

Effects of Spark Position. For transient gas jets, the fuel con-
centration and gas flow velocity have wide temporal and spatial
distributions. This has a significant effect on the ignitability of the
jet. To clarify the effect, the spark location was changed from that
near the nozzle tip to downstream, and from the jet axis to the jet
boundary, as shown in Fig. 2. Figure 12 shows the effect of the
spark position on the combustion characteristics for pa=0.5 MPa,
pj =8 MPa, �tj =10.8 ms, and dN=0.8 mm. This experiment was

Fig. 9 Combustion characteristics of hydrogen jets, for vari-
ous equivalence ratios

Fig. 10 Effect of ambient pressure pa, on the combustion of
hydrogen jets
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mainly conducted to determine the spark timing during fuel injec-
tion. Changing the spark position from the center of the combus-
tion chamber �C� to near the nozzle tip �A� resulted in misfire due
to a very high jet velocity. A spark located near the bottom wall of
the chamber �E� results in a small difference in the combustion
characteristics when compared to that for Location C. However,
since the flame propagates near the chamber wall, the combustion
duration �tcomb is prolonged and a slight decay in dq /dtmax can be
observed. In the case of ignition at the jet boundary, a spark lo-
cated at B and D provides almost the same result as that for
Position E. For a spark Position at B, stable ignition was achieved
even though it is only 3 mm away from Location A, which pro-

duced unstable ignition characteristics. For a spark at Position B,
combustion can be controlled when the spark occurs just after the
start of fuel injection.

Based on these results, it can be suggested that for direct-
injection hydrogen engines, stable ignition and mild combustion
can be achieved if the spark gap is located in the jet periphery and
near the nozzle exit.

Effects of Nozzle Hole Size. In transient gas jets, microscopic
fuel-air mixing is greatly improved when a small nozzle hole is
utilized. Therefore, in this study, the effects of nozzle hole size on
ignition and combustion of hydrogen jets were studied by chang-
ing the nozzle hole size from a base size of dN=0.8 mm to dN
=0.56 mm, and the results are presented in Fig. 13. The hole area
of the new nozzle is half that of the original one. In this figure, the
major combustion characteristics for both nozzles are shown for
the same injection duration of �tj =10.8 ms �different equivalence
ratios� and for the same equivalence ratio of �=0.2 �different
injection durations�. A smaller hole size results in a lower injec-
tion rate; therefore, pmax and dq /dtmax decay, although the com-
bustion efficiency �c is slightly improved. For spark after the
injection end �ti��tj�, the effect of nozzle size on the combustion
characteristics is very small and mostly varies with the equiva-
lence ratio. This result reveals that for stable ignition and mild
combustion, it is better to utilize the minimum available nozzle
hole size.

Conclusion
SI and combustion of transient/high-pressure hydrogen and

natural-gas jets were investigated under room temperature and
high ambient pressure using a constant volume combustion cham-
ber. Jet combustion experiments were conducted for a wide range
of ambient pressures, injection parameters, and ignition timing
and locations. The following conclusions may be drawn from the
results.

1. For natural-gas jets, ignition of the jets during injection was
very difficult under high-pressure injection conditions. How-
ever, late ignition after the end of injection results in stable

Fig. 11 Effect of injection pressure pj, on the combustion of
hydrogen jets

Fig. 12 Effect of spark location on the combustion of hydro-
gen jets, for an equivalence ratio of 0.4

Fig. 13 Effect of nozzle hole diameter dN, on the combustion
of hydrogen jets
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combustion. Optimization of the ignition timing provides
stable ignition with high combustion efficiency, even for low
equivalence ratios.

2. For hydrogen jets, stable ignition can be achieved even dur-
ing injection. Ignition of hydrogen jets at the end of injection
offers the shortest combustion duration, while combustion
control is much easier when the jet is ignited just at the time
when the jet tips reaches the spark gap.

3. Under high ambient pressure, the jet leans very quickly.
Therefore, under low equivalence ratio conditions, advanc-
ing spark timing is required to achieve stable ignition and
high combustion efficiency.

4. Increase in the injection pressure significantly enhances the
combustion of hydrogen jets. However, for very high injec-
tion pressure, the high jet momentum results in unstable ig-
nition.

5. Ignition of hydrogen jets at the boundary of the jet is very
effective for stabilizing the ignition, and in combination with
advanced spark timing, the intense combustion of hydrogen
can be controlled.

6. It is possible to control the intense combustion of a hydro-
gen jet using a small hole nozzle with a lower injection rate.

In this study, the effects of several important parameters on the
ignition and combustion of natural-gas and hydrogen jets were
extensively investigated. Nevertheless, several phenomena such as
local mixture concentration, wall/in-cylinder flow interactions
with gaseous jets, fuel injection strategies, such as pilot injection,
etc., are very important; therefore, detailed understanding requires
further investigation.
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Nomenclature
dN � nozzle hole diameter, mm

dq /dt � heat release rate, MJ/�kg s�
dq /dtmax � maximum heat release rate, MJ/�kg s�

NG � natural gas
p � pressure, MPa

pa � initial ambient pressure, MPa
pj � injection pressure, MPa

pmax � maximum combustion pressure, MPa
QT � total heat released form combustion, J
QH � total heat energy of injected fuel, J

r � radial distance from nozzle exit, mm
t � time from the spark, ms
ti � time gap between injection start and spark oc-

currence, ms
x � axial distance from nozzle exit, mm

xt � penetration length of gas jets, mm
� � overall equivalence ratio

�tj � injection period, ms
�tcomb � combustion duration, ms

�c � apparent combustion efficiency estimated by
the amount of heat release with the inclusion
of heat loss
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Nonlinear Versus Linear
Stress-Strain Relations in Engine
Turbulence Modeling Under Swirl
and Squish Flow Conditions
A general form of the stress-strain constitutive relation was introduced for the application
of two nonlinear k-� turbulence models, namely, the algebraic Reynolds stress model of
Gatski and Speziale (1993, “On Explicit Algebraic Stress Models for Complex Turbulent
Flows,” J. Fluid Mech., 254, pp. 59–78) and the cubic model of Lien et al. (1996, “Low
Reynolds Number Eddy-Viscosity Modeling Based on Non-Linear Stress-Strain/Vorticity
Relations,” Proceedings of Third Symposium on Engineering Turbulence Modeling and
Measurements, Crete, Greece), to the numerical analysis of flow fields in a test engine
with flat-piston and bowl-in-piston arrangements, under swirling and no-swirling flow
motored conditions. The model capabilities in capturing turbulent flow features were
compared to those of the upgraded linear RNG k-� model, which was previously indi-
cated as a good compromise between accuracy and computational cost. Evaluations were
made on the basis of the predicted flow evolution throughout the whole engine cycle, as
well as of the comparison between the numerical and experimental results. Furthermore,
the effect of the stress-strain relationship on the predicted averaged turbulence quantities
and anisotropy-invariant values were examined, in addition to the sensitivity of the non-
linear models to the mesh quality. Finally, prospects concerning possible improvements of
turbulence eddy-viscosity models were presented. The predictions were made by a newly
developed CFD code embedding various accuracy-order finite-volume discretization
schemes. Modified wall boundary conditions with respect to the conventional
logarithmic-function approach were used, so as to make the local equilibrium hypothesis
virtually ineffective. �DOI: 10.1115/1.2938274�

Keywords: turbulence modeling, in-cylinder flow numerical simulation, stress-strain
relation, anisotropy

Introduction

The rapid development of CFD codes, allowing researchers to
numerically simulate fluid flows in almost arbitrarily complex ge-
ometries and conditions, has increased the demand of physical
accuracy in the characterization of turbulent phenomena.

With specific reference to internal combustion engines �ICEs�,
it is important to properly account for the various physical aspects
concerning in-cylinder flow fields, in order to better predict air-
fuel mixing and reaction processes, so as to carry out a more
efficient engine combustion-system design. Because of the wide
dynamic range of scales of motion at characteristic Reynolds
numbers of in-cylinder flows, direct numerical simulation �DNS�
by the Navier–Stokes equations is not proposable for the current
generation of computer, especially in the presence of turbulent
reacting flows. Therefore, turbulence modeling of some nature
remains an essential element of multidimensional computations of
ICE flows. A survey of the various turbulence-model groups that
have long and more recently been applied to engine flows can be
found in Refs. �1–3�.

The most widely used approach in turbulent flow modeling in-
volves the Reynolds averaged Navier–Stokes �RANS� equations

and two-equation linear turbulence models, i.e., simply eddy-
viscosity models �EVMs�. These models imply that the principal
axes of the stress tensor are coincident with those of the strain rate
tensor. Thus, linear models offer a good compromise between
accuracy and computational effort when applied to relatively
simple flows, but can present limitations in complex flows, such
as those occurring in ICE combustion chambers, when stress and
strain tensors evolve at different rates and cannot be parallel.

One approach to achieve a more appropriate description of the
Reynolds stress tensor, without introducing any additional differ-
ential equations or correction terms, is to assume that the Bouss-
inesq approximation is simply the first-order term in a series ex-
pansion of functionals leading to nonlinear EVM. These models
are supposed to capture flow features, such as streamline curva-
tures, stress anisotropy, and body force effects, better than linear
models do, although such a capability needs to be further assessed
in nonstationary flows. However, an apparent merit of nonlinear
EVM in comparison to linear ones is their ability to reproduce
some kind of secondary motion in noncircular ducts and corners,
as is underlined in Ref. �4�. Such a merit is mainly due to a more
accurate prediction for the normal Reynolds stresses, with respect
to linear models �5�. Recent examples of application of nonlinear
EVM to the flow simulation in IC engines can be found in Refs.
�3,6,7�.

The explicit version of algebraic Reynolds stress �ARS� models
has the same framework of nonlinear EVM, but it is characterized
by strain-dependent coefficients �8–10�. Furthermore, unlike clas-
sical nonlinear EVM, these models are not derived from an em-
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pirical generalization of the Boussinesq stress-strain relationship
but from the differential transport equations of the Reynolds stress
components �8�.

Another turbulence modeling approach, that is, large eddy
simulation �LES�, requiring subgrid scale modeling �SSM�, has
recently been applied for turbulence prediction in engine
combustion-chamber flows �11–13�. Such an approach is said to
be more accurate than the RANS equation one �12�. However, it
still requires some approximation in the near-wall region �3�, and
is currently faced with some issues regarding SSM closure �3,12�.
Besides, LES should be applied to very fine grids, so that the
resultant computational effort would be very high, particularly for
engine flow application. LES has been compared to the RNG k-�
model in the simulation of different sized diesel engines �13�,
showing the capability of giving a more structured flow field,
despite the limitations of the currently available version, which is
intended for incompressible and isothermal flows. For this appli-
cation, LES provided virtually the same degree of accuracy in the
cylinder pressure prediction, but gave rise to some problems in a
reliable maximum temperature evaluation, with respect to the
RNG k-� model.

In the present work, the explicit version �9� of the ARS model
�8� and the cubic EVM �14� were applied to the charge-flow simu-
lation in a test engine with either a flat piston or an axisymmetric
bowl-in-piston combustion chamber, for both swirl and no-swirl
motored operating conditions. The numerical results were ana-
lyzed by their comparison to experimental data �15� and to pre-
dictions made by using the RNG k-� model with a modified ap-
proach to the wall-function conditions �1,16�. The influence of the
stress-strain constitutive relation on predictions of the averaged
turbulence variables and anisotropy-invariant values was also in-
vestigated. Furthermore, the sensitivity of nonlinear models to the
mesh quality was examined.

The calculations were carried out by means of a previously
developed homemade CFD code using finite-volume implicit
schemes of various orders and solving the discretized form of the
conservation laws by means of an iterative procedure �1� based on
a modified version of the SIMPLER algorithm �17�.

Flow Model and Numerical Method

Generalized Stress-Strain Relation. The noncommercial CFD

code NUMAC-T �1� was applied for calculations. It is based on the
RANS equations of a compressible flow, which are written in
terms of mass-weighted ensemble-averaged velocities.

The RANS form of the momentum conservation equation, in
Cartesian tensor notation, writes as follows:

���Ui�
�t

+
�

�xj
��UjUi� = −

�

�xi
�p +

2

3
�D� +

�

�xj
�2�Sij� +

��ij

�xj

�1�

The mean-motion and fluctuating-component interaction is ac-
counted for through the Reynolds stress tensor �ij. In the linear
EVM approach, the Reynolds stresses are modeled by means of
the Boussinesq approximation, that is,

�ij = 2�T�Sij −
1

3
Sll�ij� −

2

3
�k�ij �2�

where

Sij =
1

2
� �Ui

�xj
+

�Uj

�xi
� �3�

Consistent with the modeling strategy of the linear k-� model,
the turbulent viscosity in Eq. �2� is defined as

�T = C��
k2

�
�4�

In this paper, a generalized form of the stress-strain relation is
proposed and applied. This is obtained by observing that all two-
equation models present a leading first-order term, which is simi-
lar to the right side of Eq. �2�. In particular, in the linear term of
all the models, there is a scalar quantity having viscosity dimen-
sions. Therefore, from an operating point of view, one can assign
the same role of the turbulent viscosity to such a scalar quantity
�18�. Consistently with this idea, Eq. �2� can be put into the fol-
lowing general form:

�ij = 2�T�Sij −
1

3
Sll�ij� −

2

3
�k�ij + �

ij
* �5�

in which �
ij
* includes the nonlinear terms of the constitutive rela-

tion. Equation �5� is an effective formulation to implement differ-
ent modeling approaches into the same code. The expressions of
�

ij
* for the considered turbulence models, along with those of C�

�Eq. �4��, are given in Table 1.
The introduction of Eq. �5� into Eq. �1� leads to

���Ui�
�t

+
�

�xj
��UjUi� = −

�

�xi
�p +

2

3
�k� +

�

�xj
�2�� + �T�Sij�

+
2

3

�

�xi
��� + �T�D� +

��
ij
*

�xj

�6�

Equation �6� shows that the generalized form of the turbulent
stress tensor, Eq. �5�, yields an increase in the effective pressure
and viscosity values, due to the turbulence terms. It is worth
pointing out that, for a nonlinear constitutive relation, the “turbu-
lent viscosity” locution for �T is not appropriate. The novelty in
Eq. �6� is given by the gradient of the tensor �

ij
*. It should also be

noted that, if the generalization of the Boussinesq relation by a

Table 1 Additional tensor �
ij
* for the various models

C� �
ij
*

Linear RNG model �1� 0.09 0

Cubic model �14�

0.667

1.25+�2�+0.9�2�
−4B1�C�

k3

�2 �SikSkj −
1

3
SklSkl�ij�−4B2�C�

k3

�2 ��ikSkj +� jkSki�

−4B3�C�

k3

�2 ��ik� jk−
1

3
�kl�kl�ij�−8B4�C�

k4

�3 �Ski�lj

+Skj�li�Skl−8B5�C�

k4

�3 �SklSkl−�kl�kl�Sij

ARS model �8,9� −
1

2
f1	1 −f2�

k3

�2	2�Sik�kj +Sjk�ki�+ f3�
k3

�2	3�SikSkj −
1

3
SklSkl�ij�
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series expansion of functionals is removed, so that the whole tur-
bulent stress is embedded in �

ij
*, Eq. �5� reduces to �ij =�

ij
* and the

general form of the momentum balance, Eq. �6�, with k and �T set
to zero, can be coupled to a Reynolds stress model �RSM� of
turbulence.

Governing Equations. The complete set of flow-model equa-
tions is made up of Eq. �6� and the following:

�a� continuity equation,

��

�t
+

�

�xj
��Uj� = 0 �7�

�b� energy equation,

���h�
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+
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�xj
��Ujh� =
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�t
+

�
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��� +

�T


h
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	 �8�

�c� turbulent kinetic energy equation,
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+
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� �k

�xj
	 + 2�TSijSij

−
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�9�
�d� turbulent dissipation rate equation,
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	 − C2�

�2

k
+ C3��D − C4R �10�

Solution Algorithm. A complete description of the solution
method used to carry out the numerical simulations in the present
paper is given in Ref. �1�. The integral counterpart of the conser-
vation laws �6�–�10� is discretized with reference to a staggered
grid and the resultant nonlinear algebraic equation system is
solved by means of an iterative procedure, in which pressure-
velocity decoupling is carried out, based on a modified version of
the SIMPLER algorithm �1,17,18�. This latter was modified so as to
take fluid compressibility into account and to make the conver-
gence criterion application more efficient.

Turbulence Models

Linear RNG k-ε Model. The RNG-based k-� model is set
within the same framework as the traditional two-equation mod-
els, but uses renormalization group methods. The stress-strain re-
lation is the Boussinesq one and the anisotropy effects on the
turbulence behavior are accounted for by the function R:

R = �C�

�3�1 −
�

�0
�

1 + ��3

�2

k
�11�

The RNG model details and the related reference papers are
reported in Ref. �1�, along with the upgraded boundary conditions
that were also applied to the nonlinear models, instead of the
so-called “wall function,” for the present study. The following
constant values were introduced in the RNG model: C1=1.42;
C2=1.75; C3=−0.373; C4=1.0; 
k=1.0; 
�=1.22; �=0.012; �0
=4.38.

Cubic k-ε Model. The cubic version of Lien et al. �14� was
considered. Craft et al. �19� pointed out that with a quadratic

constitutive relation only a slightly greater generality is achievable
than that given by linear EVMs. In particular, the various effects
of streamline curvature on the turbulent stresses cannot be ad-
equately modeled at this level. As a consequence, efforts had to be
focused on providing a suitable cubic stress-strain relation. Re-
taining terms up to the cubic level, an expression satisfying the
required symmetry and contraction properties can be written as
follows �14�:

�ij = −
2

3
��k + �TD��ij + 2�TSij − 4B1�C�

k3

�2�SikSkj −
1

3
SklSkl�ij�

− 4B2�C�
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�2��ik� jk
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1

3
�kl�kl�ij� − 8B4�C�

k4

�3 �Ski�lj + Skj�li�Skl

− 8B5�C�

k4

�3 �SklSkl − �kl�kl�Sij �12�

where

�ij =
1

2
� �Ui

�xj
−

�Uj

�xi
� �13�

B1 ,B2 , . . . ,B5 are stress-dependent closure coefficients that are
given in Table 2. As is done, for example, in Ref. �20�, Eq. �12�
can be considered as an extension of the correspondent quadratic
model �21�. Equation �12� is used to compute the turbulent Rey-
nolds stresses. The model closure was completed by Eqs. �9� and
�10� with the following constant values: C1=1.44; C2=1.92; C3
=−0.373; C4=0.0; 
k=1.0; 
�=1.22.

Algebraic Reynolds Stress Model. ARS models were derived
from second-order closures, by means of an equilibrium hypoth-
esis, in which the Reynolds stress convection, diffusion, and un-
steady terms were approximately given by

D�ij

Dt
−

�

�xk
��

��ij

�xk
+ Cijk	 


�ij

k
�Dk

Dt
−

�

�xk
��

�k

�xk
−

Cjjk

2�
	�

�14�

where Cijk represents the Reynolds-stress turbulent transport, as is
defined in Ref. �22�.

The introduction of Eq. �14� into the transport equation of the
Reynolds stress �ij yields the following equilibrium form of this
equation:

�Pk − ���
�ij

�k
= − �ik

�Uj

�xk
− � jk

�Ui

�xk
+ �ij − 
ij �15�

The Reynolds stresses are thus implicitly related to the mean ve-
locity gradients. Based on a higher-order closure, such a link pro-
vided the first formal justification of the Boussinesq hypothesis
extension, for incorporating nonlinearities into mean velocity gra-
dients �22�. Equation �15� turns to an implicit version of ARS
model if the tensors �ij and �ij are modeled in an appropriate way
�4�. However, this type of model is cumbersome to implement in
complex flows, because the stress-strain relation is not explicit.
Numerical stiffness problems can arise from the need for succes-
sive matrix inversions at each iteration �8�.

Table 2 Coefficients for the cubic model

B1 B2 B3 B4 B5

0.75

�1000+2�2�3�C�

3.75

�1000+2�2�3�C�

4.75

�1000+2�2�3�C�

−10C�
2 −2C�

2
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In Ref. �8�, an explicit ARS model is developed by generalizing
an innovative procedure due to Pope �23�, on the grounds of an
integrity-basis analysis for functions of symmetric and antisym-
metric tensors. The explicit solution for �ij expressed by this
model formally constitutes an anisotropic EVM with strain-
dependent coefficients. The algebraic relation between stress and
strain was subsequently reguralized in order to make the model
well behaved in far-from-equilibrium flows �9�. Further model
improvement was achieved by a modification based on the com-
parison between the actual and the desired model behavior in an
homogeneous shear flow, within the rapid distortion theory �RDT�
limit �9,10�.

The definitive constitutive relation of the ARS model of Gatski
and Speziale can thus be written in the following way:

�ij = −
2

3
�k�ij − f1	1�

k2

�
�Sij −

1

3
Sll�ij� − f2�

k3

�2	2�Sik�kj + Sjk�ki�

+ f3�
k3

�2	3�SikSkj −
1

3
SklSkl�ij� �16�

All the closure constants and functions that define this ARS
model can be found in Table 3. Conservation equations of the
turbulent quantities and the associated closure coefficients used in
this work were the same as those applied for the cubic model.

Test Engine
The model engine with its central valve and bowl-in-piston ar-

rangement is schematically shown in Fig. 1. In Ref. �15�, a de-

tailed experimental analysis of the flow in such an engine is re-
ported. It was carried out by means of laser doppler velocimetry
�LDV� under motored conditions at the crankshaft engine speed of
200 rpm. The results in Ref. �15� were used for assessment of the
nonlinear constitutive relations presented in the previous section
and for comparison to the results of the linear RNG model.

Stress-Strain Relation Assessment

Flow Evolution Throughout the Engine Cycle. The flow evo-
lution during the engine cycle will be described with reference to
the bowl-in-piston configuration in the presence of swirl. In-
cylinder velocity fields and adimensional turbulence intensity �TI�

Fig. 2 Velocity fields „left side… and TI distributions „right side…
for the RNG k-ε model—bowl-in-piston—swirl: „a… �=180 deg;
„b… �=360 deg

Table 3 Coefficients for the explicit ARS model

f1
�1+2�C

2 ��1+6�C
5 �+

5

3
�C

2

�1+2�C
2 ��1+2�C

2 +�C
2 +42�C

6 �

�C
1

2
g

k

�
�2−A4���ij�ij

f2
�1+2�C

2 ��1+�C
4 �+

2

3
�C

2

�1+2�C
2 ��1+2�C

2 +6.3�C
6 �

�C
1

2
g

k

�
�2−A3��SijSij

f3
�1+2�C

2 ��1+�C
4 �+

2

3
�C

2

�1+2�C
2 ��1+2�C

2 +4�C
6 �

g 0.214

	1 g�A2−4 /3� A2 0.36
	2 1 /2g2�A2−4 /3��2−A4� A3 1.25
	3 g2�A2−4 /3��2−A3� A4 0.40

Fig. 1

Test engine
Characteristics

Cylinder bore: 75.4 mm

Stroke: 94 mm
Bumping clearance: 0.6 mm �bowl-in-piston�

16.49 mm �flat piston�
Bowl diameter: 23.5 mm
Bowl depth: 41 mm
Compression ratio: 6.7
Valve diameter: 34 mm
Maximum valve lift: 8 mm
Valve seat angle: 60 deg
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distributions, obtained with the linear RNG k-� model, at the end
of induction ��=180 deg� and of the compression ��=360 deg�
strokes are shown in a longitudinal plane in Fig. 2. By comparing
the results in Fig. 2�a� to those presented in Ref. �1� under the
no-swirl conditions, it can be concluded that even during the in-
duction stroke there is a significant effect of the swirl on the
overall streamline configuration, particularly within the bowl. Fig-
ure 3 shows the velocity and TI distributions in the longitudinal
plane obtained with the ARS and cubic models. From Fig. 3�a�, it
can be inferred that at the end of the induction stroke there is a
dominant anticlockwise vortex, which is located out of the bowl
and presents approximately the same size for both nonlinear mod-
els. The relative size of the clockwise vortex with respect to the
anticlockwise one is different when either linear or nonlinear
models are considered �compare Figs. 2�a� and 3�a��. With refer-
ence to the TI results, Fig. 4 shows the comparison between the
evolutions of the mass-averaged TI and of its dissipation rate for

“bowl-in-piston—swirl” �Fig. 4�a�� and “flat-piston—no swirl”
�Fig. 4�b�� configurations, during the last part of the compression
stroke and the early expansion stroke. For the first of these con-
figurations, although during induction the highest TI values were
given by the RNG model, the ARS model gives rise to a higher
turbulence than RNG and cubic models from about �=170 deg
onward �Fig. 4�a��. These two latter models give almost the same
mass-averaged k value at BDC. However, the nonlinear models
tend to predict a sensible growth in TI as the distance from axis
reduces, as is shown by the isolines in Fig. 3�a�. This tendency is
more evident for the cubic model than for the ARS model. With
reference to the flat-piston arrangement in the absence of swirl
�Fig. 4�b��, the RNG model provides higher values of TI than
nonlinear models, as was also found in Ref. �3�.

During the compression stroke of the bowl-in-piston engine, the
squish effect, which is shown in Figs. 2�b� and 3�b� at the com-
pression end, is qualitatively well reproduced by both linear and

Fig. 3 Velocity fields and TI distributions for nonlinear two-equation models—bowl-in-piston—swirl: „a… �=180 deg; „b… �
=360 deg
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Fig. 4 Mass-averaged turbulence quantities: „a… bowl-in-piston—swirl; „b… flat-piston—no swirl
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swirl
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nonlinear stress-strain relations. All the models predict higher TI
within the bowl, and the highest mass-averaged values are given
by the ARS model �Fig. 4�a��. Furthermore, the RNG model
shows a maximum of TI close to �=360 deg, while the ARS and
the cubic models only predict an inflexion point there. This indi-
cates a lower influence of piston-induced motions on the turbu-
lence level. At compression TDC �Figs. 2�b� and 3�b��, the con-
sidered models predict similar flow field configurations, as a result
of the interaction between swirl and squish flows �16,18�. Further-
more, the increasing rate of TI, obtained with the nonlinear mod-
els when the distance from the cylinder axis decreases, is higher at
compression TDC than at the end of the induction stroke �Figs.
3�a� and 3�b��.

Comparison With Experimental Data. The comparison be-
tween numerical and experimental results at compression TDC is
reported in Fig. 5, for the flat-piston case in the absence of swirl,
and in Fig. 6, for the bowl-in-piston arrangement in the presence
of swirl.

With reference to the flat-piston configuration results �Fig. 5�,
nonlinear constitutive relations produced more fluctuating radial

distributions of axial velocity with respect to the RNG model,
even though the numerical values are close to each other. As is
pointed out in the previous section, ARS and cubic models predict
lower turbulence intensities than the linear RNG model. It can be
inferred from Fig. 5 that this difference does not improve the
agreement with experimental data.

With reference to the bowl-in-piston—swirl configuration, the
radial distributions reported in Fig. 6 show that the axial velocity
is particularly well predicted by the RNG and cubic models at a
distance from the cylinder head z=20 mm, whereas at z=35 mm,
the behavior of the models is almost the same on an average.
However, the nonlinear models show a worse agreement of the
turbulence data with experiments, in comparison to the RNG
model. Besides, the previously mentioned tendency of ARS and
cubic models to predict higher values of TI close to the cylinder
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Fig. 6 Radial profiles of axial mean velocity and TI at compression TDC—bowl-in-piston—swirl
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axis is not supported by the experimental results and hence con-
stitutes a weakness of nonlinear models in the turbulence predic-
tion for bowl-in-piston engine configurations.

Figure 7 shows the dependence of the TI results on the mesh
quality, for the ARS model. The base case, that corresponds to no
additional indications in the legend, refers to a uniform radial grid
size along the radial direction, whereas the curve labeled by “mod.
grid” was obtained with a radial mesh, which was refined in the
vicinity of the axis. While the radially uniform grid can be suit-
able when applied for a linear model, it gives rise to physically
inconsistent numerical results when used for a nonlinear stress-
strain relation. Nevertheless, a radial mesh refinement in the re-
gion close to cylinder axis can address this shortcoming. On the
contrary, the overprediction between the radial coordinates of
10 mm and 15 mm in Fig. 7 can be considered as independent of
the mesh characteristics. With reference to the right column in
Fig. 6, nonlinear models may yield a better agreement of the pre-
dicted swirl velocity component with the experimental values far
from the cylinder axis and a more or less worse agreement close
to the axis, with respect to the RNG model. After all, based on a
global evaluation, the nonlinear models cannot be considered to
be more satisfactory than the linear RNG model, at least for the
considered in-cylinder experimental data.

Experimental data for the axisymmetric model engine under
study were available only at the crankshaft engine speed of
200 rpm. Therefore, in order to give an insight into the model
performance at engine-relevant speeds, numerical investigations
were carried out at higher engine speeds, and the results were
compared to those at 200 rpm. Figure 8 shows a comparison be-
tween the results of the linear RNG and ARS models at both
200 rpm and 2000 rpm. As can be seen, the behavior of such
models is virtually independent of the engine speed. This result is
in agreement with the common knowledge that for many engine

configurations swirl and turbulence scale with the engine speed. In
particular, it is in agreement with both numerical and experimental
results previously obtained by the authors �16,24�, consistent with
a virtually negligible dependence of volumetric efficiency on en-
gine speed. Hence, the relative merits of linear and nonlinear ap-
proaches will be almost the same at different engine crankshaft
speeds.

Influence of Constitutive Relation on Results. The influence
of the stress-strain relation on the mass-averaged turbulence en-
ergy and dissipation rate was analyzed in the “Flow Evolution
Throughout the Engine Cycle” section. If the flat piston is consid-
ered �Fig. 4�b��, higher mean values of turbulence are obtained
with a linear model than with higher order closures. From around
260 crank-angle degrees on, the linear model predicts also a
higher mass-averaged turbulence dissipation rate. For the bowl-in-
piston arrangement �Fig. 4�a��, the interaction between stress ten-
sor and mean velocity field acts so as to modify the relative tur-
bulence levels predicted by the nonlinear models with respect to
the RNG one, so that the TI given by the ARS model becomes the
highest one from about the end of induction to the end of com-
pression. In addition, the extent of the predicted effects of the
swirl amplification and squish formation on the mean turbulence
level is different for the various models, as can be inferred from
the k curves in Fig. 4�a�.

The differences in model behavior can be ascribed to the dis-
tinct sets of values for the closure coefficients C1, C2, C3, and C4,
and to the constitutive relation. In fact, this latter modifies the
stress tensor corresponding to a given velocity field. Such a modi-
fied stress tensor will subsequently cause a different flow evolu-
tion. In order to gain insight into the stress-strain mutual depen-
dence for each model, it is worth introducing the anisotropy
invariant �25,26�, which is given by

Fig. 9 Anisotropy-invariant evolution: „a… bowl-in-piston—swirl; „b… flat-piston—no swirl
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A = 1 −
9

8
�IIa − IIIa� �17�

It can be shown �26� that A=0 for two-component turbulence �i.e.,
a turbulent flow in which the rms value of one fluctuating velocity
component is much smaller than the others� and A=1 for isotropic
turbulence.

In Fig. 9, the evolution of the anisotropy invariant at two dif-
ferent locations of the computational domain is reported for both
the bowl-in-piston—swirl and the flat-piston—no swirl cases. The
differences in A values between different points are only margin-
ally relevant, because these reflect dissimilarities in the flow field.
On the contrary, the disparities in A among the results of various
constitutive relations at the same location are significant, because
these provide a dimensionless measure of the aforementioned dif-
ferences in the stress-strain tensor relationship. As can be ob-
served from Fig. 9, nonlinear models generally present lower val-
ues of the invariant A with respect to the RNG model, indicating
a higher anisotropy level. Exceptions are present in some crank-
angle intervals for the bowl-in-piston arrangement, because the
positions of the anisotropy-invariant maxima and minima are dif-
ferent. Moreover, in most cases, the higher the order of the stress-
strain relation is, the higher the predicted anisotropy is. The dis-
tinct model invariant evolutions can be ascribed to the various
stress-strain relationships, reflecting in different flow evolutions
during the compression stroke. The constitutive relation effect on
the predicted anisotropy level is particularly significant in the flat-
piston—no swirl configuration. In fact, while the anisotropy in-
variant provided by the linear RNG model keeps almost equal to
1, the ARS and the cubic models predict a strong anisotropy in the
middle part of compression, due to the high piston velocity, and
subsequently approach the values predicted by the linear model in
the TDC neighborhood. Thus, in the flat-piston configuration and
in the absence of swirl, a nonlinear constitutive relation behaves
in a way that the calculated stress-tensor anisotropy is much
higher than that resulting from the linear model application. On
the other hand, the bowl-in-piston flow presents anisotropy fea-
tures that can be captured even by a linear EVM.

The comparison between the values of A shown in Fig. 9�a� and
those in Fig. 9�b� reveals that the anisotropy level predicted by a
nonlinear EVM under the flat-piston—no swirl condition is even
higher than that associated to the bowl-in-piston—swirl configu-
ration. As a matter of fact, an axisymmetric swirling flow deter-
mines a decrease in the stress anisotropy, because some compo-
nents of the stress tensor, such as �12 and �23, which are zero in the
absence of swirl, take nonzero values in the presence of swirl
motion.

Directions for Model Improvement
The analysis of numerical and experimental results indicates

that the choice and implementation of a nonlinear model does not
improve the agreement of mean-flow and TI predictions with the
experimental data, in comparison to the linear RNG model. The
main reason for this resides in the fact that for ICE confined
nonstationary flows, in which the scales of mean motion and tur-
bulence overlap each other and rapid distortion can take place, the
unsteadiness causes the adjustment of the various turbulence
length scales to flow changes to occur at different rates. Therefore,
on the one hand, nonlinear models allow a better prediction of the
Reynolds stress-tensor components in various cases of practical
interest, namely, flows in rectangular ducts or turbulent separated
flows over backward-facing steps �4,5�. On the other hand, in Ref.
�4� it is pointed out that, like their linear predecessors, also non-
linear models violate the principle of physical coherence, since
they express turbulence properties �the Reynolds stresses� as be-
ing proportional to the mean-flow properties �the mean rate of
strain� ��27��. In other words, from a theoretical point of view,
both linear and nonlinear two-equation models are only valid for
equilibrium flows, in which there is a separation of scales between

turbulence and mean motion, and the turbulent components are
able to immediately follow the changes in mean strain rate. This
means that all length scales of turbulence adjust to mean-flow
changes at the same rate, thus preserving the energy spectrum
shape. Hence, the description of the turbulence wave-number
spectrum with only one length scale and, similarly, of the turbu-
lence frequency spectrum with only one time scale, constitutes a
limit in both linear and nonlinear two-equation EVM �28�.

Another consideration can be made, in order to better under-
stand both the potentialities and the limits of nonlinear two-
equation models. Due to the inclusion of higher-order terms in the
series expansion defining the stress-strain relationship, nonlinear
constitutive relations extend the range of applicability of two-
equation approaches to flows with a moderate departure from
equilibrium �4,5�. Thus, larger ratios between turbulent and mean-
flow scales are allowed. In spite of this, in far-from-equilibrium
flows, as those occurring in IC engines, such ratios are usually too
high, giving rise to a poor accuracy of the series expansion up to
second or third order. Furthermore, the separation of scales is
postulated also in the formulation of turbulent-related quantity
transport equations, namely, in the dissipation production model-
ing and in the diffusion term approximation by means of a gradi-
ent hypothesis �29�. This confirms that all two-equation models
can hardly provide accurate predictions in far-from-equilibrium
flows, because the dissipation production and diffusion terms are
not correctly estimated and, hence, turbulence quantities are not
accurately calculated.

In order to overcome such limitations, multiple time scale tur-
bulence models were developed �30,31�. In Ref. �1�, a two-scale
linear k-� model was applied to the same engine flow conditions
as those of the present investigation, but in the absence of swirl.
The turbulence spectrum was split in two parts and two indepen-
dent length scales were introduced. Owing to the presence of four
model equations instead of two, a larger computational effort was
required and this was not supported by a significant improvement
in results, particularly for the bowl-in-piston case. A higher num-
ber of scales can be chosen �30�, with the addition of two equa-
tions for each scale and thus a rapidly increasing CPU. A nonlin-
ear multiple-scale turbulence model may be a more effective
refined approach but at a quite high computational cost.

In order to surmount the aforementioned shortcoming of both
linear and nonlinear two-equation EVMs, a semiempirical ap-
proach was proposed in Refs. �32,33�, based on a homogeneous,
isotropic, pure shear-flow hypothesis �34� and on a correction of
the turbulent characteristic combustion time, in order to match
experimental cylinder pressure data. A relation was introduced
between the dissipation rate functions under equilibrium and non-
equilibrium conditions, respectively. Such a relation, with the con-
servation equations of turbulent kinetic energy production and dis-
sipation rates, was asserted to simulate turbulence inertia.
Alternatively, nonequilibrium ARS closures by means of a relax-
ation time approximation were proposed �9,10�, based on the fol-
lowing relation for homogeneous turbulence:

ȧij = − CR
�

k
�aij − aij

E� �18�

where aij is the anisotropy tensor and aij
E corresponds to the stress

tensor given by Eq. �16� and CR is a strain-dependent closure
coefficient.

Another aspect that affects the overall model performance is the
capability of predicting anisotropy effects, for example, wall prox-
imity and local strain-rate effects, paying attention not so much to
the stress-strain relation as to the transport equation of the dissi-
pation rate �. With reference to the wall effects, it is sometimes
proposed �19� to use the low-Re versions of the k-� model, in
which specific exponential damping functions are introduced and
the equation of the so-called “isotropic dissipation rate” is solved
�35�. However, low-Re k-� model versions require very fine grids
within the boundary layer, whose thickness is not a priori known
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and is also variable, so that the moving mesh strategy becomes
cumbersome for engine flow application �in addition, the bound-
ary layer concept in the narrow clearance at TDC is open to ques-
tion�. Such a version is rarely applied to engine flows and in Ref.
�36� it was taken to be advantageous when RSM are applied to
enginelike flows. On the other hand, in Ref. �1� as well as in the
present work, the high-Re logarithmic wall-function approach,
which is widely used for engine flow simulation, was replaced by
a novel approach in which the hypothesis of local equilibrium
between turbulence production and dissipation in the logarithmic
region was given a negligible weight.

Finally, the dissipation rate equation, partially including local
strain-rate effects by means of the R function in the linear RNG
model, can be combined with a nonlinear stress-strain constitutive
relation, as is proposed in �37�. Even though this choice may look
arbitrary, because the R function is derived from a series expan-
sion in powers of Sij, it should be pointed out that the anisotropy
effects, which the R function includes in the � balance, are virtu-
ally not correlated to those of the stress-strain constitutive rela-
tion. Therefore, both the R function and the nonlinear stress-strain
relation can be embedded in the same model.

Conclusion
Two nonlinear turbulence EVMs, namely, the ARS model of

Gatski and Speziale �8–10� and the cubic model of Lien et al. �14�
were assessed for their capability in properly simulating ICE tur-
bulent flows. The models were embedded in a previously devel-
oped homemade CFD code and this was applied to the flow-field
numerical analysis in a test engine combustion chamber featuring
either a flat-piston or an axisymmetric bowl-in-piston arrange-
ments, throughout the whole engine cycle under motored condi-
tions. The investigation was carried out in both the presence and
the absence of a swirling flow. The simulation results obtained for
the flat-piston—no swirl and the bowl-in-piston—swirl operating
conditions were reported and compared to those of the upgraded
linear RNG k-� model, which was indicated in Ref. �1� as a good
compromise between accuracy and computational cost. The RNG
model included a modified wall boundary condition approach with
respect to the conventional logarithmic function, so as to make the
local equilibrium hypothesis virtually ineffective. This approach
was also used in the application of nonlinear models. A general
form of the stress-strain constitutive relation was introduced for
the implementation of both linear and nonlinear EVMs.

The model capabilities in capturing turbulent flow features were
evaluated by the analysis of the physical consistency of the
predicted-flow evolution and by the comparison between numeri-
cal and experimental results.

From a theoretical point of view, the nonlinear constitutive re-
lations are appealing, because they are supposed to allow two-
equation EVM to take account of anisotropy and flow curvature
better than the linear models do. This statement particularly suits
ARS model types, which are derived from complete Reynolds-
stress closures. The computational results indicated that the form
of the stress-strain constitutive relation significantly affects the
turbulence quantity values as well as the resultant stress-tensor
anisotropy. However, in effect, the implementation of nonlinear
EVM does not improve the agreement between numerical and
experimental results with respect to the linear RNG model, at least
for the considered engine flow conditions. Moreover, the in-
creased model sensitivity to the mesh quality is a drawback with
respect to the Boussinesq relation.

The description of turbulence spectra with only one length or
time scale constitutes a limit in both linear and nonlinear two
equation EVMs for their application to ICE nonstationary flows,
as a consequence of the hypothesis of scale separation between
turbulence and mean motion, which is common to both ap-
proaches. This has led to the development of multiple time scale
models, which can be implemented also in the nonlinear form, and
may be a more effective refined approach but at a higher compu-

tational cost. Another means of improving both linear and nonlin-
ear EVMs is the modification of the turbulent dissipation equation
by including anisotropy effects through R-like functions as in the
RNG model or through low-Re formulations. However, low-Re
k-� models require very fine grids within the boundary layer,
whose variable thickness is not generally known, so that the mov-
ing mesh strategy becomes cumbersome for engine flow applica-
tion. Such a version is rarely applied to engine flows and was
taken to be advantageous when RSM are applied to enginelike
flows �36�.
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Nomenclature
A � anisotropy invariant

A1 ,A2 ,A3 ,A4 ,
g ,	1 ,	2 ,	3 � constants in the ARS model

aij =−��ij /�k�
− �2 /3��ij � anisotropy tensor

B1,B2,…,B5 � cubic model closure coefficients
BDC � bottom dead center

C1,C2,C3,C4 � empirical constants for � equation
Cijk � Reynolds-stress turbulent transport
C� � empirical constant for �T
CR � closure coefficient for the relaxation time

approximation of aij
D=Sll � velocity divergence

h � stagnation enthalpy
k � turbulence kinetic energy

IIa=aijaji � second anisotropy tensor invariant
IIIa=aijajkaki � third anisotropy tensor invariant

Pk � turbulence kinetic energy production term
p � pressure
R � anisotropy function in the RNG k-� model

Sij � mean-flow strain tensor
TDC � top dead center

TI=u� /Vp � adimensional turbulence intensity
Ui � absolute mean velocity in the i direction
ui � turbulence velocity in the i direction
u� � turbulence intensity
Vp � mean piston velocity

�,�0 � constants in the RNG k-� model
�t � time step size

�V � mesh control volume
�x, �y � grid sizes

�ij � Kronecker delta
� � turbulence energy dissipation rate

�ij � dissipation rate tensor in the Reynolds-
stress equations

�= 
�ij
 � dimensionless strain rate
�ij =Sijk /� � dimensionless mean-flow strain tensor

� � crank angle
�,�T � molecular viscosity, turbulent viscosity

�=k /� 
�ij
 � dimensionless rotation rate
�C,�C � “corrected” dimensionless rates in Table 3


ij � pressure-strain correlation tensor
� � density


h,
k,
� � Prandtl numbers

�ij =−�uiuj � Reynolds stress tensor
�ij � mean-flow rotation tensor
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Analysis of the Interactions
Between Indicated and
Reciprocating Torques for the
Development of a Torsional
Behavior Model of the Powertrain
Torque-based engine control systems usually employ a produced torque estimation feed-
back in order to verify that the strategy target torque has been met. Torque estimation can
be performed using static maps describing the engine behavior or using models describ-
ing the existing relationships between signals measured on the engine and the indicated
torque produced. Signals containing information on the combustion development, suit-
able for this purpose, are, among others, the ion-current signal, the vibration signals
obtained from accelerometers mounted on the engine block, or the instantaneous engine
speed fluctuations. This paper presents the development and the identification process of
an engine-driveline torsional behavior model that enables indicated torque estimation
from instantaneous engine speed measurement. Particular attention has been devoted to
the interactions between indicated and reciprocating torques, and their effects over in-
stantaneous engine speed fluctuations. Indicated and reciprocating torques produce, in
fact, opposite excitations on the driveline that show opposite effects on the engine speed
wave form: For low engine speed, usually indicated torque prevails, while the opposite
applies for higher engine speed. In order to correctly estimate indicated torque from
engine speed measurement, it is therefore necessary to correctly evaluate the reciprocat-
ing torque contribution. Reciprocating torque is usually described using a wave form as
a function of crank angle, while its amplitude depends on the value of the reciprocating
masses. As mentioned before, knowledge of the reciprocating masses is fundamental in
order to obtain correct estimation of the indicated torque. The identification process that
has been set up for the engine-driveline torsional model enables to evaluate the relation-
ship between torques applied to the engine and the corresponding engine speed wave
form even without knowing the value of the reciprocating masses. In addition, once this
model has been set up, it is possible to estimate with high precision the value of the
reciprocating masses. Particular attention has also been devoted to the feasibility of the
application of the identified model onboard for torque estimation; for this reason, the
model has been developed in a very simple form. The approach proved to be effective
both on gasoline and diesel engines, both for engine mounted on a test cell and onboard,
with different engine configurations. Examples of application are given for some of the
configurations investigated. �DOI: 10.1115/1.2939010�

Introduction

Most engine control systems nowadays are torque based, mean-
ing that ignition, injection, and all the control parameters are set in
such a way to produce a desired torque level, while respecting
other goals, for example, emissions or drivability. Information on
the real torque produced is very much useful in order to check if
the control action gave the desired result.

Torque measurement is still challenging on board production
vehicles due to reliability issues. For this reason, torque estima-
tion is one option followed to obtain information on the real
torque produced by the engine �1–16�. Many studies have been
performed in order to obtain an accurate and reliable over time
torque estimation. Some of them determine the mean indicated

torque through signals from additional sensors mounted on the
engine: pressure sensors �13�, accelerometers �5�, and ignition coil
for ionization current. Nevertheless, at this time, only indicated
torque evaluation from measuring in-cylinder pressure gives good
results, even if these sensors are not so reliable in time and, any-
way, they represent an additional cost. In some cases, engine
speed information is used to reduce the amount of additional pres-
sure sensors required �10�, but still their reliability could be an
issue. Other works try to estimate mean indicated torque from
engine speed measurement, basing their evaluation on statistical
�6� or stochastic �3� correlations with many engine parameters.
They require a lot of experimental tests and, in some cases, have
good accuracy only for steady-state engine operating conditions.
Some authors �7,11,14� developed procedures based on state ob-
servers �linear, nonlinear, and Kalman filters� that require as in-
puts one or more engine parameters. Another work �8� uses a
methodology named support vector machine, that is, a supervised
learning method used for linear classification and regression.
Hence, in these cases, the accuracy is related to the number of the
input parameters, and if it increases a lot, the algorithm may not
be well suitable for real time applications. Others try to estimate
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mean indicated torque analyzing the instantaneous engine speed
fluctuations, directly from the sensor facing the toothed wheel
already present onboard for control purposes �1,2,4,9,12�. In fact,
as many works demonstrated, some of them of the same authors
of this paper �17,18�, the engine speed fluctuation is strictly con-
nected to the generated torque.

The torque estimation approach used in this paper makes use of
the information contained in the engine speed fluctuation signal.
Many studies, some of them from the same authors of this work,
demonstrated the feasibility of estimating mean indicated torque
starting from engine speed fluctuation measurement. In particular,
fluctuation measurement is needed at an order characteristic of the
engine �mainly related to its number of cylinders and its firing
order�; at this order, the speed wave form over an engine cycle
shows fluctuation of the highest amplitude. In this study, engine
speed has been measured using the same magnetic pickup and the
same 60-2 teeth wheel already present for control purposes. In this
way, no additional sensors or mechanical components are
required.

Measurement of the speed fluctuation at the engine order of
interest allows for estimating the corresponding indicated torque
fluctuations at the same engine order. This can be done if an
accurate torsional behavior model of the engine-driveline-load
system has been developed.

Knowledge of the relationship between the amplitude of the
indicated torque frequency component at the order of interest and
its mean value enables finally to evaluate the indicated torque
mean value from the estimated torque fluctuations. A scheme of
the entire procedure is presented in Fig. 1.

This paper will focus on the first step of this torque estimation
procedure, i.e., the identification of the system torsional behavior
model. The main goal is to develop a standard process that en-
ables model identification quickly and even if some or all the
geometric information of the engine are not known �usually, this
information is used to determine inertias and stiffness of the con-
nections between the different parts of the powertrain system�.

The next section will present the development of the torsional
behavior model, the experimental tests used to identify and vali-
date the model, and finally some results.

Torsional Vibration Model
Several engines have been used throughout this work. Some of

them have been mounted on a test bench; some other onboard a
vehicle. Both diesel and gasoline engines with different architec-
ture have been considered.

As already mentioned, the main goal of the developed model is
its use within a torque estimation procedure. For indicated torque
mean value estimation, as already recalled also in the Introduc-
tion, engine speed fluctuations at an engine order characteristic of
the engine under study have to be considered. The engine order to
be considered depends on the number of cylinders and on the
firing order, and is the one at which the engine speed fluctuations
show the higher amplitude. Recalling that a vibration’s order is
the number of times it occurs per crankshaft revolution, for a Z
cylinder engine with evenly spaced combustions, the order to be
taken into account is Z /2. If the combustions are not evenly
spaced, the choice of the order could be more difficult, but still it
is possible to determine the one at which the response in terms of
engine speed fluctuations is expected to be higher.

Once the engine order of interest has been selected, it is pos-
sible to determine the frequency range in which the torsional
model has to correctly describe the dynamic behavior of the sys-
tem. For a six cylinder engine with evenly spaced combustions
�Order 3 is selected�, running from 900 rpm to 6000 rpm, the fre-
quency range to be investigated goes from 45 Hz to 300 Hz. The
evaluation of the interesting frequency range is important for the
correct definition of the dynamic model, since all the natural fre-
quencies of the system out of this range can be neglected. Ne-
glecting natural frequencies out of the frequency range of interest
yields the development of a reduced model: This model will be
fully representative of the system behavior inside the frequency
range considered, while out of this range, it will give an approxi-
mate response. Following the example of the six cylinder engine,
if the lowest natural frequency on the crankshaft is higher than
300 Hz, it can be neglected.

Either if the engine is mounted onboard a vehicle or it is
mounted on a test bench, the lowest resonance frequencies asso-
ciated with the driveline are usually within the frequency range of
interest. These conditions �crankshaft eigenfrequencies out of the
frequency range of interest, and one or more driveline natural
frequencies within this range� have been verified for all the pow-
ertrain configurations investigated and is the main hypothesis of
this study. If this condition is not verified, restrictions to applica-
tion of the proposed approach have to be considered, as it will be
explained in the following.

Based on the previous considerations, only the natural frequen-
cies on the driveline will be taken into account. The system tor-
sional behavior can be described by means of an equivalent model
with two or more inertias, one of them representing the engine,
the number of inertias to be employed depending on the number
of natural frequencies of the driveline, up to the frequency of
interest. Figure 2 shows the simplest case with two inertias.

Considering for the sake of simplicity the model with two in-
ertias, dynamic equations of the system can be obtained as

Ieng�̈eng = Teng − ks��eng − �load� − cs��̇eng − �̇load�

Iload�̈load = Tload − ks��load − �eng� − cs��̇load − �̇eng� �1�

Fig. 1 Flowchart of the methodology employed for indicated
torque estimation

Fig. 2 Scheme of the inertia-stiffness equivalent representa-
tion to describe the system dynamic behavior
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Fourier expansion can be applied to the signals in Eq. �1� in
order to obtain a relationship between the corresponding terms in
the Fourier expansion series. For signals that can be considered
periodic with period equal to an engine cycle �as it is for the
torques and the angular positions of the inertias of the system of
Fig. 2�, the frequency associated with the ith term of the Fourier
expansion series is equal to �= i� /2 �i is the number of the har-
monic over the engine cycle�. For the ith terms of the torques and
angular positions �Tengi, Tloadi, �engi and �loadi�, it is therefore
possible to write

�Ieng�
2 − j�cs − ks j�cs + ks

j�cs + ks Iload�
2 − j�cs − ks

���engi

�loadi
� = �− Tengi

− Tloadi
�
�2�

Equation �2� could be seen as the relationship between the cor-
responding oscillations of torques and angular positions at fre-
quencies �= i� /2 for i�0. The engine order associated with
these oscillations is ord= i /2. The oscillations, in fact, occur i
times per engine cycle and therefore i /2 times per crankshaft
revolution.

Since the harmonic content of the load torque Tload is usually
negligible �its dynamic is very slow�, the terms Tloadi have been
set equal to 0.

�Ieng�
2 − j�cs − ks j�cs + ks

j�cs + ks Iload�
2 − j�cs − ks

���engi

�loadi
� = �− Tengi

0
�
�3�

Focusing the attention on the relationship between the corre-
sponding Fourier expansion coefficients �i.e., between the corre-
sponding oscillation� of the crank angle position and the torque
applied to the engine, it is possible to obtain

�engi = −
1

�2

Iload�
2 − j�cs − ks

IengIload�
2 − �Ieng + Iload��j�cs + ks�

Tengi �4�

Rewriting Eq. �4� in terms of torque and speed, it yields

�̇engi =
1

�

Iload�
2 − j�cs − ks

j�IengIload�
2 − �Ieng + Iload��j�cs + ks��

Tengi �5�

Equation �5� has been obtained for the simplest two inertias
model case. Similar equations can be obtained if more complex
torsional models have to be designed to correctly describe the
system. The obtained equation will present in the case of a more
complex system a higher number of parameters �inertias, stiffness,
and dampings�. In any case, it will be possible to describe the
relationship between the corresponding Fourier expansion coeffi-
cients of torque and speed using a frequency response function
�FRF�, reported in the following as F�j��.

�̇engi =
1

�F�j��
Tengi �6�

The FRF F�j�� represents the dynamic behavior of the system
and depends on the inertia-stiffness configuration of the system
itself. Inertias and stiffness values can be determined starting from
a CAD representation of the system, even if this approach is quite
time consuming and requires full access to component CAD rep-
resentation. In addition, once FRF has been obtained, usually it
has to be verified and validated through specific experimental
tests.

The approach presented in this study allows evaluating the FRF
as a whole, without any information needed on the inertia-
stiffness representation of the system. FRF identification is made
directly on an experimental basis, using engine speed and in-
cylinder pressure measurements �that allow determining indicated
torque� during specifically designed tests. Rearranging Eq. �6�, it
is, in fact, possible to see that FRF can be obtained as

F�j�� =
Tengi

��̇engi

�7�

Amplitude and phase of the engine speed oscillation can be
directly measured and, for the engine order of interest, it results in

�̇engi = �orde
j�ord �8�

Engine torque Teng is the result of all the torques applied to the
cylinders, i.e., the difference between indicated and reciprocating
torques. The same will also apply to the ith harmonic component
of the indicated and reciprocating torques that can be seen as the
sum of the ith harmonic components for all the cylinders. Consid-
ering indicated and reciprocating torque wave forms similar for all
the cylinders, the Fourier representation of the torque harmonic
components will differ only for the phase, whose value can be
determined knowing the number of cylinders and the firing order
�Eq. �9� reports as an example what can be obtained for a Z
cylinder engine with evenly spaced combustions�.

Tindmi = Tind1i · ejim2�/Z

Trmi = Tr1i · ejim2�/Z �9�

Tind1i is the ith indicated torque harmonic component for Cyl-
inder 1; indicated torque can be evaluated from the indicated pres-
sure measurement for the same cylinder through Eq. �10� �19�:

Tind1��1� = Aprp1��1�f��1� �10�
Reciprocating torque can be expressed using the well known

geometric expression �20�

Trm��m� = Meqr
2f��m�� f��m��̈m +

df��m�
d�m

�̇m
2 � = MeqT�rm��m�

�11�

where Meq is the value of the reciprocating masses and T�rm��m�
represents the normalized reciprocating torque with respect to the
reciprocating masses that do not depend on Meq. Even if all the
necessary drawings are available, the evaluation of Meq presents
some difficulties, since its value is the sum of two contributions:
The first one due to the mass of the piston assembly, the second
one associated with the reciprocating motion of the connecting
rod. While the first contribution can be easily determined, the
second one is usually more difficult to be evaluated. The approach
presented in this work enables to identify the value of Meq, to-
gether with the system FRF, without any additional information
needed, and is therefore useful to verify Meq value coming from
calculations.

Amplitude and phase of indicated and normalized reciprocating

torques for the order of interest �Tindmi and T� rmi� are reported as a
function of engine speed in Figs. 3 and 4 for a four cylinder
multijet diesel engine with evenly spaced combustions �Order 2
selected�, and in Figs. 5 and 6 for a six cylinder gasoline engine
with evenly spaced combustions �Order 3 selected�. The phase is
always evaluated taking as a reference within a cycle the TDC
position of Cylinder 1 at the beginning of its intake stroke. The
values reported are calculated using measurements on the engine.

As it is possible to observe, while indicated torque components
are obviously dependent both on engine speed and load, recipro-
cating torque components depends only on the engine speed. This
is essentially due to the fact that reciprocating torque is an inertial
effect on the crankshaft, caused by the presence of reciprocating
masses �mainly piston assembly and connecting rod� �19,20�. In
addition, reciprocating and indicated torque components show
similar phases. Since the torque applied to the engine is the dif-
ference between these two contributions, they will be applied to
the crankshaft with opposite phases.

These observations are quite important for the setup of the FRF
estimation scheme, as it will be explained in the next paragraphs.
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Rearranging Eq. �7�, it is possible to obtain

F�j�� =
�m

�Tindmi − MeqT� rmi�

��̇engi

�12�

All the terms in Eq. �12� are either known or can be measured
with the exception of Meq. Therefore, under the hypothesis made,
the FRF appears not to be directly estimable. In order to overcome
this conclusion and contemporarily estimate the value of Meq, the
observation that the reciprocating torque frequency components
depend only on the engine speed value has been used. Running, in
fact, two tests �A and B� at the same engine speed but different
loads, Eq. �12� can be rewritten for these tests, obtaining

�A�̇engAiF�j�A� = �
m

�TindAmi − MeqT� rAmi�

�B�̇engBiF�j�B� = �
m

�TindBmi − MeqT� rBmi� �13�

Due to the observation that the reciprocating torque frequency
components depend only on the engine speed value, since Tests A
and B have been run at the same engine speed, it can be concluded

that �A=�B and T� rAmi=T� rBmi.
The difference between Eq. �13� is now considered, yielding

���̇engAi − �̇engBi�F�j�� = �
m

�TindAmi − TindBmi� �14�

Fig. 3 Amplitude and phase of the indicated torque Order 2
component for an L4 multijet diesel engine at different percent-
ages of full load

Fig. 4 Amplitude and phase of the reciprocating torque Order
2 component for an L4 multijet diesel engine at different per-
centages of full load

Fig. 5 Amplitude and phase of the indicated torque Order 3
component for a V6 gasoline engine at different percentages of
full load

Fig. 6 Amplitude and phase of the reciprocating torque Order
3 component for a V6 gasoline engine at different percentages
of full load
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Rearranging Eq. �14�, it is possible to obtain

F�j�� =
��m

�TindAm − TindBm��i

���̇engA − �̇engB�i

�15�

Equation �15� shows that the FRF can be determined using only
engine speed and in-cylinder pressure measurements, performed
during two tests at the same engine speed and different loads.
Using this approach, FRF can be therefore estimated indepen-
dently from the knowledge of Meq at the engine speed, and there-
fore at the associated frequency, at which the tests have been
performed. Running couples of tests each at a different engine
speed, it is possible to identify F�j�� over the whole interesting
range of frequency.

Once F�j�� has been evaluated, Meq can be estimated as well,
since from a suitable rearrangement of Eq. �13�, it is possible to
obtain for Test A:

Meq =
�A�̇engAiF�j�A� − �m�TindAmi�

�m�T� rAmi�
�16�

The developed approach allows identifying both the FRF of the
dynamic system under study and the reciprocating mass value.
This is obviously useful if geometric and CAD information are
not available for the engine under study, but it represents a quick
validation procedure useful even when those information are
available.

The presented procedure has been applied to several different
engine-load configurations, comprising both gasoline and diesel
engines, test bench and in vehicle tests, and different engine ar-
chitectures. Examples of the application of the proposed approach
to some of these configurations will be presented in the next sec-
tion together with some validation results.

Once the model identification process has been concluded, es-
timation of the indicated torque components is possible from the
measured engine speed at the engine order characteristic of the
engine. As already mentioned, this is the first step of a complete
algorithm that enables mean indicated torque estimation. The sec-
ond step is the identification of the relationship between the esti-
mated component of the indicated torque and its mean value. This
second step is not the main topic of this work and is not developed
and presented here. Information on this topic can be found in
literature �17,18�.

Results
Experimental tests have been run on several powertrain con-

figurations. In order to report the most meaningful ones, it has
been chosen to present, in particular, the results obtained for a V6
turbocharged gasoline engine coupled to an eddy-current brake
and for an L4 turbocharged diesel engine mounted onboard a ve-
hicle. All the other engine-driveline configurations gave similar
results.

Measurements needed for the setup of the identification process
are instantaneous engine speed, measured through a magnetic
pickup facing a wheel with 60-2 teeth, and in-cylinder pressure
for all the cylinders, measured using piezoelectric sensors inte-
grated in the spark plug for gasoline engines and in the glow plug
for diesel engines. The choice of this easy to be mounted in-
cylinder pressure sensors is compatible with the application of the
proposed procedure to a high number of engine-driveline configu-
rations, as it is the case for an engine mounted on different ve-
hicles or on vehicle with different gearbox equipment, and so on.
A higher accuracy could be obtained with cooled sensors, but they
have not been considered for this work, since they require a spe-
cific machining of the engine block.

In order to estimate the FRF of the engine-driveline system,
tests at the same engine speed and different load levels are needed
�at least two�. This enables the evaluation of the FRF value at that
engine speed �or at the corresponding frequency� through Eq.

�15�. For the purpose of identifying the FRF over the whole en-
gine speed �frequency� range, many couples of steady-state tests
have to be performed. In order to overcome the need of a high
number of steady-state tests, the possibility of using two ramps
performed at different loads has been investigated: In this case,
Eq. �15� has to be applied to engine cycles within the two ramps
that present close engine speed values. Both steady-state and ramp
tests have been run, and the obtained results have been compared:
If the result accuracy is similar, the ramp option is preferable for
its ease and quickness.

Engine speed and indicated torque measurements for steady-
state tests conducted at the same engine speed and different loads
are reported in Figs. 7 and 8 for the V6 turbocharged gasoline
engine coupled to an eddy-current brake.

The tests conducted on the V6 engine clearly show that as the
torque produced increases, the amplitude of the engine oscilla-
tions becomes higher. The only test that apparently seems to have
a different behavior is the one conducted at 0.9 bar IMEP. In this
case, the phase of the oscillation is opposite with respect to all the
other tests. In addition, the amplitude is not decreased with respect
to the test at 4.1 bar IMEP.

This behavior is due to the presence of the reciprocating torque
that acts on the crankshaft together with the indicated torque. The
amplitude of the reciprocating torque depends on the engine
speed. At lower loads, its amplitude can be higher than that of the
indicated torque, and therefore it prevails, while at high load,
indicated torque prevails. Since indicated and reciprocating

Fig. 7 Engine speed wave forms for a V6 gasoline engine run-
ning at 2100 rpm and different loads

Fig. 8 Indicated torque wave forms for a V6 gasoline engine
running at 2100 rpm and different loads
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torques present opposite phases �as shown in Figs. 3–6�, the cor-
responding phase of the engine speed oscillation will be different,
depending on which torque component prevails.

Figure 9 shows the difference between indicated and recipro-
cating torques for the same tests reported in Figs. 7 and 8. Phase
inversion is similar to what has been observed in the engine speed
wave forms.

Following Eq. �15�, the difference between each of the wave
forms in Figs. 7 and 8 and the wave form obtained at 0.9 bar
IMEP is performed. The results are reported in Figs. 10 and 11.

As is possible to observe, the wave forms reported in Fig. 10 do
not show any influence by the reciprocating torque, as desired,
and as expected following the approach presented in this study.

Amplitude and phase of the oscillations at Order 3 are finally
evaluated, and the FRF value at 2100 rpm �105 Hz� can be deter-
mined. Repeating this process for other engine speeds, it is pos-
sible to obtain an estimation of the dynamic system FRF over the
whole engine speed operating range.

Equation �16� allows finally estimating the reciprocating mass,
giving a 0.820 kg value. Once Meq and F�j�� have been identi-
fied, it is possible to estimate the indicated torque frequency com-
ponent from the corresponding engine speed oscillations, as it will
be shown in the following.

The shape of the FRF suggests the presence of a resonance at a
frequency lower than 80 Hz, since the ratio between the amplitude
of the oscillation on the engine speed and the corresponding os-
cillation on the indicated torque �the inverse of the FRF amplitude
reported in Fig. 12� increases as the frequency lowers.

The same path has been also followed for the L4 diesel engine
mounted onboard the vehicle. In this case, the reciprocating
torque components are much higher �Order 2 is considered instead
of Order 3� and the interactions with the indicated torque are less
trivial, as is possible to observe in Figs. 13 and 14.

It is possible to see that the phase of the engine speed oscilla-
tions at the engine order of interest �Order 2 for this engine� for
the test at a lower load is opposite to the phase of the test at higher
load. This is due again to the interaction between indicated and
reciprocating torques, with reciprocating torque prevailing at low
load and indicated torque prevailing at high load.

Fig. 9 Indicated and reciprocating torque difference for a V6
gasoline engine running at 2100 rpm and different loads

Fig. 10 Engine speed difference for a V6 gasoline engine run-
ning at 2100 rpm and different loads

Fig. 11 Indicated torque difference for a V6 gasoline engine
running at 2100 rpm and different loads

Fig. 12 Amplitude and phase of the identified FRF

Fig. 13 Engine speed wave forms for an L4 diesel engine run-
ning at 3500 rpm and different loads „third gear…
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Considering the difference between the engine speed and the
indicated torque wave forms for the tests in Figs. 13 and 14 and
the corresponding wave form for the test at lower load, it is pos-
sible to eliminate the reciprocating torque influence, as suggested
by Eq. �14� and confirmed by Figs. 15 and 16, where the results of
the difference are reported.

Applying Eqs. �15� and �16�, the FRF of the dynamic system
has been identified �see Fig. 17�, and the value of Meq has been
obtained �0.637 kg�.

Ramp tests have been run on the same system in order to check
the possibility of identifying the FRF in a quicker way. As already
mentioned, Eq. �15� can be employed if at least two engine oper-
ating conditions at the same engine speed but at different loads are
available. The tests have therefore been designed running the en-
gine full load while increasing its speed, followed by a cutoff
phase where the engine speed is decreased; the whole procedure
has been repeated twice. Figure 18 shows the engine speed trace
during the test run for FRF identification in the third gear.

The FRF identification gave results very similar to those pre-
sented in Fig. 17, and has therefore been repeated also for all the
other gears, giving the results reported in Fig. 19. Differences on
the FRF identified with the two methods employed in the third
gear �steady-state tests and ramp tests� are lower than 1%. This
confirmed the possibility to correctly identify the torsional model
of the engine-driveline system even using the faster ramp tests,
which are for this reason the preferred choice.

Figure 19 shows that changing the gear inserted the system
behavior changes since the FRF depends on the inserted gear. This
means that when the torque estimation algorithm will be em-
ployed onboard, the FRF will be gear dependent.

Identification of the torsional model of the system enables the
estimation of the indicated torque frequency component at the
engine order considered, from the corresponding engine speed
frequency component. As already mentioned, this information will
be used for mean indicated torque estimation. Figure 20 shows an
example of the comparison between measured and estimated Or-
der 2 indicated torque frequency component for the L4 diesel
engine.

The transient tests considered have been conducted with the
third gear inserted; torque estimation has been obtained using the
FRF identified with the ramp tests. The RMSE obtained is equal
to 4.8 N m, which is approximately 1% of the full scale value.
This result is compatible with the accuracy required for onboard
applications.

Fig. 14 Indicated torque wave forms for an L4 diesel engine
running at 3500 rpm and different loads „third gear…

Fig. 15 Engine speed difference for an L4 diesel engine run-
ning at 3500 rpm and different loads „third gear…

Fig. 16 Indicated torque difference for an L4 diesel engine
running at 3500 rpm and different loads „third gear…

Fig. 17 Amplitude and phase of the identified FRF „third gear…

Fig. 18 Engine speed trace during the ramp tests run for FRF
identification purposes
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Similar results have also been obtained for the other engine-
driveline configurations investigated. The accuracy obtained
showed also to be compatible with the application of the model
describing the relationship between indicated torque frequency
component amplitude and its mean value.

Conclusions
This work presented the development of a torsional vibration

model suitable for indicated torque estimation. The relationship
between indicated and reciprocating torques applied to the crank-
shaft has been investigated, showing the effect of the two contri-
butions over the engine speed oscillations. The proposed approach
enables to identify the torsional model even if no information on
the geometric characteristics of the system is available.
Model identification, in fact, is on an experimental basis, and
specific experimental tests have been designed to enable model
identification.

Particular attention has been devoted to the applicability of the
proposed procedure to different engine-driveline configurations
and to the quick and simple execution of the required experimen-
tal tests. Different types of engines and different mountings have
been studied, some of which have been presented in the paper.
The results obtained always showed a good agreement with ex-
perimental data, and the overall accuracy seems to be compatible
with the use of the model onboard.

Nomenclature
ord � Engine order: the number of times a phenom-

enon occurs per crankshaft revolution
Z � number of cylinders
m � index identifying the mth cylinder
� � engine speed

�ord � amplitude of the engine speed oscillation at
engine order ord

�ord � phase of the engine speed oscillation at engine
order ord

� � crank angle
�TDCm � mth cylinder TDC crank angle position

�m � mth cylinder crank angle position
r � crank-slider mechanism radius
l � connecting rod length

Ap � piston area
�=r / l � crank-slider radius/connecting rod length ratio

pm��m� � relative pressure inside the mth cylinder

f��m� = sin�� − �TDCm� +
� sin�2�� − �TDCm��

2�1 − �2 sin2�� − �TDCm�
� crank-slider mechanism function for the mth

cylinder
Tindm � indicated torque for the mth cylinder
Meq � equivalent mass of the reciprocating masses
Trm � reciprocating torque for the mth cylinder

� � frequency
�eng � engine angular position
�load � load angular position
Ieng � engine inertia
Iload � load inertia

ks � engine-load connection stiffness
cs � engine-load connection damping

Tload � load torque
Teng � torque applied to the engine

F�j�� � engine-driveline system transfer function

T�rm � normalized reciprocating torque for mth
cylinder

TDC � top dead center
CAD � computer aided design
MAP � manifold absolute pressure
ECU � electronic control unit

RMSE � root mean square error
IMEP � indicated mean effective pressure
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Controlling Backfire for a
Hydrogen-Fueled Engine Using
External Mixture Injection
The development of a hydrogen-fueled engine using external mixture injection (e.g., using
port or manifold fuel injection) with high efficiency and high power is dependent on the
control of backfire. This work has developed a method to control backfire by reducing the
valve overlap period while maintaining or improving engine performance. For this goal,
a single-cylinder hydrogen-fueled research engine with a mechanical continuous variable
valve timing system was developed. This facility provides a wide range of valve overlap
periods that can be continuously and independently varied during firing operation. By
using this research engine, the behavior of backfire occurrence and engine performance
are determined as functions of the valve overlap period for fuel-air equivalence ratios
between 0.3 and 1.2. The results showed that the developed hydrogen-fueled research
engine with the mechanical continuous variable valve timing system has similar perfor-
mance to a conventional engine with fixed valve timings, and is especially effective in
controlling the valve overlap period. Backfire occurrence is reduced with a decrease in
the valve overlap period, and is also significantly decreased even under operating con-
ditions with the same volumetric efficiency. These results demonstrate that decreasing the
valve overlap period may be one of the methods for controlling backfire in a hydrogen-
fueled engine while maintaining or improving performance. �DOI: 10.1115/1.2940353�

Introduction
The combustion characteristics of hydrogen �such as wide flam-

mability limits, fast burning velocities, and low ignition energy�
enable engine operation, which results in high thermal efficiencies
and low NOx emission levels. Hydrogen-fueled engines may be
divided according to the fuel supply method: �1� external mixture
injection �e.g., using port or manifold fuel injection� and �2�
direct-cylinder fuel injection �1–3�. A direct-cylinder fuel injection
hydrogen engine is not typically subjected to backfire occurrence
and typically has the potential for the highest power. Problems
with a direct-cylinder fuel injection hydrogen engine, however,
include a decrease in the thermal efficiency due to nonhomogene-
ity of the inlet mixture and the development of the high-pressure
fuel injection system.

The advantages of a hydrogen engine with external mixture
injection include potentially high thermal efficiency because of a
more homogeneous inlet mixture, simplicity, and a lower-pressure
fuel injection system. For a hydrogen engine with external mix-
ture injection, however, backfire under higher load conditions may
be a problem. If backfire can be eliminated, the hydrogen-fueled
engine with external mixture injection will be a near-term possi-
bility with high efficiency and high power �4–13�.

The backfire phenomena of H2-air mixtures in the intake sys-
tem are often a result of backflow during the valve overlap period
�VOP�. During this overlap period, the H2-air mixture may be
preignited due to an ignition source in the combustion chamber.
The flame due to this ignition is able to propagate backward into
the intake system and causes the well-known backfire. Many re-
searchers �4–8� have tried to prevent this backfire by using a
number of methods. These methods have included �1� a decrease
in the ignition source’s temperature, �2� a decrease in the burning

velocity, �3� lean burn techniques, and �4� a reduction in crevice
volume and elimination of abnormal discharges. In general, these
methods have not been universally successful for preventing back-
fire. Most of this previous work has described the difficulty of
controlling the unknown ignition source and the rapid burning
velocity.

As mentioned above, the causes of backfire may be divided into
an unknown ignition source, fast combustion velocity and VOP.
When the VOP is short enough, however, backfire may not occur
even under high load operating conditions due to the fact that the
preignited flame cannot flow backward into the inlet system. Con-
sequently, backfire may be controlled with a decrease in the VOP,
but this has not been clearly demonstrated yet. In addition, the
trade-offs with respect to the engine performance are not known
and need to be documented for reduced overlap periods.

The major objective of this investigation is to examine the fea-
sibility of backfire control while maintaining or improving overall
engine performance. To accomplish this objective, a single-
cylinder research engine with a mechanical continuous variable
valve timing �MCVVT� system �which permits a wide range of
VOP to be continuously varied during engine operation� was de-
veloped and its basic performance was determined. Existence or
nonexistence of backfire and overall engine performance were in-
vestigated as functions of the VOP by using the MCVVT
hydrogen-fueled research engine. Experiments using the same
amount of supplied energy for arbitrary fuel-air equivalence ratio
were also completed to compensate for the fact that volumetric
efficiency decreases for decreases in the VOP. Methods to obtain
both high power and high efficiency for a hydrogen engine with
external mixture injection were examined with respect to engine
performance for different VOPs.

Experimental Apparatus and Method

Hydrogen-Fueled Engine and the MCVVT System.
Hydrogen-fueled engine with external mixture injection. Figure 1
shows a photograph of the hydrogen-fueled research engine using
external mixture injection with the MCVVT system. The crank
mechanism and combustion chamber are modified from conven-
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tional engine parts and their specifications are determined to allow
for variable compression ratios for later work. Table 1 lists the
main specifications of the MCVVT engine.

Characteristics of the MCVVT system. The operating principle
of the MCVV is based on the fact that the phase angle of the fixed
two pulleys �cam gears� is changed by the length of the belt con-
tacted. To obtain the above effect in the structure using a fixed
length of timing belt, a pair of pulleys are mechanically moved
between the fixed two pulleys. The relation of the phasing angle
and the displacement, and the detailed structure of the MCVVT
system are presented in the Appendix.

Figure 2 shows the relation between the phasing angle of the
camshafts and the displacement of the VVT gear. The valve tim-
ing can be controlled by the handle during engine operation, be-
cause the phasing angle of the camshaft is varied linearly as the
timing gear moves.

Figure 3 shows the engine power with the MCVVT system
compared with that under conventional operation for a range of
engine speeds. The lower power for the case with the MCVVT
system is noted at all engine speeds and is a reflection of the
mechanical loss associated with the additional timing and idle
gears, and other items of the MCVVT system. As the engine speed
increases, the mechanical loss increases. The results of this inves-
tigation, however, are still considered to be relevant and will be
able to demonstrate the feasibility of using changes of VOP to
control backfire.

Experimental Setup. Figure 4 is a schematic of the experimen-
tal setup, which consists of the MCVVT hydrogen-fueled engine,
the ac dynamometer, the hydrogen gas supply system, the cooling

system, the lubricant system, the injector control system, and the
data acquisition system. Hydrogen gas �12–15 MPa� in the com-
mercial high-pressure cylinder is decompressed to 1.5 MPa by a
pressure regulator and is controlled to 0.3 MPa by a secondary
precise regulator installed in front of a hydrogen mass flow meter.
Hydrogen gas is then injected into the intake port by using a
compressed natural gas �CNG� injector. Injection timing and in-
jection duration can be adjusted by the injector control system.
Airflow rate and hydrogen flow rate are measured by an orifice
and a hydrogen mass flow controller �MFC/MFM Manager, FM-
30V4�, respectively. An electrical blower �supercharger� operated
with external power is installed at the front of the inlet pipe to
compensate for the decrease in the intake airflow mass due to the
change in VOP. Two surge tanks of 200 l in volume are added in
the front and rear of the airflow meter, respectively, to eliminate
measurement error due to any pulsation of the air stream. In-
cylinder pressure is monitored using a piezoelectric transducer
�Kistler 6061-B� inserted in the cylinder head. For detecting inlet
and exhaust pipe pressures, two piezoresistive transducers �Kistler
4045A-1.0 MPa and 0.5 MPa� are utilized, respectively. Coolant
water is supplied to the modified cylinder head, the block, and the

Table 1 Specifications of the MCVVT engine

Engine Four-cycle single cylinder
Bore�stroke 86 mm�86 mm
Displacement volume 500 cc
Combustion chamber Pent-roof type
Compression ratio 10.5:1
Valve timing control MCVVT system
Cooling type Water cooling

Fig. 1 Single-cylinder hydrogen-fueled engine with the
MCVVT system

Fig. 2 Variation of intake/exhaust cam phasing with displace-
ment of timing gears

Fig. 3 Comparison of engine power with and without the
MCVVT system as engine speed increases
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oil cooler separately. The coolant temperature is controlled by
coolant flow valve at the outlet and fixed at 70°C. The measured
data were stored in a data acquisition unit.

Experimental Methods. The major experimental variable is
the VOP. VOP is varied from 0 deg crank angle �CA� to 50 deg
CA by 10 deg CA increments by changing the intake valve open-
ing timing while keeping the exhaust valve closure timing fixed at
10 deg after top dead center �aTDC�. Two major cases were ex-
amined: �1� unequal energy input and �2� equal energy input. The

naturally aspirated cases resulted in unequal energy input due to
changes in volumetric efficiency. To conduct experiments with the
same supplied energy, the supplied energy was adjusted to com-
pensate for the decrease in the volumetric efficiency as the VOP
decreases. For each VOP, the fuel-air equivalence ratio is varied
from the lean limit of �=0.3 �step=0.1� at which stable operation
is ensured to a rich limit just before backfire occurs. The major
objective is to determine how backfire is controlled and to deter-
mine the behavior of overall engine performance with the change
in VOP. Most of the experiments are conducted at a fixed engine
speed of 1600 rpm for wide-open throttle �WOT�, and using mini-
mum spark advance for the best torque �MBT�. The test matrix is
summarized in Table 2.

Figure 5 shows examples of the pressure curves of in-cylinder
and inlet pipe when backfire occurs. In the figure, the trace in
Channel 2 displays the in-cylinder pressure curves for normal
combustion, for backfire occurrence, and for misfiring cycles due
to backfires. The trace in Channel 3 displays the pressure curve

Table 2 Test matrix

Experimental cases -Naturally aspirated
-Equal energy input

Fuel-air equivalence ratio 0.3−1.2 /step=0.1
Valve overlap period 0, 10, 20, 30, 40, 50
Engine speed 1600 rpm
Spark timing MBT

Fig. 4 Schematic of complete experimental system

Fig. 5 Histories of cylinder pressure and inlet pressure once backfire occurs
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for the inlet pipe as backfire occurs. This pressure information and
the detection of backfire noise are used to estimate whether back-
fire occurs or not �2,3,5–8�.

Results and Discussion

Cases of Unequal Energy Input. Figure 6 shows the backfire
limit �BFL� equivalence ratio as a function of VOP for the
hydrogen-fueled engine with external mixture injection. Here, the
BFL equivalence ratio is defined as the maximum equivalence
before backfire occurs �i.e., backfire occurs in the region above
the curve�. In the figure, as the VOP is reduced the BFL equiva-
lence ratio increases continuously. Backfire could be controlled by
limiting operation to equivalence ratios below the BFL value for
each VOP. For the case of a VOP of 0 deg CA �where the VOP is
zero�, the BFL equivalence ratio is about 53% higher than for the
case of a VOP of 30 deg CA where the maximum torque is ob-
tained �maximum torque is shown below in Fig. 7�. As mentioned
above, the fact that the BFL equivalence ratio is higher for smaller
VOP is caused by the decrease in the possibility of backflow of a
preignited flame. As is generally known, however, the volumetric
efficiency will be reduced for nonoptimum VOP values. So, the
control of backfire by changing the VOP may reduce engine

torque.
Figure 7 shows the brake torque as a function of VOP for a

range of equivalence ratios. The maximum torque for the
hydrogen-fueled engine with external mixture injection occurs for
specific values of the VOP, which is similar to a conventional
engine using gasoline. The torque decreases from the maximum
value due to the decrease in intake duration or the backflow of
fresh mixture. For these conditions, a VOP of 30 deg CA resulted
in the maximum torque. The torque decreased most for decreasing
the VOP compared with increasing the VOP based on the maxi-
mum torque for a VOP of 30 deg CA. This means that the volu-
metric efficiency is affected more by the reduction in the intake
duration than by the backflow of new mixture.

The above results are for naturally aspirated conditions with
unequal energy input. The overall gas and surface temperatures
are expected to vary for these conditions. Figure 8 shows the
maximum in-cylinder gas temperature as a function of the VOP
for a range of equivalence ratios. Here, the gas temperature in the
combustion chamber is determined by using the measured pres-
sure and the thermodynamic equation of state. In this figure, the
maximum temperature of the burned gas for the various VOP

Fig. 6 The BFL equivalence ratio as a function of the VOP at
1600 rpm for naturally aspirated cases „energy input not equal…

Fig. 7 Brake torque with respect to VOP for each fuel-air
equivalence ratio for naturally aspirated cases „not equal en-
ergy input…

Fig. 8 Maximum combustion temperatures as functions of the
VOP for each fuel-air equivalence ratio for naturally aspirated
cases „energy input not equal…

Fig. 9 The BFL equivalence ratio as a function of VOP for the
case where the energy input is equal to the case for a VOP of
30 deg CA
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varies as the equivalence ratio is changed. The maximum differ-
ence of temperature between a VOP of 30 deg CA �which repre-
sents the maximum torque� and a VOP of 0 deg CA �whose BFL
equivalence ratio is over �=1.0� is about 1000 K. This implies
that the higher BFL equivalence ratio for the smaller VOP may be
caused by the reduction in volumetric efficiency due to the de-
creased intake period.

In Fig. 6, the fact that the BFL equivalence ratio is reduced in
spite of a decrease in supplied energy when VOP is increased
more than VOP 30 deg CA demonstrates that the period to flow
backward is increased. The above results indicate that backfire
occurrence may be understood and controlled for cases where the
supply energy is kept constant.

Cases of Equal Energy Input. Figure 9 shows the BFL equiva-
lence ratio as a function of VOP for equal energy input �energy
input was equal to the case of VOP of 30 deg CA where the
maximum torque appears�. As shown, the BFL equivalence ratio
increases as the VOP is decreased from 30 deg CA. This is similar
to the results in Fig. 6 �for unequal energy input�, which show that
the volumetric efficiency changes as the VOP changes. For the

case of increasing VOP from 30 deg CA to 40 deg CA, however,
the BFL equivalence ratio has the opposite tendency and the BFL
equivalence ratio increases. These results may be due to the fact
that the counterflow possibility is decreased by the VOP decrease.
Details of this observation follow.

Figure 10 shows the intake flow rate pressure differential for
the laminar flow meter as functions of the VOP for the naturally
aspirated cases and for the supercharged �equal energy input�
cases. The intake flow rate pressure differential is represented by
the difference of the water height of the airflow meter for full load
with a speed of 1600 rpm. In the figure, similar to conventional
engines, for the naturally aspirated cases, the intake air flow rate
increases, reaches a maximum, and then decreases as the VOP
increases. For these conditions, the intake air pressure differential
is decreased by about 18% as the VOP is changed from 30 deg
CA to 0 deg CA. As a result of this intake air flow rate decrease,
the supplied energy is not constant. For the equal energy input
cases, on the other hand, the intake air pressure differential could
be kept at a constant value for all VOP values. In addition, the
combustion stability seemed little changed for all cases—probably
due to near constant mixture-mixing rate, flows in the cylinder,
and turbulence intensities.

Figure 11 shows the combustion duration for five VOP values
for the case of equal energy input �based on a VOP of 30 deg CA�.

Fig. 10 Manometer reading for inlet mass flow rate as func-
tions of VOP for naturally aspirated case „different supplied
energy… and supercharged case „compensated case; i.e., sup-
plied energy equal to the VOP of 30 deg CA case…

Fig. 11 Combustion duration as a function of VOP for supplied
energy equal to the VOP of 30 deg CA

Fig. 12 Total heat release as a function of VOP for four equiva-
lence ratios for supplied energy equal to the VOP of 30 deg CA

Fig. 13 In-cylinder pressure and heat release versus crank
angle for each VOP with compensation to a VOP of 30 deg CA
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Here, the flame development angle is between 0% and 5% of the
mass fraction burned and the rapid burning is between 5% and
95% of the mass fraction burned. In general, the combustion du-
ration depends on the mixing rate, in-cylinder flow, turbulent in-
tensity, and other items. For the same equivalence ratio, the com-
bustion duration with VOP change shows little difference. This is
because the change in VOP resulted in minimal variations of the
mixing duration, inertial forces, and flow patterns. Although the
combustion duration is nearly constant as the VOP changes, the
tendency of increasing BFL equivalence ratio as the VOP de-
creases �see Fig. 9� means that decreasing backfire is caused by a
reduction in the possibility of backflow of the flame into the in-
take system. Changes of the VOP, however, may change the igni-
tion ability of the fuel-air mixture, and the combustion speed,
because it changes the intake period, the inertia force of the gases,
and the flow patterns �14,15,18,19�. For example, for a VOP of
0 deg CA, an increase in the BFL equivalence ratio is possible.
Therefore, reducing the VOP has a high possibility for backfire
control. More studies are needed, however, to examine the funda-
mental mechanisms of backfire for a wide range of operating
conditions.

Figure 12 shows the total heat release as a function of VOP for
four equivalence ratios for cases with equal energy input. The
total heat release is nearly constant for the different VOP cases
even in spite of the same amount of supplied energy. The VOP
changes not only the intake duration but also the gas inertia force
and the flow pattern of the inlet mixture, which changes the ignit-
ability of the mixture and the combustion process. Recall �Fig. 9�
that the BFL equivalence ratio increased as VOP increased from
30 deg CA to 40 deg CA. Hence, the possibility to control the
backfire occurrence by decreasing VOP is complex, and more
detailed studies are necessary to understand how to control the
backfire mechanism for a variety of conditions.

Figure 13 shows the instantaneous in-cylinder pressure and heat
release rate as functions of crank angle for the cases with energy
compensation to the VOP of 30 deg CA. For the same experimen-
tal conditions of 1600 rpm, �=0.6, and MBT, the variation of
VOP affected the cylinder pressures and the heat release rates. It is
suspected that the fluctuation of the flow patterns and the energy
of flow charges that was caused by the change in VOP is the major
reason for these tendencies. Also, it is found that the rate of heat
release is higher at a VOP of 0 deg CA and a VOP of 10 deg CA
than that with the other VOP values because of the significant
increase in intake pressure due to supercharging.

Increase in Power by the Control of the Valve Overlap
Period. Although the heating value of hydrogen is about 2.7 times
higher than that of gasoline, the actual supplied energy of hydro-
gen is only about 85% compared to a gasoline engine due to the
displacement of air by the hydrogen gas �which has a high specific
volume�. Furthermore, maximum engine power is further reduced
by using lean mixtures for backfire control. So, research about
BFL extension of hydrogen-fueled engines with external mixture
injection has a secondary purpose: in addition to avoiding back-
fire, the possibility of increasing power. Figure 14 shows the brake
torque as functions of equivalence ratio for six VOP values. By
operating at specific VOP values according to each equivalence
ratio, the possibility of increasing power by extension of the BFL
equivalence ratio is demonstrated.

For the conditions of Fig. 14, the energy input is not equal. The
figure shows the increasing tendency of brake torque for each
VOP value with the increase in fuel-air equivalence ratio up to
stoichiometric. For an increase in the equivalence ratio from stoi-
chiometric to rich conditions, the brake torque decreases �refer to
the curves of VOP of 0 deg CA and 10 deg CA�. This result is
suspected to be due to the incomplete combustion of the H2-air
mixture for the rich mixtures. At these VOP values, though the

Fig. 14 Brake torque with increase in fuel-air equivalence ratio
and limitation of backfire occurrence ratio for naturally aspi-
rated cases „energy input not equal…

Fig. 15 Brake torque with increase in fuel-air equivalence ratio
for equal energy compensation to a VOP of 30 deg CA

Fig. 16 BTE as a function of fuel-air equivalence ratio for
equal energy compensation to a VOP of 30 deg CA
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BFL equivalence ratio increases significantly, the engine power is
found to be reduced by the decrease in the energy input or intake
air quantity. At the BFL equivalence ratio of each VOP value, in
fact, the power for the case of a VOP of 0 deg CA was about
13.1% less than that for the case of a VOP of 30 deg CA. The
tendency of these results may be explained that, for naturally as-
pirated methods, the increase in the BFL equivalence ratio by the
decrease in VOP has had an indirect effect on the diminution of
the engine power. Thus, it seems to be difficult to improve the
power in hydrogen-fueled engine with external mixture injection
by the effect of expanding backfire suppression according to VOP
change.

As a result of these findings, a supercharging method �16,17,20�
is suggested to improve the power of hydrogen-fueled engine with
external mixture injection at the above mentioned VOP values.
Normally, backfire still occurs as the supercharging approach is
employed. To avoid backfire, therefore, selecting the proper oper-
ating conditions with supercharging is important. In the next case,
the authors tried to estimate whether the engine power can be
increased by supercharging with the changes of VOP value in the
same energy input with the specific VOP that gives the maximum
power.

Figure 15 shows the brake torque as a function of fuel-air
equivalence ratio for five VOP values. In this case, the same en-
ergy input as used for the VOP case of 30 deg CA was used for all
VOP conditions. For cases such as this where the electric blower
as a supercharger was used, the reported torque is the gross value
�no subtraction for the supercharger�. This effect was estimated to
be insignificant. As shown, the torque is nearly independent of the
VOP for these conditions �also, see Fig. 10�.

As discussed above, the brake torque increases as the fuel-air
equivalence ratio increases toward stoichiometric, and then de-
creases as the fuel-air equivalence ratio becomes greater than
about 0.9. The same explanation as was used above for Fig. 16
applies here. Also, operating at a VOP of 10 deg CA gives the
maximum brake torque at around �=0.9. The maximum brake
torque at a VOP of 0 deg CA is slightly less than that of VOP
10 deg CA due to the change in flow pattern with the change in
VOP. The results show that both backfire control �which is ob-
tained from the VOP change� and maximizing power output �by
supercharging� can be obtained at the same time.

Figure 16 shows the brake thermal efficiency �BTE� as func-
tions of the fuel-air equivalence ratio for five values of the VOP
for the above conditions. As is well known, the thermal efficiency
for hydrogen engines is highest in the lean burn region where the
fuel-air equivalence ratio is between 0.4 and 0.5. This is because
the hydrogen gas has good lean burn combustibility and the low

burned gas temperatures reduce the relative importance of the
cylinder heat transfer �21�. The thermal efficiency for the fuel-air
equivalence ratio range of 0.4-0.5 is increased by around 39%
compared to the stoichiometric case. The thermal efficiency de-
creases slightly due to the VOP decrease for the equivalence ratios
associated with the maximum thermal efficiency. The amount of
this decrease, however, is much smaller than that due to the
equivalence ratio change.

Considering the above results, the power output improvement
of a hydrogen-fueled engine with external mixture injection is
enabled as the lean mixture raises the thermal efficiency and due
to the supercharging for the cases of reduced VOP.

Summary and Conclusions
To evaluate the possibility of controlling backfire by changing

the VOP, a hydrogen-fueled research engine with external mixture
injection and a MCVVT system has been developed. This engine
was used to determine the �BFL� equivalence ratio and basic en-
gine performance as functions of the VOP. The results of this
investigation may be summarized as follows:

• The hydrogen-fueled research engine with external mixture
injection using the MCVVT system was shown to have
similar performance to a conventional �fixed valve timing�
engine, and it was shown to be an effective mechanism for
changing the VOP during firing operation. This makes the
quantitative experimental results reliable and forms the basis
of the current study.

• Experiments were completed both for naturally aspirated
cases and for supercharged cases. The latter cases permitted
experiments with the same energy input for a range of
VOPs. These cases were necessary for equal energy input
since the mass of the intake charge decreased due to the
change in VOP.

• For the naturally aspirated �not equal energy input� cases,
the BFL equivalence ratio increased as the VOP shortened.
For the experimental conditions studied, the maximum BFL
equivalence ratio increased from 0.5 to 1.2 as the VOP de-
creased from 50 deg CA to 0 deg CA. These results show
that the change in VOP enables the control of backfire oc-
currence.

• Although the BFL equivalence ratio was increased due to
the decrease in VOP, the power decreased because the intake
air decreased. The power can be restored, however, with the
use of supercharging.

• For the cases of equal energy input, the BEL equivalence
ratio increased from 0.6 to 1.03 as the VOP decreased from

Fig. 17 Schematic of the MCVVT system
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30 deg CA to 0 deg CA. These results show that the change
in VOP for equal energy input provides backfire control and
maintains or improves engine performance.

• A method of controlling backfire by decreasing the VOP
while maintaining power was demonstrated. Only a limited
set of operating conditions was examined at this time. Fu-
ture work will consider other combinations of the operating
conditions to better define this approach, and will consider
the important aspect of nitric oxide emissions.

Appendix: The Operating Concept and Detail Structure
of the MCVVT System

Figure 17 shows the schematic of the MCVVT system. Valve
timing is adjusted by the change in the angle of camshaft ��� as
the VVT gear moves from Position 1 to Position 2 in the figure.
The belt length between tangential points of belt and timing gear
is not changed because when Timing Gear 1 moves from Position
1 to Position 2, the Timing Gear 2, which is installed on the
opposite side, moves from Position 1� to Position 2�. Based on
this principle, the relation between the rotating angle of the cam-
shaft and the displacement of the VVT gear is as follows:

A1B1 � A2B2 �A1�

A1B1 = A1A3 + A3B1 = X cos � + A3B1 �A2�

A2B2 = A4B1 +
�

360
��D1 − �D2� �A3�

where X is the displacement of the timing gear and � is the actual
attached angle of the MCVVT system. � and � are the phasing
angle of the camshaft and the phasing angle of the timing gear,
respectively. D1 and D2 are the diameters of the camshaft gear and
the timing gear, respectively.

From the above, the relation between the two angles is

X � 1.29� − 0.63� �A4�

The MCVVT is installed at the front of the two camshafts, and
possesses the ability to control valve timing continuously and in-
dependently. Figure 18 shows the main components of the
MCVVT system. The MCVVT system is composed of the driving
shaft that consists of right-hand thread and left-hand thread, two
timing gears �which can move in opposite directions�, one idle
gear, autotensioner, and the traverse device to move the timing
gear straight. By setting off the change in the timing belt tension,
the autotensioner maintains the tension of the timing belt due to
the moving of Timing Gear 1.
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Prediction of Combustion
Parameters, Performance, and
Emissions in Compressed Natural
Gas and Gasoline SI Engines
The simulation of heat release, flame propagation speeds, and pollutant formation was
carried out in both a turbocharged compressed natural gas (CNG) engine and a multi-
valve naturally aspirated bifuel engine running on either CNG or gasoline. The predic-
tive tool used for investigation is based on an enhanced fractal geometry concept of the
flame front, which is able to capture the modulation of turbulent to laminar burning speed
ratio throughout the overall combustion phase without introducing flame kernel growth
or burnout submodels. The prediction model was applied to a wide range of engine
speeds, loads, relative air-fuel ratios, and spark advances, and the obtained results were
compared to experimental data. These latter were extracted from measured in-cylinder
pressure by an advanced diagnostics technique that was previously developed by the
authors. The results confirmed a quite accurate prediction of burning speed even without
any kind of tuning, with respect to different currently available fractal as well as non-
fractal approaches for the simulation of flame-turbulence interaction. Furthermore, the
computational code proved to be capable of capturing the effects of fuel composition,
different combustion-chamber concepts, and operating conditions on engine performance
and emissions. �DOI: 10.1115/1.2943193�

Introduction

Renewed interest in SI engine combustion optimization and
model-based control strategies has been aroused by the need of
pollutant emission reduction and conversion efficiency increase
over the last years, thus stimulating considerable research and
development activities �1,2�. To achieve these objectives and also
to reduce the dependence of the transportation sector on oil sup-
plies, a broader use of alternative fuels, such as compressed natu-
ral gas �CNG�, hydrogen-CNG blends as well as biofuels, is fore-
casted in the short and medium term, particularly for urban
transportation �3–5�.

The development and optimization of advanced engine con-
cepts that are capable of simultaneously reducing pollutant emis-
sions and fuel consumption, as well as the need of fully exploiting
natural gas potential, require a better knowledge of basic combus-
tion processes taking place in IC engine chambers.

Accurate and fast computational tools for the simulation of
indicated-cycle performance parameters �6–17� are essential to
engine design and control, especially when the development of
advanced combustion systems is the main objective, involving a
significant number of variables to be optimized.

For achieving satisfactory predictive capability, simulation
codes require an accurate heat-release prediction, which, in turn,
involves the evaluation of in-cylinder turbulence generation and
flame-turbulence interaction. To that end, a major role is played
by the use of reliable flame propagation models in conjunction
with semiempirical correlations involving readily obtainable geo-
metrical and thermodynamical quantities.

With reference to operating conditions that are relevant to SI
engines fueled by conventional or alternative fuels, the task of

critically comparing in-cylinder flame propagation speeds as ob-
tained by different correlations and from experimental results has
recently been undertaken in Ref. �18�.

Present Work
Combustion modeling is a fundamental feature of engine simu-

lation codes. Its primary objective is to predict the rate of heat
release and hence the in-cylinder pressure evolution, which will
be employed for subsequent calculations. The key point of such a
design characteristic is the evaluation of the mass that is instanta-
neously entrained across the flame front. Basically, two ap-
proaches have been applied up to now in order to determine the
combustion evolution in SI engines. The first one consists in im-
posing a burn profile that approximates the almost S shape of
experimentally observed burn rates, i.e., the Wiebe function. The
main attractiveness of this is its completely straightforward appli-
cation, which does not require either any information about
combustion-chamber geometry or any evaluation of in-cylinder
turbulence intensity levels and flame-turbulence interaction. The
second approach, which was first proposed in Ref. �7�, determines
the rate of mixture burning through the calculation of both turbu-
lent flame speed and flame front area, according to the following
expression:

dxb =
1

m
�uAbfSb

d�

�
�1�

where m is the in-cylinder trapped mass, �u is the unburned-gas
density, Abf is the flame front area, Sb is the turbulent flame speed,
and � is the engine speed. The attractiveness of this latter proce-
dure is that the model is based on physical principles and can take
changes of combustion-chamber geometry, in-cylinder flow, mix-
ture properties, and spark timing into account. Besides, it can
provide spatial resolution about the instantaneous flame location
required for heat-transfer calculation. The approach in Ref. �7�
was further extended and refined in Refs. �8–12�, and was applied
for different studies in the SI engine field �13–17�.
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The present paper is concerned with the refinement and appli-
cation of the quasidimensional simulation model that was previ-
ously developed in Ref. �16�. The original burning speed model,
based on a fractal geometry concept �18�, was generalized and
embedded in the prediction code. It is capable of capturing the
modulation of turbulent- to laminar-flame speed ratio throughout
the overall combustion phase without introducing flame kernel
growth or burnout submodels.

The simulation of heat release, burning velocity, indicated-
cycle pressure in the closed-valve phase, and pollutant formation
was carried out both for a 1200 cc 8 V turbocharged �TC� CNG
engine and for a 2000 cc 16 V naturally aspirated �NA� bifuel
engine running on either gasoline or natural gas.

An insight is also given into the problem of modeling in-
cylinder turbulence, as the proper evaluation of the turbulence
level is required for an accurate computation of the turbulent
burning speed. The advantages and drawbacks of the widely used
K-k model of Poulos and Heywood �9� are discussed, when the
model is either coupled with the angular-momentum conservation
hypothesis �9,13� or includes a rather equivalent compression-
related source term �15,17�.

The predictive model was used for a wide range of engine
speeds �N=2000–5500 rpm�, loads �bmep=200–790 kPa for the
NA engine, and bmep=200–1400 kPa for the TC one�, relative
air-fuel ratios �RAFR=0.80–1.60�, spark advances �SA ranging
from an advance of 8 deg to a retard of 8 deg with respect to
MBT� and the related results were compared to experimental
based data. These latter were extracted from the measured in-
cylinder pressure through a previously developed advanced diag-
nostics technique �19�.

Combustion Simulation Model
The quasidimensional, multizone, predictive program was ex-

tensively discussed in Ref. �16�. The engine charge is split into the
unburned zone and the burned region, which in turn is divided
into additional zones. Each of these burned zones is generated at a
specified crank angle during combustion and no mixing is allowed
to occur between them, so that temperature gradients take place
across the chamber. As an example, Fig. 1 shows a schematic of
the 2000 cc 16 V NA engine, where the combustion-chamber vol-
ume is divided into the unburned-gas zone �Vu� and the burned-
gas region �Vb�, which is split in six zones. A number of burned
zones up to 10 were required for an accurate prediction of NO,
i.e., the most sensitive quantity to such parameter �19�.

Turbulent Flame Speed Submodel. As is well known, the
fractal approach to model turbulence-flame interaction is based on
both fractal and laminar flamelet concepts �18,20–22�, to represent
turbulent premixed flames.

In this work, the following generalized form of the relation to
calculate the Sb /SL ratio is proposed:

Sb

SL
= � �

�0
�n

� CL
�Abf

CL�hmin + Sp�	u�CL�hmin + Sp�
�


−3/4�
D−2

�2�

where Abf is the surface area of the burning front, D is the flame
front fractal dimension, hmin is the chamber clearance at TDC, n is
a modulation exponent, Sp is the instantaneous distance of the
piston crown from its TDC position, u� is the turbulence intensity,
and � is the kinematic viscosity of the unburned-mixture. CL is
expressed as a function of the engine speed in �16,18� and can be
considered of general application for the mentioned fuels.

As pointed out in Ref. �18�, an improved modulation of Sb /SL is
obtained by estimating the so-called outer cutoff length scale of
turbulence through the square root of the burning front area, and a
further improvement is given by the multiplier � /�0, which is
replaced by �� /�0�n in Eq. �2�. In Refs. �16,18�, the average
charge density �0 was evaluated at the end of the flame-
development interval ��0–1%. However, in the present work, it
was established that �0 has to be evaluated at a fixed crank angle,
which changes from one engine to another but, for a given engine,
keeps the same value at all the operating conditions. In particular,
such a selection has a sensibly positive effect on the variation of
Sb /SL modulation whenever a change in any engine operating
variable is introduced. The criteria to select the reference crank
angle for the evaluation of �0 will be discussed later on. It can be
stated that, in general, the advance of this crank angle with respect
to the combustion TDC decreases as the engine compression ratio
increases.

The exponent n was introduced in Eq. �2� in order to further
improve the Sb /SL modulation. As a matter of fact, although the
modulation given by �Abf and � /�0 is noticeable, an extensive
comparison between the experimental and numerical data showed
that a better fit can be obtained with n=1.25, for both engines.
Such a value of n is virtually independent of engine operating
conditions and most likely can be considered as a fixed quantity
for different engines.

Hence, different from other models �14,15�, Eq. �2� has virtu-
ally only one parameter that needs to be fitted for a specific en-
gine, i.e., the crank angle at which �0 should be evaluated.

In addition to the turbulence-flame interaction modeling, the
computation of Sb involves also the in-cylinder turbulence evalu-
ation. In the developed prediction tool, a turbulence model based
on the zero dimensional energy cascade from mean flow to vis-
cous eddy dissipation has been applied �9�. The ordinary differen-
tial equations for the temporal evolution of the mean flow kinetic
energy K�K=1 /2mU2� and of the turbulence kinetic energy k�k
=3 /2mu�2� can be written as follows:

dK

dt
=

1

2
ṁi�i

2 − P − K
ṁo

m
�3�

dk

dt
= P − m� − k

ṁo

m
�4�

where ��u�3 /Li is the dissipation rate of the turbulent kinetic
energy per unit mass, Li=V /�B2 /4 being the characteristic size of
large-scale eddies, subject to the restriction Li�B /2; m is the
in-cylinder mass; ṁi the mass-flow rate entering the cylinder with
a jet velocity �i, ṁo the mass-flow rate out of the cylinder, and P
the rate of turbulent kinetic energy production. This latter is pro-
vided by the following empirical relation:

Fig. 1 Burned „Vb… and unburned „Vu… region volumes in the
2000 cc 16 V engine combustion chamber
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P = 0.3307c	

K

Li
� k

m
�1/2

�5�

The turbulent dissipation constant c	 is adjusted to give the ex-
pected profiles of u� and U throughout the whole cycle �18�.

The numerical integration of Eqs. �3�–�5� is carried out from
IVO to SA. As soon as the combustion starts, the evolution of the
turbulence intensity and of its spatial integral scale is calculated
by assuming conservation of angular momentum for large-scale
eddies. This assumption requires that the following relations hold
after ignition:

Li

Li0
= ��u0

�u
�1/3

�6�

u�

u�0

= � �u

�u0
�1/3

�7�

In particular, it is worth pointing out that the accuracy of a
turbulent burning-speed model is considerably dependent on the
unburned-gas turbulence evolution during combustion, which is
normally thought to present a maximum near firing TDC �6,9,13�.
Although the magnitude of such a maximum is dependent on the
configurations of the combustion chamber and, to a lesser extent,
of the intake system, among other factors, its presence is generally
modeled by means of heuristic approaches that add turbulence
during compression and combustion. An example of such ap-
proaches is given by the conservation assumption of angular mo-
mentum, i.e., by Eqs. �6� and �7�. Recently, Eqs. �3� and �4� have
been modified as follows �15�:

dK

dt
=

1

2
ṁi�i

2 − P − K
ṁo

m
+ K

�̇

�
�8�

dk

dt
= P − m� − k

ṁo

m
+ k

�̇

�
�9�

The last terms in Eqs. �8� and �9� are compression-related terms,
which take the density variation in the cylinder throughout the
compression and expansion strokes into account. If such terms are
introduced in the K-k model equations, these have to be integrated
also through the combustion phase �15�. During the discussion of
the simulation results, a comparative insight will be provided into
these two almost equivalent approaches.

Laminar-Flame Speed Submodel. The above described turbu-
lent flame speed model is applied for evaluating the burning speed
increase due to the turbulent motion conditions that occur in the
engine combustion chamber. Therefore, a laminar-flame speed
model is required in order to calculate the absolute value of Sb
starting from the values of SL and Sb /SL ratio.

In the developed combustion simulation code, the laminar burn-
ing velocity is evaluated by means of the following power law
correlation �6,22,23�:

SL = SL,0�Tu

T0
�
� p

p0
�	

�1 − 1.5xres� �10�

in which T0=298 K and p0=1 atm are reference temperature and
pressure; SL,0, 
, and 	 are constant values for a given fuel and
RAFR. The reduction of SL that is caused by the presence of
residual burned gas in the unburned cylinder charge is taken by
the factor �1–1.5xres� into account. In reality, 
 and 	 are inde-
pendent of the fuel type within the estimated experimental error
and can be expressed by �6,22�


 = 2.18 − 0.8� 1

RAFR
− 1� �11�

	 = − 0.16 + 0.22� 1

RAFR
− 1� �12�

The reference velocity SL,0 is a function of the fuel type. For
gasoline, it can be fitted by a second-order polynomial of the form
�6�

SL,0 = 0.305 − 0.549� 1

RAFR
− 1.21�2

�13�

where SL,0 is given in m/s. With reference to CNG operations, this
equation is not adequate �6� and therefore the following correla-
tion was used �23,24�:

SL,0 = 0.369 − 2.10� 1

RAFR
− 1.12�2

− 3.35� 1

RAFR
− 1.13�3

�14�

Initial Conditions. For starting the combustion calculation, the
model requires pressure, temperature, and chemical composition
of the charge at spark timing, as well as the xb value of the first
ignited mass.

The charge is taken to be a homogeneous mixture of air, fuel,
and residual gas. For the given fuel, the air-fuel ratio is set to its
measured value and the residual-fuel ratio is estimated by the
procedure referred to in Ref. �6�. Hence, from experimental or
thermodynamically evaluated conditions at IVC, the simulation
program applies the energy conservation equation for the whole
unburned-gas charge and calculates pressure and temperature at
each crank angle until spark discharge occurs �16�.

The flame kernel growth following spark discharge, i.e., the
process during which the energy release is so small that the com-
bustion effect on pressure rise is negligible, depends on several
random variables whose prediction is a very challenging task.
Hence, the flame kernel growth was not modeled in the code, but
global effects were considered by means of a lumped parameter,
i.e., the crank-angle interval ��0–1% between SA and the angle at
which 1% of the cylinder mass has burned. More specifically,
��0–1% was determined according to the following quite general
correlation �25�:

��0–1% = a�1 + b�RAFR − RAFR0�2�pSA
−c exp�d/Tu,SA� �15�

in which the coefficients a, b, c, and d were experimentally evalu-
ated for each fuel as is detailed in Ref. �25�, resulting almost the
same for the two considered engines, RAFR0 is the relative air-
fuel ratio at which SL has a peak, pSA and Tu,SA are the pressure
and unburned-gas temperature, respectively, at spark timing.

In order to correctly initialize the calculation, it is necessary to
have not only information about the interval ��0–1%, but also a
reliable estimation of the related burned-gas temperature and vol-
ume. For this reason, the energy conservation equation has to be
applied also during the flame-development interval, in which an
appropriate osculating polynomial of the actual burned-gas mass
fraction evolution is postulated.

From a theoretical point of view, the proposed fractal model is
capable of capturing physical phenomena in the early phase of
flame propagation, because it can extrapolate an Sb /SL value of
nearly unity as the burning flame-front radius rbf approaches 0,
according to the flame propagation theory �16,18�. Therefore, it is
possible to apply the fractal model starting before the �1% crank
angle. In particular, one can start the model application when, say,
xb=0.1%. However, as will be examined further on, better results
can generally be obtained if such xb threshold is set to 1%.

Test Engines and Experimental Setup
As already mentioned, the model prediction capability was

evaluated with reference to two different engines, for which the
experimental data on performance and emissions were available.
The first engine was a NA, multivalve �i.e., 16 V�, variable intake
system �VIS�, bifuel �gasoline—CNG� engine, with a pent-roof
type combustion chamber and tumble inducing inlet ports �26�.
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The second engine was a prototype downsized TC CNG engine
��27��. Main engine specifications are reported in Table 1.

The engines were operated on a test bench that had been pre-
viously installed and instrumented in a soundproof hall for typical
engine dynamometric measurements. More specifically, the test
rig was equipped with a “Borghi and Saveri” eddy-current dyna-
mometer, a “Degussa-Hartmann and Braun” hot-film air-mass
sensor within the induction system, two “MicroMotion” Coriolis
mass-flow meters installed in the fuel distribution pipes for mea-
surements of gasoline and CNG consumption, and a “Fisher-
Rosemount” exhaust-gas analyzer, which can measure the levels
of THC, MHC, NOx, CO, CO2, and O2 in the exhaust gases of
engines running on gasoline, diesel, or alternative fuel �such as
LPG and CNG�. All measurement instruments were connected to
a PC based “National Instruments” data-acquisition system, which
allowed simultaneous measurement of the major engine working
parameters. These included torque, crankshaft angular speed, flow
rates, pressures, temperatures as well as exhaust emissions. A
high-frequency acquisition card enabled measurements of in-
cylinder pressure time histories to be recorded over the whole
engine cycle.

Results and Discussion
The generalized combustion simulation model was applied to

the prediction of combustion related quantities in the specified
engines, within a wide range of loads �bmep=200–790 kPa, for
the NA engine, and 200–1400 kPa for the TC engine�, crankshaft
speeds �N=2000–4600 rpm�, relative air-fuel ratios �RAFR
=0.80–1.60�, and spark advances �SA in the range from 8 deg of
retard to 8 deg of advance with reference to MBT�, under gasoline
and CNG operations. The prediction model results were then com-
pared to the experimental data �23,27,28� drawn from in-cylinder
pressure time histories through the diagnostic tool developed in
Ref. �19�. The pressure data, which were acquired by a high pre-
cision cooled piezoelectric transducer, presented an uncertainty of
�0.5%.

The distributions of U and u�, as average values throughout the
cylinder volume, were calculated by Eqs. �3�–�7�. The bell-like
trend of the average turbulence intensity after the combustion on-
set �16� is mainly due to tumble or to squish effect �29�, although
it is obtained by a phenomenological approach in the K-k model.
With regard to the value of c	 in Eq. �5�, experimental turbulence
data close to TDC ��=360 deg�, taken in a motored engine �29�,
were in fair agreement with calculated levels if the value c	
=3.0 was employed. Therefore, in the following results, such a
value of c	 was used to calculate the turbulence intensity distri-
butions. Concerning the K-k model implementation through Eqs.
�8� and �9�, the determined turbulence intensity profiles are quite
similar to those provided by Eqs. �3�–�7�, because the term �̇ /�
plays an important role only in the last compression and early
expansion stages, where it has a similar effect to the application of
the angular-momentum conservation hypothesis.

The comparison of theoretical and experimental results that fol-
lows is aimed at showing the performance and assessing the ca-
pability of the quasidimensional multizone combustion simulation

code �16� in predicting burning speeds, indicated-cycle pressure in
the closed-valve phase, and operation variable effects on perfor-
mance and emissions of CNG and gasoline SI engines under a
wide range of working conditions. More specifically, it was in-
tended to show the robustness and the generality of the Sb /SL
fractal formulation given by Eq. �2�. In this expression, the nu-
merical value of n is 1.25, and CL is given in Ref. �16� for each
fuel as a function of engine speed, independent of engine configu-
ration, while the reference crank angle �0 for the evaluation of �0
takes the values of 345 deg, in the case of the 2000 cc 16 V NA
engine and 338 deg for the 1200 cc 8 V TC engine. Each of these
�0 values kept constant for the corresponding engine at all of the
operating conditions. As stated above, �0 is a model parameters,
which has to be tuned in order to obtain the best measurement-
prediction data fit, because it exerts the main influence on the
Sb /SL modulation.1

Figure 2 shows the experimental �diamond symbols� and the
predicted �lines� distributions of Sb /SL for the 2000 cc 16 V NA
engine, as functions of crank angle, at different engine loads, for
gasoline �left column� and CNG �right column� fueling. It is worth
pointing out that, for the medium range of speeds and loads, the
model outcome did not show any sensible dependence on �0 and
n. The generally good agreement between the predicted and ex-
perimental results in Fig. 2 clearly shows the capability of the
model, Eq. �2�, to describe the flame-turbulence interaction in the
overall flame propagation interval, from the development to the
extinction of the flame. Furthermore, as can be inferred from this
figure, Eq. �2� can extrapolate a value of Sb /SL that is nearly equal
to 1 as rbf approaches zero, in agreement with the flame propaga-
tion theory �16,18�.

Figures 3 and 4 show an extensive overview of the model per-
formance, when applied to both of the considered engines, by
means of the comparison between the experimental �solid dots�
and the computed �lines� maximum values of the in-cylinder pres-
sure �pmax�, heat-release rate �HRRmax� as well as turbulent com-
bustion velocity �Sb,max�. Each value of the abscissa in the graphs
corresponds to a different engine condition and the roman num-
bers designate specific experiment sets, in which a sweep of a
single engine relevant operating variable is carried out. The sweep
specifications are reported in Table 2, for the 2000 cc 16 V NA
engine and in Table 3, for the 2000 cc 8 V TC engine. In both
figures, the simulation results are reported for two calibrations of
the model: “Baseline calibration” �dotted line�, in which all of the
model constants were set to the same unfitted values for both
engines, and “Refined calibration” �solid line�, featuring specific
constant values which can differ from one engine to the other.

The comparison of “Baseline calibration” to “Experimental”
results in Figs. 3 and 4 shows that the model has an acceptable
degree of accuracy even without any sort of tuning. This further
substantiate the physical consistency of the model, in particular, of
the characteristic length �Abf in the definition of turbulence outer

1The modulation of Sb /SL is defined as �Sb /SL,max /Sb /SL,min−1��100%.

Table 1 Main engine specifications

2000 cc 16 V NA 1200 cc 8 V TC

Cycle Otto, four stroke Otto, four stroke
Cylinder number 4, in-line 4, in-line
Bore 84 mm 70.4 mm
Stroke 90 mm 78.8 mm
Compression ratio 10.35 10.1
Displacement 1995 cm3 1242 cm3

Distribution two OHC, four valves per cylinder one OHC, two valves per cylinder
Air induction NA, VIS Turbocharger controlled by waste-gate valve, intercooler
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cutoff length scale �o �18�, to consider the reduction of the flame
front wrinkling when its dimensions are comparable to those of
turbulence eddies, and also of the term � /�0 to take the reduced
species and heat transfer across the flame front into account, at
low in-cylinder densities. However, the accuracy of the model can
be improved if a careful calibration is made, based on experimen-
tal data, as the “Refined calibration” results show.

Figures 5–8 report a sample of distributions of experimental
�diamond symbols� and predicted �lines� pressure �upper rows�,
turbulent burning velocity �middle rows�, and heat-release rate
�lower rows�. These distributions are extracted from the related
sweeps in Table 2 �2000 cc 16 V NA engine� and in Table 3
�1200 cc 8 V TC engine� by means of the refined calibration,
further substantiating the accuracy of the model. Actually, not
only the predicted pmax, Sb,max, and HRRmax values �taken as in-
dices of the combustion sensitivity to changes in engine operation
variables� are in generally good agreement with the experimental
results, but also the distributions of p, Sb, and HRR versus crank
angle show a strong similarity to experimental data. In particular,
the crank-angle positions of the selected quantity maximum val-
ues are in close agreement with these data.

Finally, Fig. 9 reports the exhaust amounts of NO �upper row�
and of CO �lower row�, as functions of the relative air-fuel ratio
for the indicated engine working conditions under gasoline �left

column� and CNG �right column� operations. The engine opera-
tion with natural gas was extended to leaner mixtures with respect
to those considered for gasoline, owing to the practically greater
interest for lean-burn combustion in CNG engines. The measured
�empty squares� emission levels are compared to the concentra-
tions that were determined through the diagnostic tool �empty
triangles� and to those predicted by the simulation code �empty
diamonds�. Trend lines are reported for each distribution in the
graphs. Basically, a good agreement among the measured, diag-
nosed, and predicted NO and CO distributions was found for both
fuels at all RAFR values, denoting a good estimation of the in-
chamber thermodynamic conditions and the pollutant submodel
capability of correctly capturing NO and CO formation mecha-
nisms. With regard to the exhaust NO concentration, the small
discrepancies that may occur between predicted/diagnosed and
measured distributions are consistent with minor uncertainties
�
10 K� in the predicted peak burned-gas temperatures. As far as
CO exhaust levels are concerned �Figs. 9�c� and 9�d��, the predic-
tive and diagnostic models slightly underestimate the measured
CO levels. This can be ascribed to the fact that CO deriving from
HC oxidation and local air-fuel ratio inhomogeneities, which can
be present in the real engine, were not taken into account, CO
emissions being sensibly dependent on local RAFR.

2000cc 16V NA – N = 3300 rpm – RAFR = 1.0 – MBT Timing
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Fig. 2 Distributions of experimental and predicted Sb /SL, for gasoline „left column… and CNG „right column… fueling
under different engine loads, at the indicated operating conditions
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Model Calibration Settings. As stated above, the baseline cali-
bration and the refined calibration results were obtained by means
of distinct settings for different aspects of the model. The influ-
ence of these settings will be discussed one by one in what
follows.

The first aspect to be considered concerns the crank angle of the
switch from the imposed flame-kernel-growth profile to the appli-
cation of the turbulent burning speed model. As mentioned, the
development of the early flame kernel following the spark dis-
charge was not modeled, because of the numerous random vari-
ables involved, but an osculating polynomial was applied for the
evolution profile of the burned mass fraction over the flame de-
velopment interval ��0–1% given by Eq. �15�. For the physical
consistency of Eq. �2� outcomes up to tiny flame sizes, one may

expect to apply this equation from the early stage of the flame-
development interval. In effect, correlations similar to Eq. �15�
can be derived for different intervals. However, no correlation was
developed for a small interval such as ��0–0.1%, because this is
very sensitive to cycle-by-cycle variations. Hence, the interval
��0–1% was selected, also because it is the widely used “flame-
development angle” in the literature. Therefore, in the refined cali-
bration approach, the switch from the polyinomial xb profile to the
use of Eq. �2� was made at the crank angle �1% for which xb

=1%. In the baseline calibration, such a shift was set at the crank
angle �0.1% for which the polynomial distribution of xb in ��0–1%

gave xb=0.1%. The acceptable results that were obtained showed
the small influence of this setting.
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The coefficient CL, taking the wrinkling effect of turbulence on
flame front in Eq. �2�, is expressed for each fuel as a function of
the engine speed in Ref. �16�, consistent with the dependence of
turbulence on N, and can be considered of general application, as
it was found to be almost independent of the engine.

The crank angle at which �0 in Eq. �2� should be evaluated is a
key point in the model tuning process. Actually, this crank angle,
together with the exponent n of � /�0 in Eq. �2�, influences the
predicted Sb /SL modulation, and can generally improve it in a
wide range of working conditions. The crank angle to evaluate �0
in the baseline calibration was the �1% angle, whereas in the re-

fined calibration approach, it was a fixed crank angle for a specific
engine, being different from one engine to the other. An effective
way of choosing the crank angle to evaluate �0 can be the follow-
ing. At fixed engine speed and RAFR values, and at MBT timing,
a sweep of bmep should be taken as a reference set of experi-
ments. More precisely, for the 2000 cc 16 V NA engine the
Sweep I was selected �Table 2, Fig. 3�, whereas the Sweep IX was
taken for the 1200 cc 8 V TC engine �Table 3, Fig. 4�. The crank
angle for �0 is the one giving the best agreement between the
experimental and numerical pmax, HRRmax, and Sb,max values and
the best trend reproduction from one test case to the other. In

Table 2 Summary of test cases for the 2000 cc 16 V NA engine

Sweep
No. Fuel

bmep
�kPa�

N
�rpm� RAFR

SA
�CA deg�MBT�

I �bmep� Gasoline 200, 440, 620, 790 3300 1.0 0
II �bmep� CNG 200, 440, 620, 790 3300 1.0 0

III �N� Gasoline 440 2000, 2500, 3300, 4000, 4600 1.0 0
IV �N� CNG 440 2000, 2500, 3300, 4000, 4600 1.0 0

V �RAFR� Gasoline 440 4600 0.8, 1.0, 1.3 0
VI �RAFR� CNG 440 4600 0.8, 1.0, 1.3, 1.6 0

VII �SA� Gasoline 440 4600 1.0 −8,−2, 0, 2
VIII �SA� CNG 440 4600 1.0 −8,−2, 0, 2, 8

Table 3 Summary of test cases for the 1200 cc 8 V TC engine

Sweep
No. Fuel

bmep
�kPa�

N
�rpm� RAFR

SA
�CA deg�MBT�

IX �bmep� Methane 200, 400, 600, 800, 1000, 1200, 1400 3000 1.0 0
X �RAFR� Methane 800 3000 1.0, 1.1, 1.25 0
XI �RAFR� CNG 600 2000 0.8, 1.0, 1.3, 1.5 0

XII �SA� Methane 800 3000 1.0 6, 3, 0, −3, −6
XIII �N� CNG 440 2000, 2600, 3300 1.0 0

2000cc 16V NA – Gasoline – bmep=440 kPa – RAFR = 1.0 – MBT Timing – Sweep III (N)
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Fig. 5 Distributions of experimental and predicted combustion-related quantities for different engine speeds
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particular, the experimental HRRmax trend in Sweeps I and IX is
better reproduced, on average, by refined calibration settings
rather than by those of the baseline calibration.

The reference angle that is chosen in this way can be kept
constant for all the engine working conditions, and a generally
good agreement between the numerical and experimental quanti-

2000cc 16V NA – CNG – bmep=440 kPa – RAFR = 1.0 – MBT Timing – Sweep IV (N)
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Fig. 6 Distributions of experimental and predicted combustion-related quantities for different engine speeds

2000cc 16V NA–4600 rpm–CNG–bmep=440 kPa@RAFR=1.0 – fixed throttle
MBT Timing – Sweep VI (RAFR)
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Fig. 7 Distributions of experimental and predicted combustion-related quantities for different A /F ratios
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ties will be obtained, as can be seen in Figs. 3 and 4.
The exponent n further influences the modulation of Sb /SL,

although it is less important than the examined reference angle for
�0 evaluation. Based on the comparison between the prediction

and measurement data, over the large number of test cases in
Tables 2 and 3, it was ascertained that the value n=1.25 works
well for both engines. Hence, the exponent n can most likely be
considered as a fixed parameter for different engines and fuels.

1200cc 8V TC – 3000 rpm – Methane – RAFR = 1.0 – MBT Timing – Sweep IX (bmep)
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Fig. 8 Distributions of experimental and predicted combustion-related quantities for different bmep values

2000cc 16V NA – N = 4600 rpm – bmep = 440 kPa @ RAFR = 1.00 – fixed throttle – MBT Timing
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Fig. 9 Measured, diagnosed, and predicted exhaust NO „upper row… and CO „lower row… concen-
trations at the indicated operating conditions for gasoline „left column… and CNG „right column…
fueling
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Conclusion
A generalized turbulent burning-speed equation, based on a

novel fractal formulation, was applied to the predictive study of
an NA bifuel �gasoline and CNG� and a downsized TC CNG SI
engines in a significant range of operating conditions.

The prediction and experimental results showed a generally
good agreement in the study of the effect of operation variables on
engine performance and emissions, with specific reference to
indicated-cycle pressure, combustion quantities, and NO as well
as CO emissions, substantiating the effective model applicability
for SI engine design and combustion control.

Two sets of numerical results were presented to assess the ro-
bustness of the proposed analytical relation for the combustion
speed. These are the baseline calibration results, in which all the
model parameters to set were given untuned values for both en-
gines, and the refined calibration results, presenting some specific
choices for each test engine.

Main conclusions of the present assessment can be summarized
as follows:

• The simulation tool showed a good accuracy level even
without any sort of tuning. This supports the physical con-
sistency of the model, in particular, the correctness of both
length �Abf introduction in the definition of the turbulence
outer cutoff length scale �o to account for the decreased
wrinkling of flame front when its dimensions are compa-
rable to those of turbulence eddies and of the term �� /�0�n

to account for the reduced species and heat transfer across
the flame front when the in-cylinder gas density is low.

• The crank angle �0 at which the �0 term is evaluated in the
Sb /SL analytical expression is the only parameter that should
be set for a specific engine, virtually independent of fueling
and operating conditions. Such a crank angle influences the
predicted modulation of Sb /SL, and can sensibly improve
this. An effective way of choosing the angle for �0 evalua-
tion was proposed, based on a bmep sweep as a starting set
of experiments.

• Finally, the NO and CO results from both the diagnostic and
the predictive models showed an accurate estimation of the
in-chamber gas thermodynamic state and also their capabil-
ity of correctly capturing the pollutant formation mecha-
nisms. Nevertheless, the slight underestimation of CO ex-
haust concentration levels that is shown by both diagnosed
and predicted distributions with respect to the measured data
can be ascribed to the disregard of local air-fuel ratio inho-
mogeneities, which can be found in real engine operation
instead.
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Nomenclature
A 
 surface area
B 
 bore

bmep 
 brake mean effective pressure
CL 
 coefficient for tuning the turbulence outer cut-

off length scale
c	 
 turbulent dissipation constant

hmin 
 clearance height at TDC
HRR 
 heat-release rate
IVO 
 intake valve opening

k 
 turbulent kinetic energy
K 
 mean flow kinetic energy
Li 
 turbulence integral length scale
m 
 mass

MBT 
 maximum brake torque

N 
 engine angular speed
p 
 in-cylinder pressure
P 
 rate of turbulent kinetic energy production
r 
 radius

rpm 
 revolutions per minute
Sb 
 turbulent burning speed
SL 
 laminar burning speed
Sp 
 piston shift from TDC position

SFF 
 spherical flame front
t 
 time

T 
 temperature
u� 
 average charge turbulent intensity
U 
 average charge velocity

UP 
 mean piston speed
V 
 volume
x 
 mass fraction

��0–0.1% 
 crank-angle interval from SA to xb=0.1%
��0–1% 
 crank-angle interval from SA to xb=1%

� 
 rate of turbulent kinetic energy dissipation
�o 
 turbulence outer cutoff length scale
� 
 velocity, kinematic viscosity
� 
 crank angle
� 
 density
� 
 engine angular speed

Subscripts and Superscripts
0 
 reference
b 
 burned, burning

bf 
 burning front
i 
 inlet jet flow

L 
 laminar
max 
 maximum

n 
 modulation exponent
o 
 out, outer

res 
 residual burned gas
SA 
 spark advance or spark timing

u 
 unburned
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Investigation of Mixture
Preparation Effects on Gasoline
HCCI Combustion Aided by
Measurements of Wall Heat Flux
Expanding the range of HCCI operation will be critical for maximizing the fuel economy
benefits in future vehicle applications. The mixture stratification, both thermal and com-
positional, can have very tangible impact on HCCI combustion, and gaining a deeper
insight into these effects is critical for expanding the HCCI range of operation. This
paper presents results of the comprehensive experimental investigation of the mixture
preparation effects on a single-cylinder gasoline HCCI engine with exhaust reinduction.
The effects include the type of mixture preparation (external mixing versus direct injec-
tion), charge motion, and injection timing. A combination of pressure-based combustion
diagnostics, emission analysis, and heat flux measurements on the combustion chamber
wall quantifies the effects on combustion and provides insight into reasons for observed
engine behavior. As an example, the instantaneous temperature and heat flux measure-
ments show the fuel impingement locations and allow assessing the fuel film dynamics
and their effect on mixture stratification. The effects of direct injection and partial closing
of the swirl control valve are relatively small compared with extending the injection
timing late into the intake process or completely closing the swirl control valve and
allowing charge storage in the intake port. �DOI: 10.1115/1.2943194�

Keywords: HCCI, mixture preparation, surface heat flux

Introduction

The main advantage of gasoline-fueled HCCI is improving the
part load thermal efficiency while keeping the NOx and soot emis-
sions at negligible levels. The primary mechanisms for improving
part load fuel efficiency are relatively high compression ratio
�CR� and lean and unthrottled operation. The load is adjusted by
changing the fueling rate rather than the mass of premixed charge.
The challenges are related to the difficulty in controlling combus-
tion without a direct trigger for ignition and a limited range of
HCCI operation. The load range is limited by the misfire limit at
the low end and knock limit at the high end. Therefore, the future
practical implementation will likely be a dual-mode engine, oper-
ating in the HCCI mode at part load and switching to SI at higher
loads. Insight into possible mechanisms for controlling HCCI
burn rates is critical for expanding the HCCI range and improving
vehicle fuel economy. As an example, several recent publications
demonstrated utilizing charge stratification in the cylinder to con-

trol the HCCI burn rate �1–5�. Charge stratification includes ther-
mal �charge gas temperature� and chemical �local equivalence ra-
tio� inhomogeneity.

In the case of direct injection �DI�, the timing of injection can
have a strong impact through variations of impingement patterns
and time scales for mixing. The freedom of fuel mixing offers
very rapid adjustments of fueling and helps manage load/speed
transients and combustion mode switching. Homogeneous envi-
ronment in the cylinder can be achieved by injecting fuel very
early in the intake process. A previous study in the literature �6�
shows that iso-octane injection directly into the cylinder very
early can generate engine behavior that matches premixed opera-
tion with port fuel injection. The variations of injection timing can
provide optimized fuel stratification if so desired in a “pure”
HCCI engine with high CR. On the other hand, in-cylinder envi-
ronment in the engine with reinduction of the residual and a swirl-
generating port is more complex, hence part of the motivation for
this study.

Another important parameter in mixture preparation is the flow
motion in the cylinder. Any means of intensifying and/or organiz-
ing charge motion in the cylinder will have an effect on mixture
preparation. In fact, the effect differs significantly from the con-
ventional SI combustion where turbulence has a very direct im-
pact on flame propagation. The macroeffect is the consequence of
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flow-spray interactions, while the turbulence intensity has the po-
tential to impact heat and mass transfer. The magnitude of the
charge motion effect on the HCCI combustion is still an open
question due to conflicting reports in published literature �7–12�.
Since the HCCI combustion is governed by chemical kinetics
rather than flame propagation, Najt and Foster argued that there is
no sufficient time for the effect of turbulence �7�. Aceves et al.
suggested that in the case of a truly homogeneous CI engine there
can be only an indirect effect on combustion through the tempera-
ture distribution in the boundary layer �8,9�. A very different point
of view is that reactions could be partly controlled by the breakup
of turbulent eddies �11,12�. We intend to quantify this effect in a
single-cylinder engine with a tangential port and a swirl control
valve �SCV� that allows adjustments of the flow restriction in the
secondary intake port. The heat flux measurements will help with
assessments of the spray-charge flow interactions and evaluation
of the possible impact of flow intensity on heat transfer.

The paper is organized as follows. The experimental engine
setup is described in the next section. This is followed by a de-
scription of the methodology for local surface temperature and
heat flux measurements and error analysis. The analysis of results
starts with the comparison of the external mixture preparation
method �i.e., a fully premixed �FP� case� and DI. Subsequent
study addresses the effect of injection timing in a DI case and
discusses the level of stratification and its impact on combustion
and emissions. In both cases the local heat flux measurements
shed light on wall impingement and spatial variations in the com-
bustion chamber. Finally, the effect of intake charge motion is
explored via testing the engine with different SCV setting. The
paper ends with conclusions.

Experimental Engine Setup
Figure 1 shows schematics of single-cylinder test setup. A GM

prototype, pent-roof shape cylinder head is designed specially for
this experiment. The basic shape of the combustion chamber is
similar to a typical modern four-valve cylinder head, but the head
has a machined sleeve for installation of the fuel injector on the
side and specially shaped intake ports �Fig. 1�a��. An exhaust
rebreathing strategy is applied to provide the necessary internal
residual fraction for HCCI combustion control. This involves the
exhaust valves opening for a second time during the intake stroke
via an additional lobe on the exhaust cam. During this period, hot

exhaust residual gas is drawn back into the cylinder to help with
ignition during HCCI operation. The hot residual affects autoigni-
tion and combustion via a thermal and chemical effect. The ex-
haust back pressure is maintained at the level close to ambient
pressure by controlling the gate valve shown in Fig. 1�b�. Table 1
summarizes engine specifications.

One of the intake ports has a tangential orientation and is in-
tended to produce organized swirling motion, while the other con-
tains a SCV installed �180 mm upstream from the valve seat.
Exhaust gas is sampled at the exhaust plenum and gaseous ana-
lyzers measure concentrations of HC, NOx, CO, CO2, and O2,
thus allowing calculation of engine-out air/fuel ratio and combus-
tion efficiency. The high-pressure fuel delivery system is based on
a bladder-type accumulator. A bladder containing fuel is in a ves-
sel pressurized by nitrogen. Regulating the pressure of N2 allows
control of the fuel injection pressure. The fuel delivery line is split
so that fuel can be introduced in an injector in the cylinder head
for DI or the injector in the vaporizer for a FP operation. Both
injectors are identical designs, the typical swirl spray type. In case
of DI, the fuel rail pressure is set at 10 MPa.

The fuel vaporizer consists of a 320 cm3 aluminum chamber
surrounded by a 750 W electric band heater to maintain the inner
surface temperature at �220°C, sufficiently high to fully boil
gasoline at 100 kPa. The vaporizer air intake is positioned above
the main throttle valve �see Fig. 1�, thus ensuring the pressure
drop required for the desired air flow. The air flow is large enough
to prevent condensation in cold spots and stable operation, and yet
small enough to keep the mixture well outside of the flammable
limit. The residence time of fuel in the vaporizer has been esti-
mated at five engine cycles. Vaporized fuel and air are routed to
the intake runner upstream of the plenum to ensure complete mix-
ing. Mixture temperature is controlled by the electric heater lo-
cated upstream of the intake plenum.

A piezoelectric pressure transducer measures the pressure trace
in the cylinder with a 0.5 deg crank-angle �CA� resolution. A
flame shield is installed in front of the transducer tip to avoid
thermal shock, and 200 consecutive cycles are recorded and aver-
aged at any given condition. The heat release analysis is per-
formed based on the average in-cylinder pressure trace. In-house
developed single-zone heat release model described in Chang et
al. �13� is used for the analysis. The results of heat release analysis
provide the crank-angle resolved net energy release rate, as well
as the cumulative energy release.

Local Wall Temperature and Heat Flux Measurement
As shown in Fig. 2�a�, a total of nine heat flux probes, includ-

ing two probes in the cylinder head and seven probes in the piston
�four inside the piston bowl and three at the periphery�, are in-
stalled to measure local instantaneous temperature and heat flux

Fig. 1 Schematic of the HCCI engine setup

Table 1 Engine specifications

Engine type Four valves, single cylinder
Bore/stroke 86.0 /94.6 mm
Displacement 0.549 l
Connecting rod length 152.2 mm
Compression ratio 12.5
IVO/IVCa 346 deg /592 degb

Main EVO/EVCc 130 deg /368 degb

Second EVO/EVC 394 deg /531 degb

Fuel type Gasoline �H /C=1.898�
RON/MONd 90.8 /83.4
Specific gravity 0.7373
Low heat value 44.37 MJ /kg

aIntake valve open/intake valve close.
b0 deg CA is assigned to TDC combustion.
cExhaust valve open/exhaust valve close.
dResearch octane number/motor octane number.
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variations. Measurement locations on the cylinder head are dic-
tated by available space for installing special sleeves for mounting
fast-response thermocouple probes. However, locations on the pis-
ton top are strategically chosen to provide complete insight into
spatial variation of instantaneous heat flux due to local combus-
tion difference or possible thermal stratification. A mechanical te-
lemetry system is used for conveying signals from the moving
piston and connecting rod. Figure 2�b� shows a picture of the
in-house designed grasshopper linkage, made of aluminum, prior
to installation. Special electrical connectors with a total of 28 pins
are custom built for the big end of the connecting rod to allow
easy installation and disassembly while ensuring reliable trans-
mission of signals. From the fast-response surface thermocouple,
local surface temperature can be measured at each 0.5 deg CA
resolution. Temperature at 4 mm backside from the surface junc-
tion is also measured to calculate steady heat flux even though it is
very much smaller than the transient portion. With the surface and
backside temperature result, total heat flux can be obtained by
applying transient heat conduction equation and using the fast
Fourier transform to solve it. Detailed methodology and validation
are mentioned in author’s previous papers �13–15�.

Results: Mixture Preparation Effects Related to Fuel
Injection

Analysis is based on three types of measurement, such as CA
resolved cylinder pressure for combustion diagnostics, CA re-
solved surface temperature and heat flux for near-wall heat trans-
fer diagnostics, and slow response steady-state measurements of
performance, emissions, etc. CA resolved profiles represent an
average of 200 cycles measured with 0.5 deg resolution. Measure-
ment accuracy of heat flux probe is very important, and it is as-
sessed by considering manufacturing tolerance, bias error, and
precision error of surface temperature. Uncertainty analysis is
covered by authors’ previous paper �16�.

Fully Premixed Charge Versus Direct Injection. This section
is focused on comparing the two different charge preparation
methods. Table 2 shows details of operating conditions. Both FP
and DI fuel charge preparation methods are evaluated with the
same operating condition: 2000 rpm, 11 mg fuel/cycle. About
40% of residual is recirculated via rebreathing of exhaust to obtain
enough thermal energy for autoignition. Four different SCV set-

tings are compared for each fuel charge preparation method. The
intention is to monitor possible spray-charge motion interactions
that could be a factor in the DI case, while a separate section is
devoted to an in-depth discussion of the effects of SCV and
charge motion. In the case of direct fuel injection into the cylin-
der, the start of injection �SOI� occurs at 333 deg BTDCfiring, i.e.,
27 deg after top dead center �TDC� intake stroke. It is expected
that such early injection, only 27 deg after TDC intake, allows
sufficient time for mixing and generates a nearly homogeneous
charge in the cylinder.

Figure 3�a� shows net indicated mean effective pressure
�NMEP� as a function of SCV position. Both the FP and DI results
are included and compared. The SCV position has minimal effect
on the variations of NMEP, except for the fully closed case. The
SCV-closed operation obviously creates very different conditions
in the cylinder, and this will be discussed further in the section on
intake charge motion effect. The DI charge preparation results in a
slight reduction of NMEP for any SCV setting. This indicated
efficiency loss is the consequence of retarded combustion and
slower burn duration for a DI case. Charge cooling due to injec-
tion and subsequent evaporation in the cylinder delays autoigni-
tion by 2 deg CA compared to the FP case, as indicated by the
location of the 10% mass fraction burned. The combustion phas-
ing, indicated by the location of 50% mass burned is retarded, too
�see Fig. 3�b��. In Fig. 4�a�, NOx emissions with DI charge prepa-
ration is slightly higher than in the FP case, especially for the SCV
open case. A locally fuel-rich zone due to the stratification result-

Fig. 2 Heat flux measurement instrumentation: „a… locations of heat flux
probes and „b… mechanical linkage telemetry system

Table 2 Operating conditions for the study of fuel injection
effects

Speed �rpm� 2000
Fueling rate �mg/cycle� 11.0
Air-fuel ratio 20
Internal EGR �%� 39
External EGR �%� 0
Intake charge Temperature

�K�
365

Oil-in 370
Coolant-in 371

Intake manifold Pressure
�kPa�

93.6
Exhaust manifold 101.0
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ing from DI produces high peak temperature and high NOx emis-
sion. The CO emissions with DI are higher than in the FP case as
well, indicating that the fuel mixing in the cylinder is less uniform
with DI.

Instantaneous Surface Temperature and Local Heat Flux
Comparisons. Figure 5 includes instantaneous surface temperature
measurements obtained for FP and DI cases. The graphs in indi-
vidual figures are produced for discrete SCV positions. In terms of
head surface, temperatures of h2 are consistently lower than h1
regardless of the FP or DI case because the coolant enters the
cooling jackets near h2 and flows through transversally. The sur-
face temperature at the h1 location is higher for the DI than the FP
case, irrespective of the SCV setting. The vicinity of h1 is the
region with strong squish flow caused by a small minimum piston-
to-head clearance. Witze and Green �17� and Ohyama et al. �18�
showed the presence of liquid fuel film in the squish area at the
PFI engine. As the increased amount of fuel is trapped in this zone
due to reverse squish after TDC, this leads to locally richer fuel
concentration and increased local heat release.

In terms of piston surface, temperature is much more directly
affected by the mixture preparation method, as it is consistently
lower in the case of DI. The fuel impinging on the wall cools the
surface due to the heat required to heat up the liquid fuel and
vaporize it. As a result, the overall surface temperature level with
DI charge preparation is about 4°C below than those recorded
with premixed charge, with Tsurface,p6 as the only exception show-
ing higher values with DI charge. It is located directly under the
head location h1, and this confirms the presence of the richer zone
in the vicinity of h1-p6. The highest surface temperature is always
observed at the center of the piston �p1�, and lowest surface tem-
perature occurs at p4 in the corner of the bowl where the thermal
boundary layer is largest. The piston bowl area is affected by fuel
spray hitting; i.e., temperature profiles of the p1, p3, and, in some
cases, p2 show negative fluctuations due to the forced cooling by
liquid fuel impingement.

Temperature swings due to the combustion excitation differ be-
tween the FP and DI cases. In the FP case the temperature swings

at all locations show very similar features. In contrast, DI and
impingement diminish a swing of the Tsurface,p2 signal �see Fig. 5,
SCV closed� and retard its phasing �see Fig. 5, SCV=36 deg�. The
Tsurface,p1 signal is also delayed �see Fig. 5�. Surprisingly, the
Tsurface,p3 swing is as intense as the fluctuations observed in the FP
case, despite the fuel impingement at this location early in the
intake process. The fuel film obviously splashes away and moves
swiftly toward locations p1 and p2 and leaves location p3 ex-
posed to hot gases. The cooling of the surface by the evaporating
liquid fuel film at locations p1 and p2 is accompanied by slower
reaction rates in their vicinity, and this reduces the local surface
temperature swings.

Local heat flux profiles during combustion excitation indicates
a better picture in terms of spatial uniformity. Figure 6 show a
local heat flux behavior for the FP and DI cases. As expected, the
FP case demonstrates minimal spatial variations of local heat flux.
All head and piston side heat flux profiles during combustion are
similar, thus confirming that reactions occur simultaneously
across the combustion chamber. This is the main distinction be-
tween the HCCI combustion and the flame propagation in the SI
engine that was shown in authors’ previous work �13�.

However, noticeable spatial variations occur in the case of DI
when SCV is fully closed or just partially open �36 deg�. The
nonuniformity is mainly driven by the fuel impingement on the
piston, fuel film dynamics, and resulting stratification of mixture.
In particular, location p3 shows a huge negative heat flux when
the SCV is fully closed, which indicates that air jet coming from
the tangential port pushes the fuel spray toward the piston and
forces surface cooling. The profile of the heat flux signal at p2
shown in Fig. 6�e� and 6�f� indicates slower local burning due to
the cooling effect of the fuel film and remnants of the fuel film at
the time of ignition. Drake et al. �19� performed fuel film mea-
surements on a quartz piston window of an optically accessible DI
engine and concluded that vaporization of thin fuel films on the
piston is slow and the fuel film persists past 60 deg ATDC, with
late injection timing. Although the injection in the HCCI engine
occurs very early, the large quantity of fuel impinges on the pis-

Fig. 3 FP versus DI fuel charge comparisons with respect to varying SCV: Performance and mass
fraction burn locations

Fig. 4 FP versus DI fuel charge comparisons with respect to varying SCV: engine-out emissions

062806-4 / Vol. 130, NOVEMBER 2008 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Fig. 5 Instantaneous local surface temperature „100 cycle ensemble average… comparison with different SCV settings: FP versus
DI charge preparation

Fig. 6 Instantaneous local heat flux „100 cycle ensemble average… comparison with different SCV settings: FP versus DI charge
preparation
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ton, and it is possible that small fuel film lingers even after igni-
tion. When the fuel impingement on the piston bowl decreases
with the SCV fully open �Fig. 6�h��, spatial variation of local heat
flux during the combustion is reduced. The negative swing at lo-
cation p3 disappears when the SCV is fully open and instead
appears at locations p1 and p2 with smaller magnitudes.

In summary, two different fuel preparation methods are com-
pared to assess the effect on HCCI burning. The higher heat loss
in a DI case, due to fuel evaporation in the cylinder, leads to
charge cooling, slower HCCI burn rates, and higher CO emission.
Mixture is also more stratified, as higher spatial variation of heat
flux in a DI case indicates locally heterogeneous burning. Locally
richer burning results in higher NOx emission with DI charge. It
has to be pointed out that the trends might change in the case of
higher accumulation of deposits since deposit growth on the pis-
ton affects dynamic fuel film behavior through the interaction be-
tween the spray and the surface, including the absorption/
desorption processes.

Stratification by Varying Injection Timing. The injector axis
is 43 deg down from the horizontal plane, and the spray is tar-
geted toward the cylinder axis �refer to the schematic at Ref.
�16��. A swirl injector with a 70 deg cone angle is installed on the
side of the cylinder head. Note that real spray cone angle and
penetration length change at different injection timings depending
on the chamber pressure and temperature condition. Spray target-
ing is also affected by intake charge motion. In this test, SCV sets
at partially open �36 deg� since it was found to give the best

compromise between performance and emissions with DI charge
case. Injection timing sweep is then performed without spark for
any of the operating points. Table 3 provides a description of
operating conditions for the injection timing sweep.

As can be seen in Fig. 7�a�, COV of IMEP increases and com-
bustion efficiency decreases when the SOI is retarded beyond
270 deg BTDC. As SOI is retarded very late �for example, 55 deg
CA BTDC�, time for mixing becomes insufficient to prepare ho-
mogeneous charge by the time of ignition. High degree of strati-
fication leads to pockets of excessively lean mixture beyond the
lean combustion limit. These pockets result in incomplete burning
that reduces combustion efficiency.

Interestingly, burn locations shown in Fig. 7�b� are not affected
much by the injection timing until it becomes very retarded. Once
SOI is retarded beyond 220 deg BTDC, 90% mass fraction burned
point �mass fraction burned is normalized by combustion ineffi-
ciency number� occurs much later, which indicates a long tail of
combustion. For the extreme case of SOI=55 deg BTDC �late in
compression�, combustion possibly includes a diffusion flame due
to the fuel film on the piston top. Such late injection timing with
nonoptimized fuel cloud generates a high degree of stratification
and leads to pockets of excessively lean mixture characterized by
slow and incomplete burning. High amounts of CO and smoke are
measured in the exhaust port due to the excessive stratification
and liquid fuel film on the piston surface �see Fig. 7�c��. NOx
emission at early injection timing is low, thanks to the low-
temperature burning and large amount of exhaust dilution. The
NOx emission does not increase with late injection timing because
of lower peak gas temperature from a very unstable and retarded
burn.

Instantaneous local heat flux results in Fig. 8 illustrate well how
the impingement and fuel film formation processes change with
variations of injection timing. A huge negative heat flux swing is
observed at location p3 when injection starts at TDC. It indicates
direct impingement at high velocity. The negative peak is smaller
at SOI=33 deg BTDC, but there is evidence of impingement at
location p1. The nature of the process changes as the SOI is re-
tarded to 300 deg BTDC or more, and piston moves further away
from TDC. The large negative swing disappears, and instead the
fuel film forms gradually over location p2. The fuel does not
“wash” the surface at high velocity, but a tangible quantity is still
deposited in the piston bowl. There is less time for evaporation

Table 3 Operating conditions for injection timing sweep

Speed �rpm� 2000
Fueling rate �mg/cycle� 11.0
Air-fuel ratio 20
Internal EGR �%� 40
External EGR �%� 0
Intake charge Temperature

�K�
366

Oil-in 370
Coolant-in 371
Intake manifold Pressure

�kPa�
93.7

Exhaust manifold 101.0
SCV setting �deg� 36

Fig. 7 Effect of injection timing on HCCI combustion stability, burn locations, and emissions
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and mixing; hence some fuel seems to linger close to p2 during
combustion. This causes compositional stratification and leads to
incomplete reactions. When fuel is injected late during the com-
pression stroke, e.g., SOI=55 deg BTDC, spatial variations of
heat flux paint a different picture. Few signals are retarded, in-
cluding p1, p6, p7, and h1, thus suggesting fuel wetting in these
zones. The spray is narrower and less affected by intake charge
motion, and the penetration length is shorter at high pressures,
while high temperatures speed up evaporation. In contrast, the
gradient of the heat flux and its peak at p3 are higher. This is due
to a locally rich zone and the locally increased reaction rates.

In summary, varying the injection timing during intake, be-
tween 360 deg TDC and 270 deg BTDC, has little impact on per-
formance, combustion stability, burn duration, and emissions. The
local heat flux profiles show spatial variation mainly due to dif-
ferent impingement patterns and the effect of stratification on lo-
cal reaction rates. When fuel is injected very late during compres-
sion, the burn rate decreases and burn duration increases
dramatically. There is a possibility of diffusion burning in the late
stage of combustion, and both combustion efficiency and combus-
tion stability deteriorate.

Results: Intake Charge Motion Effect
A secondary throttle in one intake port is adopted in this study

to alter the in-cylinder charge motion pattern and intensity. The
cylinder head was originally designed to provide swirl motion

when the SCV valve is closed, thus blocking the straight port
�refer to the schematic in Ref. �16��. In that case, the entire intake
air flow goes through the tangential port and creates clockwise
�bottom-view� swirl. If SCV is open, the counterflow reduces the
organized swirl flow. The swirl intensity as a function of SCV
setting is evaluated by measurements on the steady flow rig. Swirl
index increases systematically from 0.6 to 3.7 as the SCV position
changes from fully open �90 deg� to close �20 deg�. However, in
the case of the HCCI engine with reinduction, the exhaust valves
open one more time during the intake stroke and the flow of re-
sidual into the cylinder disturbs the organized motion of the fresh
charge. Estimated exhaust mass coming into the cylinder during
the rebreathing event is around 40% of the total trapped mass. As
a result, both the SCV fully closed �20 deg� and partially open
�36 deg� cases show reduced levels of swirl when exhaust valves
are fully open, down to only 25% of the value obtained with only
intake valves operating �16�. This explains the trends observed in
the first section of the paper �see Fig. 3�. The trends as a function
of SCV setting are mostly flat since �i� swirl levels in the engine
with reinduction are low and �ii� changes in the charge motion
intensity as a function of SCV setting are not large.

Nevertheless, fully closed SCV was the only exception. Closed
SCV does slow down burning, with expected implications related
to performance, efficiency, and emissions �Figs. 3 and 4�. The heat
release rate response to varying SCV angles is shown in Fig. 9.
While there is a temptation to attribute the changes to the in-

Fig. 8 Instantaneous local heat flux „100 cycle ensemble average… comparison with varying injection timing
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creased intensity of intake charge motion, the change of swirl
intensity between the SCV=36 deg and SCV closed is negligible
and cannot explain the “digital” change of burn rates. Therefore,
the relatively small changes in the turbulence level with variations
of SCV setting do not have a significant impact on HCCI burning;
rather, the thermal environment is the primary driver of chemistry.
The effect of flow variations on heat transfer is apparently very
small, again due to the relatively small impact of the SCV setting
on the charge motion intensity in the engine with rebreathing. The
other possible reasons for observed behavior are discussed below.

Burn Rate Reduction in Case of SCV Fully Closed Setting.
When SCV is fully closed, burning slows down significantly in
both FP and DI cases. The discussion in the previous section rules
out the impact of increased heat loss due to intensified charge
motion since rebreathing diminishes the level of swirl in the
chamber. Therefore, it can be hypothesized that the charge storage
in the intake port and subsequent effect on the charge thermal
state bear responsibility for the reduced burn rate with SCV
closed. Namely, while the SCV valve is closed, the engine intake

valve continues to operate as usual and enables some portion of
the reinducted hot exhaust gas to enter the intake port. This hot
charge is trapped in the port once the intake valve is closed. Hot
charge then resides in the port until the intake valve opens in next
cycle. Heat flux variations shown in Fig. 10 support this hypoth-
esis. Local heat flux at h1 in Fig. 10 changes significantly during
the intake event when SCV is closed. There is a sudden increase at
the beginning of intake valve opening, which is due to the flow of
previously trapped hot gas out of the SCV port. If this portion of
the charge suffered some heat loss during the period between two
consecutive cycles, this could definitely explain the changes of
burn rate since the authors’ previous investigations uncovered a
very high sensitivity of the HCCI engine to intake charge and wall
temperatures �15�. The complete verification of the hypothesis re-
quires additional work, including a detailed simulation of flow
through the intake ports for different SCV settings and will be
addressed in a follow-up paper.

Conclusions
This paper investigated the impact of mixture preparation meth-

ods on combustion, performance, and emission of a gasoline
HCCI engine with reinduction. The experimental work was per-
formed on a single-cylinder, four-valve engine with an exhaust
rebreathing cam. The mixture preparation included the choice of
external mixing in a vaporizer or DI. A SCV in one of the intake
ports allowed adjustments of the intake charge motion intensity.
Heat flux measurement at seven locations on the piston top sur-
face and two locations on the cylinder head of the HCCI engine
aided more traditional engine diagnostics and enabled assessment
of spatial variations due to stratification and/or fuel impingement.
The findings can be summarized as follows:

1. The spatial variation of heat flux is very small in the case of
the FP gasoline-air mixture prepared externally, thus con-
firming very uniform conditions in the HCCI combustion
chamber. DI fuel mixture is more stratified as indicated by
larger spatial variations in heat flux. The fuel impingement is
clearly detectable at piston bowl locations when the fuel
injection timing is close to TDCintake. The bulk burn rate
with DI charge is slightly slower, primarily due to charge
cooling. Nevertheless, stratification and locally rich zones in
a DI case result in higher NOx emission than that in the FP
case. Overall, the effects of DI are moderate under opti-
mized early injection timing.

Fig. 9 Heat release rate comparison with respect to varying
SCV setting

Fig. 10 Effect of SCV setting on the head surface heat flux at location
h1 during „a… intake and „b… exhaust event
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2. Even though changing the SOI causes clear variations of
impingement patterns in the piston bowl, the overall perfor-
mance, burn rates, and emissions do not change much as
SOI is varied from TDCintake to mid 90 deg CA after
TDCintake. Burning in the core zone is apparently not af-
fected much, as long as the bulk of fuel evaporates on time.
However, when the injection timing is further retarded to the
late phase of the compression, burn rate decreases due to
excessive fuel stratification and diffusion burning close to
the piston surface wetted by fuel.

3. Neither the burn rates nor the heat loss change much with
varying SCV from fully open to partially closed case. While
partial closing of SCV increases velocities through a tangen-
tial intake port, reinduction of residual during the intake
stroke diminishes the swirl levels due to the simultaneous
flow into the cylinder through straight exhaust ports.

4. Autoignition timing and burn durations slow down for the
SCV fully closed case, regardless of either FP or DI charge
preparation. The intensity of swirl motion does not change
much as SCV fully closed to partially closed, and yet there is
a digital reduction of the burn rate. It is hypothesized that
the charge storage in the port when the SCV �located up-
stream of the engine valve� is fully closed and its recycling
in the subsequent cycle provide a strong impact on the ther-
mal state of the charge and combustion. This phenomenon
could provide a useful way of controlling the peak burn rates
�20�, and will be investigated further in a follow-up paper.
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Nomenclature
ATDC � after top dead center
BTDC � before top dead center

COV of IMEP � covariant of IMEP
DI � direct injection
FP � fully premixed

h � temperature location at the head surface
MFB% � percentage of mass fraction burned

p � temperature location at the piston surface
SCV � swirl control valve

References
�1� Grenda, J., 2004, “Numerical Modeling of Charge Stratification for the Com-

bustion Control of HCCI Engines,” unpublished; Aroonsrisopon, T., Werner,
P., Waldman, J., Sohm, V., Forester, D., Morikawa, T., and Iida, M., “Expand-

ing the HCCI Operation With the Charge Stratification,” SAE Paper No. 2004-
01-1756.

�2� Sjoberg, M., and Dec, J. E., 2005, “Effects of Engine Speed, Fueling Rate, and
Combustion Phasing on the Thermal Stratification Required to Limit HCCI
Knocking Intensity,” SAE Paper No. 2005-01-2125.

�3� Sjoberg, M., Edling, L., Eliassen, T., Magnusson, L., and Angstrom, H., 2002,
“GDI HCCI: Effects of Injection Timing and Air Swirl on Fuel Stratification,
Combustion and Emissions Formation,” SAE Paper No. 2002-01-0106.

�4� Aleiferis, P. G., Charalambides, A. G., Hardalupas, Y., Taylor, A. M. K. P., and
Urata, Y., 2005, “Modeling and Experiments of HCCI Engine Combustion
Charge Stratification and Internal EGR,” SAE Paper No. 2005-01-3725.

�5� Reuss, D. L., and Sick, V., 2005, “Inhomogeneities in HCCI Combustion: An
Imaging Study,” SAE Paper No. 2005-01-2122.

�6� Dec, J. E., and Sjoberg, M., 2004, “Isolating the Effects of Fuel Chemistry on
Combustion Phasing in an HCCI Engine and the Potential of Fuel Stratifica-
tion for Ignition Control,” SAE Paper No. 2004-01-0557.

�7� Najt, P. M., and Foster, D. E., 1983, “Compression-Ignited Homogeneous
Charge Combustion,” SAE Paper No. 830264.

�8� Aceves, S. M., 2001, “A Sequential Fluid-Mechanic Chemical-Kinetic Model
of Propane HCCI Combustion,” SAE Paper No. 2001-01-1027.

�9� Aceves, S., Flowers, D., Martinez-Frias, J., Espiosa-Loza, F., Christensen, M.,
Johansson, B., and Hessel, R., 2005, “Analysis of the Effect of Geometry
Generated Turbulence on HCCI Combustion by Multi-Zone Modeling,” SAE
Paper No. 2005-01-2134.

�10� Sun, Y., Shuai, S., Wang, J., and Wang, Y., 2003, “Numerical Simulation of
Mixture Formation and Combustion of Gasoline Engines With Multi-Stage
Direct Injection Compression Ignition �DICI�,” SAE Paper No. 2003-01-1091.

�11� Christensen, M., and Johansson, B., 2002, “The Effect of In-Cylinder Flow
and Turbulence on HCCI Operation,” SAE Paper No. 2002-01-2864.

�12� Kong, S., Marriott, C. D., Rutland, C. J., and Reitz, R. D., 2002, “Experiments
and CFD Modeling of Direct Injection Gasoline HCCI Engine Combustion,”
SAE Paper No. 2002-01-1925.

�13� Chang, J., Guralp, O., Filipi, Z., Assanis, D., Kuo, T., Najt, P., and Rask, R.,
2004, “New Heat Transfer Correlation for an HCCI Engine Derived From
Measurements of Instantaneous Surface Heat Flux,” SAE Paper No. 2004-01-
2996.

�14� Chang, J., 2004, “Thermal Characterization and Heat Transfer Study of a
Gasoline Homogeneous Charge Compression Ignition Engine Via Measure-
ments of Instantaneous Wall Temperature and Heat Flux in the Combustion
Chamber,” Ph.D. thesis, Department of Mechanical Engineering, University of
Michigan.

�15� Chang, J., Filipi, Z., Assanis, D., Kuo, T., Najt, P., and Rask, R., 2005, “Char-
acterizing The Thermal Sensitivity of a Gasoline HCCI Engine With Measure-
ments of Instantaneous Wall Temperature and Heat Flux,” Int. J. Engine Res.,
6, Special Issue Paper No. 289.

�16� Chang, J., Filipi, Z., Assanis, D., Kuo, T., Najt, P., and Rask, R., 2007, “In-
vestigation of Mixture Preparation Effects on Gasoline HCCI Combustion
Aided by Measurements of Wall Heat Flux,” Charleston, SC, ASME Paper No.
ICEF2007–1698.

�17� Witze, P. O., and Green, R. M., 2005, “Comparison of Single and Dual Spray
Fuel Injectors During Cold Start of a PF I Spark Ignition Engine Using Visu-
alization of Liquid Fuel Films and Pool Fires,” SAE Paper No. 2005-01-3863.

�18� Ohyama, Y., Nogi, T., and Ohsuga, M., 1992, “Effects of Fuel/Air Mixture
Preparation on Fuel Consumption and Exhaust Emission in a Spark Ignition
Engine,” IMechE Paper No. C389/232, p. 59.

�19� Drake, M. C., Fansler, T. D., Solomon, A. S., and Szekely, G. A., 2003,
“Piston Fuel Films as a Source of Smoke and Hydrocarbon Emissions From a
Wall-Controlled Spark-Ignited Direct—Injection Engine,” SAE Paper No.
2003-01-0547.

�20� Chang, J., Guralp, O., Filipi, Z., Assanis, D., Kuo, T., Najt, P., and Rask, R.,
2006, “Method for Mid Load Operation of Auto-Ignition Combustion,” U.S.
Patent No. 7128,062.

Journal of Engineering for Gas Turbines and Power NOVEMBER 2008, Vol. 130 / 062806-9

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Christopher Depcik1

Department of Mechanical Engineering,
The University of Kansas,

3120 Learned Hall,
1530 West 15th Street,

Lawrence, KS 66045-7609
e-mail: depcik@ku.edu

Dennis Assanis
Department of Mechanical Engineering,

The University of Michigan,
2045 W.E. Lay Automotive Laboratory,

1231 Beal Avenue,
Ann Arbor, MI 48109

Simulating Area Conservation
and the Gas-Wall Interface for
One-Dimensional Based Diesel
Particulate Filter Models
Researchers have been using one-dimensional based models of diesel particulate filters
(DPFs) for over two decades with good success in comparison to measured experimental
data. Recent efforts in literature have expanded the classical model to account for the
effects of varying soot layer thickness on the flow area of the gases. However, some
discrepancies exist with respect to this formulation and the physical phenomena modeled
in the channel equations. In addition, there is still some discussion regarding the calcu-
lation of the gas temperature within the soot and wall layers. As a result, this paper
presents a model to discuss these different phenomena to remove or validate previous
assumptions. In specific, formulation of the flow equations in area-conserved format (or
quasi-one-dimensional) allows the model to account for the changes in the gaseous area
as a function of soot loading. In addition, imposing thermodynamic equilibrium at the
interface of the channels and wall layers allows the model to capture the thermal en-
trance lengths. These tasks were undertaken to illustrate whether or not the results justify
the effort is worthwhile and this additional complexity needs to be incorporated within
the model. By utilizing linear density interpolation in the wall to increase the computa-
tional efficiency of the code, it was determined that the classical model assumptions of
neglecting soot thickness and gas temperature in the wall are valid within the range of
typical DPF applications. �DOI: 10.1115/1.2939002�

Keywords: catalysis, combustion, environment, filtration, fluid mechanics,
aftertreatment, particulates

1 Introduction

Diesel particulate filters �DPFs� have been researched for close
to three decades based on their ability to capture particulate or
soot matter with near 100% efficiency �1–4�. In the early market
introduction, a fibrous type of DPF was used which trapped the
soot according to the classical theory of aerosol filtration �5–7�.
While the collection efficiency of such a device is initially high,
eventually the tendency of the soot to adhere to the fibers de-
creases, lowering its trapping efficiency �8�. Hence, most re-
searchers abandoned this type of device and instead moved onto
the porous wall type.

The porous wall DPF consists of a honeycomb of long channels
similar to the traditional catalytic converter �1�. Unlike the cata-
lytic converter, the manufacturer now blocks alternating open
channels of the honeycomb so all of the flow entering the device
must pass through a porous wall, as illustrated in Fig. 1. The sizes
of the pores in the wall are small enough to capture the soot by
interception. During operation, the soot deposit builds up on one
side of the monolith walls, increasing the flow resistance and pres-
sure drop. Eventually, regeneration is required in order to reduce
the pressure drop to a more reasonable value. Similar to the fi-
brous DPF, this regeneration occurs through a temperature excur-
sion with the proper amount of oxidant available. The energy
released by this oxidation conducts along the monolith and con-
vects to the exhaust flow that passes through the deposited soot
layer and the porous wall. The structure of the DPF offers the

advantage of a large potential filter area in a reasonably compact
volume. In addition, another benefit of this type of DPF is that as
the soot builds up on the inlet channel, its trapping efficiency will
increase instead of decrease.

Flow through a DPF is inherently three dimensional �3D� with
a different soot loading, oxidation, and temperature for each flow
channel. Furthermore, when the DPF is located close to the ex-
haust manifold, the pulsating flow leaving the engine along with
the 3D geometry of the manifold creates flow maldistribution
within the DPF that can lead to partial regeneration events and
incomplete utilization. Nonetheless, there are many applications
in the exhaust where the flow profile has time to develop and
provide relatively uniform inlet conditions. For those types of
problems, a one-dimensional �1D� based treatment of the DPF
will often yield satisfactory results �9–11�. In addition, when
studying catalyzed DPFs, these 1D based models incorporating
chemical kinetics have a significant computational edge over their
3D counterparts. 1D models are also attractive for engine-
aftertreatment system configuration studies where the placement
and size of a number of aftertreatment devices need to be opti-
mized. Lastly, if multidimensional models of DPFs are needed,
the 1D model can be readily adapted �12–15�.

As discussed in a previous paper �16�, a monolithic type of
device can be reduced from 3D to 1D by making a number of
reasonable assumptions. The first step in simplifying the modeling
effort is to reduce the 3D device in Cartesian coordinates into
two-dimensional �2D� cylindrical coordinates: axial and radial.
Keeping these radial components allows for a 2D DPF model;
however, assuming that all axial and radial cells are identical re-
sults in the traditional 1D model. While a catalyst only needs one
channel to describe the proper flow profile, a DPF will need an
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inlet and outlet channel to obtain the correct profile. Most of the
1D DPF modeling efforts of today stem from the papers by Bissett
�9,17� and Bissett and Shadman �18�.

There are a number of empirical assumptions embedded in
these models with respect to area conservation and gas tempera-
ture within the filter for computational efficiency. This paper pre-
sents a model based on the governing equations of flow to discuss
these assumptions. In specific, the flow equations are formulated
in the area-conserved format often used for converging-diverging
nozzles �19,20� and the intake and exhaust of internal combustion
engines �21,22�, often called quasi one-dimensional flow. The use
of area conservation for a DPF model is not a new technique as
described in Refs. �23–27�; however, these papers simplify the
velocity through the soot and wall layers into just one or two
values. As a result, the convective terms for mass flow into the
wall may not accurately account for the actual surface area in the
channels.

In addition, these previous efforts simplify the computational
task by setting the gas temperature in the soot and wall layers
equal to the filter temperature. However, the small distance scales
associated with these layers make the diffusion component of the
Navier–Stokes equations important for the species equations. In
this paper, the conduction component in the energy equation is
included along with heat transfer between the filter and the gas in
order to calculate the actual gas temperature profile in the wall.
Including conduction allows the simulation to check previous
model assumptions.

The following sections present the governing equations for the
channels, soot, and wall layers including a brief historical sum-
mary of the assumptions and models to date. This brief summary
helps illustrate where this paper enhances literature. To account
for transient soot loading and oxidation, the model contains a
surface particulate mass equation that adapts to the changing soot
levels. The formulation also includes the effects of a changing
surface area on the filter energy equation through the proper phys-
ics. To capture the thermal entrance length and the gas-wall inter-
actions, this paper describes the boundary conditions at the inter-
face according to local thermal equilibrium. This paper also
contains disclosure of the numerical methods utilized in the model
solution. Finally, the results are presented and a number of con-
clusions are reached regarding whether or not this increase in
model complexity is worth the numerical effort.

2 Governing Equations
In 1984, Bissett �9� created a model for the transport of nearly

all thermodynamic variables through a wall-flow DPF while try-
ing to avoid the complexities of multidimensional compressible
fluid flow. He accomplished this by representing the flow at each

axial position in one dimension and incorporating the proper
physics for the flow to and from the wall system. In his paper,
Bissett makes the following assumptions.

1. The properties of the gas entering the front face of the
monolith are spatially uniform; however, they can be time
dependent.

2. The model assumes perfect insulation for the circumferential
walls of the monolith.

3. A single inlet and outlet channel represents the behavior of
all inlet and outlet channels.

4. He neglects radiative heat transport in the channels since the
long thin channel walls have similar view factors and should
have similar temperatures.

5. The thickness of the soot layer is so thin compared to the
channel thickness during the initial period of operation; the
change in the channel geometry due to the presence of the
soot layer can be neglected: td�dm.

6. The emitted particles do not interfere with the flow due to
their low mass fraction within the bulk gas.

7. While not explicitly stated in his paper, Bissett omits the
time derivatives of the bulk gas flow variables effectively
stating that there is not any energy storage in the gas:
�� /�t=���u� /�t=�T /�t→0.

8. He also neglects the thin heat transfer layer in the wall re-
quiring all heat transfer to take place in the channels. As a
result, the filter temperature is the equal temperature of both
phases in the filter and independent of the radial direction; it
can still vary in the axial direction.

In this paper, the authors target Assumptions 5 and 8 from the
list above to illustrate how to properly incorporate them in the
model and determine whether or not this computational effort is
worthwhile. To simplify the computational task, this paper ne-
glects all radial multidimensional effects. In addition, omission of
the species governing equations allows for a reduction in the com-
plexity of the model. The following sections describe the govern-
ing equations of motion through the channels, the soot, and wall
layers, incorporating the latest literature results along with new
adaptations.

2.1 Mass Equations. The assumption of changes in channel
geometry due to the soot layer was revisited by Peters et al.
�23,24� and Haralampous et al. �25–27� through the incorporation
of varying soot mass levels in the inlet channel and their effect on
flow through area conservation in the governing equations. In the
papers of Peters et al., the mass equations for the inlet and outlet
channels utilize different velocities to represent the lateral compo-
nents through the soot layer and the porous filter wall, respec-
tively; i.e., one velocity for the soot layer and one velocity for the

Fig. 1 Flow schematic of a DPF
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wall layer. However, in their formulation, the convective term for
the mass flows entering or exiting the wall utilizes the densities of
the channels; i.e., they use the inlet density leaving the inlet chan-
nel and for the outlet channel, they use the outlet channel density
entering from the wall. According to the classical model, this does
not correspond correctly to the system since the density at the
interface of the wall can have a different value than the channels.
Discussion of this concept occurs later in Sec. 3, illustrating how
the density at the interface is a function of a local thermodynamic
equilibrium.

In the papers of Peters et al., the wall flow surface areas in the
inlet and outlet channels are different because of the soot layer in
the inlet channel; i.e., equates to a smaller control volume for the
gas in the inlet channel when the soot is present. However, while
the papers of Haralampous et al. include the proper density; their
model makes no distinction between the two channels with the
same surface area used in the inlet and outlet channels. This is
because a physical property met by models is that there should not
be any mass storage in the soot or wall layers during steady-state
conditions: ��s /�t=0 and ��w /�t=0. Since the mass flux terms
cancel each other for both models, they do not violate any mass
conservation laws. When utilizing different surface areas for the
inlet and outlet channels when the soot is present, to balance the
mass fluxes the density, velocity, or density times velocity must
change in the soot and wall layers. This allows different mass flux
values for the inlet and outlet channels to account for the dissimi-
lar surface areas while not causing mass accumulation within the
wall. These terms in the mass equations then use boundary con-
ditions for the density and velocity variables instead of constant
values; i.e., ��sus�y=0 and ��wuw�y=tm+td

. While Peters et al. did not
utilize boundary conditions per se, they did utilize different wall
velocities for the soot and wall layers to account for the different
surface areas. In the papers of Haralampous et al., since they only
use one value for the density and velocity to describe the proper-
ties in the wall, they use the same surface area to prevent mass
accumulation.

In this paper, the thermodynamic properties through the soot
and wall layers are allowed to change and will be calculated ac-
cording to the Navier–Stokes equations of motion. As a result, the
equations of mass for the channels incorporating different surface
areas are

���IuIAI�
�z

= − �susSI �1�

���IIuIIAII�
�z

= �wuwSII �2�

where the cross-sectional area and surface area on a per length
basis are represented as

AI = �dm − 2td�2, SI = 4�dm − 2td�, AII = dm
2 and SII = 4dm

�3�

for the inlet and outlet channels, respectively, similar to the model
equations presented by Haralampous and Koltsakis �26�. In this
case, for the inlet channel equations, the density and velocity of
the gas in the soot layer used in the flux term are evaluated at y
=0. For the outlet channel equations, the density and velocity of
the gas in the wall layer used in the flux term are evaluated at y
= tm+ td.

While the area-conserved formulation is not necessary for the
outlet channel, writing the equations in this manner allows for
different geometries to be utilized similar to the work previously
accomplished by Konstandopoulos et al. �28,29�; i.e., writing the
numerical method using A and S allows those to be easily changed
based on geometry. Area-conserved format is often used for
converging-diverging nozzles �19,20� and the intake and exhaust
of internal combustion engines �21,22� in order to better account

for mass conservation in varying geometry situations. In this situ-
ation, the different sizes of the control volumes and surface areas
encountered require this version of the governing equations.

In the soot layer, the flow is no longer 1D due to the varying
cross-sectional area through the layer. Since area conservation is a
methodology for incorporating multidimensional effects without
having to include the other dimensions in the solution algorithm,
the soot layer equation becomes

���susAs�
�y

= AsṠmass �4�

where the right-hand side equates to a gain in mass due to soot
oxidation reactions; i.e., as the solid soot burns, it converts into
partial and complete products of combustion in gaseous form.
This term in the soot mass equation has been discussed previously
in literature in models of soot oxidation �30� and will be explored
later in this paper as to its impact on the mass flow rate exiting the
DPF.

For square channels, the change in cross-sectional area per unit
length through the soot layer can be determined as in Fig. 2:

As = 4�dm − 2�td −
y

tan �
�	 where tan � = 1 �5�

and the instantaneous change in the cross-sectional area can then
be determined by taking the derivative of this value with respect
to the distance through the soot layer; i.e., dAs /dy=8.

Even though the cross-sectional area that the flow sees is con-
stant in the wall layer, writing the mass equation in area-
conserved format allows for continuity with the other equations:

d��wuwAw�
dy

= 0 �6�

where

Aw = 4dm �7�
Upon inspection of the mass equations in the channel, the mass

flux terms do cancel each other out similar to the before men-
tioned references. While the properties in the soot and wall layers
change, they must remain consistent with the governing equations
of mass in each respective layer. In all cases, time derivatives of
the variables are neglected, which is a reasonable assumption as
long as the time scales in the problem are a function of the filter
and not the bulk gas �16�.

By modeling the velocity profile through the soot and wall lay-
ers instead of utilizing average velocities, the model allows for
proper utilization of surface areas for the channel mass equations.
In addition, the resonance time of the gas in the soot and wall
layers is more accurately modeled in the situation where there
might be a large change of velocity through the wall. This may
become important when simulating catalyzed walls to get a better

Fig. 2 Square channel schematic illustrating the important
geometric and soot parameters
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indication of the conversion rate through the device. This com-
parison is noted as future work as constant mass fractions are
assumed for reduced complexity in this paper.

2.2 Momentum Equations. For the momentum equations in
the channels, all DPF models assume that the gas flows only in the
z-direction as it enters or exits the channel. As a result, there is no
transport of the y-component of momentum in the wall. However,
because the no slip condition holds at the walls in the z-direction,
friction will occur. Bissett states that this variation should be very
close to that observed when the walls are solid since only a very
small fraction of the flow at each axial position passes through the
wall. As a result, the 1D model for the bulk gas momentum equa-
tions looks exactly like those used in traditional, area-conserved
1D flow �21,22,31�:

���IuI
2AI�

�z
+

��pIAI�
�z

= −
F��uI�

dm − 2td
SI + pI

dAI

dz
�8�

���IIuII
2 AII�

�z
+

��pIIAII�
�z

= −
F��uII�

dm
SII + pII

dAII

dz
�9�

Writing the above equations in area-conserved format results in an
additional term on the right-hand side to balance the forces. It is
important to note that the derivatives can be expanded and the
more traditional DPF momentum equations can be recovered; i.e.,
the last term on the right-hand side will be eliminated when the
derivative involving the pressure is expanded on the left-hand
side. However, keeping the area terms in the derivatives and solv-
ing the governing equations as indicated is more accurate with
respect to mass conservation �20–22�. This is also illustrated later
in this paper in Sec. 4 when the non-area-conserved formulation is
compared to the area-conserved formulation with respect to the
pressure drop through the soot layer.

Following Wooding �32� and Brinkman �33,34�, a theorized ex-
tension of the Navier–Stokes momentum equation to porous me-
dia involves the use of an effective viscosity to account for the
diffusion of velocity. However, for many practical purposes, there
is no need to include this viscous term �35�. In addition, Beck �36�
found that the inclusion of the convective term, ���u2� /�y, is er-
roneous when Darcy’s law is employed. Including these concepts
results in the following equation for momentum in the soot and
wall layers:

d�psAs�
dy

= ps
dAs

dy
−

�usAs

Kd
− �d�sAsus

2 �10�

d�pwAw�
dy

= pw
dAw

dy
−

�uwAw

Km
− �m�wAwuw

2 �11�

Again, it is important to note that the area change term on the
right-hand side allows a balance in the pressure forces when writ-
ing in area-conserved format. By expanding the derivative of the
pressure force, the traditional equation for wall pressure written
by Bissett will be recovered.

2.3 Energy Equations. For the bulk gas energy equations,
there is some discrepancy in literature on how to write the gov-
erning equations. Because there is mass flowing through the walls,
there will be a transport of energy from �to� the inlet �outlet�
channel to �from� the porous wall in addition to convective heat
transfer. In Bissett’s paper, he neglects the thin heat transfer layer
in the wall requiring all heat transfer to take place in the channels.
As a result, the filter temperature is the equal temperature of both
phases in the wall and independent of the radial direction; it can
still vary in the axial direction. Note that in this paper, there is a
distinction between the temperature of the filter wall and the tem-
perature of the gas within the soot and wall layers. Using Bissett’s
assumption and the notation in this paper, the gas in the soot �Ts�
and wall layers �Tw� is equal to the filter solid temperature �Tf�;

i.e., Ts=Tw=Tf.
In 1997, Bissett’s original energy equations were modified by

Koltsakis and Stamatelos, illustrating the inclusion of an addi-
tional term in the outlet bulk gas energy equation �10�. However,
no discussion is noted regarding this discrepancy and in the same
year, the original equation of Bissett is published by the same
authors �37�. This inconsistency is again seen in a paper by Kon-
standopoulos et al. in 2001 �14� through a derivation of these
equations using a continuum description of the filter formulated
from a multidimensional model of a DPF. A later multidimen-
sional paper by Kostoglou et al. �15� referencing this 2001 paper
discusses this discrepancy. In this paper, for a perimeter-averaged
1D approach for the temperature field in the channel, the cross-
sectional temperature distribution of the channel no longer enters
the problem and the gas entering the porous medium assumes a
temperature equal to TI. This gas quickly goes to thermal equilib-
rium with the porous wall and exits into the outlet channel with
the filter temperature Tf. They note that the difference between the
models is small for most practical cases; however, the older model
can lead to some unphysical behavior in some circumstances. Re-
cent efforts by Konstandopoulos et al. �28� revisit this difference
but no definitive conclusion is reached.

The full formulation of the area-conserved Euler equation of
energy includes the effects of kinetic energy in the internal energy
and enthalpy terms. However, these kinetic energy terms are small
in comparison and can be eliminated; u2�h. Writing the energy
equation must take this historical discussion regarding this equa-
tion into account. Papers by Kostoglou et al. �15� and Konstand-
opoulos et al. �28� illustrate that the gas entering the porous me-
dium is assumed to have a temperature equal to TI. However,
instead of using this assumption, this paper solves the gas tem-
perature in the soot and wall equations as a function of the gov-
erning equations of flow accordingly; i.e., Ts at y=0, the inlet
channel and soot interface is computed in deference to TI assumed
as the value. This will then solve for the thermal heat transfer
layer in the wall, allowing for continuity between the channel gas
temperature and the gas in the soot and wall layers. In other
words, this model imposes thermal equilibrium at the surface ac-
cording to the first law of thermodynamics as illustrated later in
Sec. 3. As a result, the channel equations are

���IuIhIAI�
�z

= − SI�hg�TI − Ts� + �sushI� �12�

���IIuIIhIIAII�
�z

= − SII�hg�TII − Tw� − �wuwhw� �13�

Note that these equations write the heat transfer term as a function
of the local temperature of the soot and wall layers; this is analo-
gous to the use of mass transfer in the papers of Haralampous et
al.

By expanding the derivatives, using the definition of constant
pressure specific heats, �h /�z=cp��T /�z�, and incorporating mass
Eq. �1�, the model produces the same result for the energy equa-
tions as the recent papers by Kostoglou et al. and Konstandopou-
los et al. for the inlet channel:

�IuIcp
dTI

dz
= −

SI

AI
hg�TI − Ts� �14�

For the outlet channel, performing the same analysis with Eq.
�2� results in a similar equation as the previously mentioned pa-
pers with the main difference in the use of enthalpy terms in the
second term on the right-hand side:

�IIuIIcp
dTII

dz
= −

SII

AII
�hg�TII − Tw� − �wuw�hw − hII�� �15�

Often, researchers write this second term as the constant pressure
specific heat times a temperature difference: �wuwcp�Tw−TII�.
However, derivation from the governing equations indicates that
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an enthalpy difference should be used. When using chemical spe-
cies and their associated heats of formation, the use of the con-
stant pressure specific heats will result in a dissimilar value. How-
ever, since the composition change is typically small in the normal
direction, this difference may be negligible. Future work is tar-
geted at determining this change when the species equations are
included in the formulation.

Recent work by Konstandopoulos et al. �28� looks into the ef-
fects of suction and injection on the heat transfer coefficients in
these channels. A fundamental analysis is presented in that paper;

however, using Refs. �38–46�, a fully developed Nusselt number
correlation based on the flow Peclet number through the wall was
determined:

Nufd =
hgd

kg

= 3.6568 − 0.459Pew + 0.0198Pew
2 − 0.000296Pew

3 �circular�
�16�

Nufd =
hgd

kg

= 2.71 − 0.504Pew + 0.0381Pew
2 − 0.00102Pew

3 �square�
�17�

where Pew=uwd /�g. The form of the above correlations resembles
the paper of Hwang et al. that includes a curve fit based on Rew
number only. It is important to note that the square channel model
based on Peclet number is currently only valid for a Pr=0.72
�approximately air� as that was all of the data found in those
papers. Figure 3 presents the results of the curve fits for the cir-
cular and square correlations, respectively.

As mentioned in the Introduction, diffusion within the soot and
wall layers is important because of the small distance scales. Be-
cause of these small scales, in the energy equations for the soot
and wall layers, conduction might also be important. Again, since

Fig. 3 Fully developed Nusselt number correlations based on
suction and injection values of the wall Reynolds number for
„a… circular tube and „b… square channel

Fig. 4 „a… Packed bed and staggered cylinder correlations as a
function of Reynolds and Prandtl numbers and „b… 2D illustra-
tion of particles and voids used in adapting packed-bed heat
transfer correlation
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the kinetic energy of the gas in the wall is much smaller than the
enthalpy of the gas hw�uw

2 , the following equations for the en-
ergy of the gas in the soot and wall layers can be written �47–50�:

���sushsAs�
�y

−
�

�y
�k

g
*As

�Ts

�y
� = hcAsã�Tf − Ts� �18�

���wuwhwAw�
�y

−
�

�y
�k

g
*Aw

�Tw

�y
� = hcAwã�Tf − Tw� �19�

In these equations, the close proximity of the filter affects the
thermal conductivity of the fluid in the porous layers and, as a
result, requires an effective thermal conductivity calculation. The
calculation of which is described for metal foams by Boomsma
and Poulikakos �51�. Since no fundamental models of effective
conductivity exist for DPF purposes, the metal foam formulation
is utilized here �see also Ref. �49� for more information on its
application�.

The first term on the right-hand side accounts for the heat trans-
fer between the filter and the gas in each respective layer. It has
been stated that the calculation of the heat transfer coefficient �hc�
is difficult to measure �48�; however, two correlations exist in
literature that will serve as an approximate upper and lower
bounds. In the situation where the filter wall is packed full of soot
and a cake layer exists in the inlet channel, it is theorized here that
the heat transfer will be analogous to a packed-bed reactor as
proposed by Wakao et al. �52�:

NuW79 = 2 + 1.1 RePB
0.6 Pr1/3 �20�

When the filter is empty, a correlation developed by Zukauskas
�53� for staggered cylinders used in heat transfer studies for metal
foams can be utilized:

NuZ87 = a Red
b Pr0.37 �21�

where a and b are function of the Reynolds number. This corre-
lation should give a heat transfer coefficient smaller than the ac-
tual due to the high porosity of the metal foams comparative to a
DPF wall. However, contrasting the two models will give an idea
whether to accomplish a more fundamental study of heat transfer
in the filter wall. Figure 4�a� illustrates these correlations to dem-
onstrate the upper and lower bounds.

Since the correlation of Wakao et al. models a packed-bed
structure where the Reynolds number is a function of the diameter
of a particle, use in a porous wall structure requires conversion.
The metal foam papers utilize an effective diameter for the
Zukauskas correlation as a function of the pore diameter �dp� and
the porosity ��p�:

d = 1.18dp
1 − �p

3	
�22�

In addition, these variables describe the surface area density used
in the energy equation:

ã =
6.14
1 − �p

dp
�23�

In a packed bed, the porosity is equal to the pore volume di-
vided by the total volume of the wall and the particle volume is
equal to 1 minus the porosity. Hence, calculation of the total pore
volume using the effective diameter is equal to

pore volume = Npore
	d3

6
�24�

and the calculation of the particle volume uses the particle size:

particle volume = Npart
	Dp

3

6
�25�

where Npore is the total number of pores and Npart is the total
number of particles. Equating these two terms using the porosity,
we find

�p

1 − �p
=

d3Npore

Dp
3Npart

�26�

Using a simple 2D approximation of particles within a box, as
illustrated in Fig. 4�b�, a correlation between the number of pores
and the number of particles is equal to

Npore = 2Npart �27�

As a result, the pore diameter and the particle diameter relation-
ship is

d = Dp� �p

2�1 − �p�	1/3

�28�

Hence, the Reynolds number of the gas and the Reynolds num-
ber of the packed-bed formation are

Red =
�uwd

�
= RePB� �p

2�1 − �p�	1/3

�29�

2.4 Surface Particulate Mass Equation. When particulates
flow into a DPF, they first load within the wall layer where the
pores are small enough to capture the soot by interception �deep
bed filtration�. After the wall has filled with soot, the particulate
then loads upon the surface in a growing cake layer. Previous
efforts in DPF modeling have described these two phases of stor-
age �28,54–57�; however, for simplicity, only the cake layer is
modeled here with the deep bed filtration inclusion noted as future
work.

In the efforts of Peters et al., a model for particulate propaga-
tion throughout the channels is included to simulate the loading as
a function of transient input conditions. In this paper, the authors
revise this formulation slightly for simplification purposes and
notation consistency. Based on the input flow rate of the soot, the
mass fraction of the soot in the flow can be determined:

Yd =
ṁsoot

ṁin

�30�

where ṁsoot is the mass flow rate of the soot and ṁin is the total
flow rate of gas into the DPF, respectively. Similar to Bissett, this
paper assumes that the emitted soot particles from the engine have
a negligible impact on the fluid mechanics of the flow �Assump-
tion 6�; stated mathematically as Yd�YN2

,YO2
, etc.

In Bissett’s original efforts, he assumes that the mass fraction of
O2 is constant throughout the inlet channel. Following this meth-
odology, a constant mass fraction of the soot in the gas occurs
along the inlet channel:

dYd

dz
= 0 �31�

A revisit of this assumption will occur in future efforts when the
effects of species diffusion in the channels are included in the
formulation.

From inlet channel mass equation �Eq. �1��, the total amount of
mass per unit length flowing to the surface comes from the term
�susSI. Incorporating the mass fraction of the soot, a soot mass
flow rate per mesh interval to the surface of the inlet channel is
determined as a function of the changing surface area:


 = �susSIYd �32�
Once the temperature gets large enough and a proper amount of

oxidant is available, this particulate mass on the surface will com-
bust raising the temperature of the surface while adding additional
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mass to the gas in the wall layers via Eq. �4�. In Bissett and
Shadman’s original efforts �9,18�, along with a number of other
researchers �15,54,56,58–61�, this gas source term within the sur-
face layers was not included and the soot oxidation was written as
a function of soot thickness �td�. Recent work in this area involves
writing the soot mass equation on a mass basis instead of thick-
ness to account for this component in the soot mass equation
�13,25–27,30,62�. However, the foundation of this model is still
Bissett and Shadman’s early work.

The molar combustion reactions are often written including par-
tial oxidation factors �63–65�:

C�s� + �O2
O2 → 2��O2

− 0.5�CO2 + 2�1 − �O2
�CO

�0.55 � �O2
� 0.90� �33�

C�s� + �NO2
NO2 → �NO2

NO + �2 − �NO2
�CO + ��NO2

− 1�CO2

�1.2 � �NO2
� 1.8� �34�

indicating incomplete combustion with some carbon monoxide
produced during the oxidation process. In the O2 oxidation reac-
tion, literature computes the loss of oxygen in the soot layer as

ṠO2
= − Sp�̂sYs,O2

kO2
�35�

where the hatted density variable indicates the average value
within the layer. This is accomplished by summing the density
over the number of discretizations and then dividing by the num-
ber of discretizations to get an average value in the layer.

In this equation, the Arrhenius reaction rate term is

kO2
= AO2

Tf exp�− EO2
/�RuTf�� �36�

Using the molar reaction expression for O2 oxidation along
with the molecular weights, the loss of the soot on the layer is
equal to

ṠC�s�
= −

Sp�̂sYs,O2
kO2

WC�s�

�O2
WO2

�37�

In order to get this term into the proper units for consistency
with the soot loading term, the mass and density of the particulate
matter need to be utilized �see Refs. �13,25–27,30,62��. This re-
sults in the following expression:

� = −
Sp�̂sYs,O2

kO2
WC�s�

�O2
WO2

�d
�1/s� �38�

The combination of the two expressions results in an equation
for soot mass per unit length on the surface:

dmd

dt
= 
 − �md �39�

which accounts for soot loading and oxidation in a transient man-
ner. The thickness of the soot on the surface is calculated from
geometric principles �54�:

td =
1

2
�dm −
dm

2 −
md

�d
� �40�

Note that the mass of the soot on the surface may vary in each
numerical cell, but using the above equation normalized per
length ensures that the thickness remains consistent.

For the mass equation in the soot layer, Eq. �4�, the source term
stemming from soot oxidation has to be determined. Since the
mass added to the gas equals the mass of the soot that has been
combusted, over the entire layer, this source term equals Eq. �37�.
In order to use it within the mass equation, it is split by the
number of discretizations in the soot layer:

Ṡmass =
ṠC�s�

Ns − 1
�kg C�s� m−3 s−1� �41�

While not explicitly derived, the inclusion of soot oxidation via
the NO2 pathway follows similar to the O2 derivation presented.

2.5 Filter Energy Equation. In order to account for the tem-
perature of the filter, Bissett used the traditional heat diffusion
equation writing it as a function of the thicknesses of the wall and
soot. The filter wall and soot layer assume to have the same tem-
perature due to their proximity to each other and the fact that the
soot is present within the filter wall due to deep bed filtration.
Bissett’s model included the effects of conduction in the wall

Q̇cond, heat transfer from the gases in the channel Q̇conv, and the

effects of soot oxidation on the energy of the wall Q̇reac. In 1989,
Pattas and Samaras �66� formulate a discretized version of this

equation and find an energy flux through the wall Q̇wall not in-
cluded in the original formulation; this relates back to the discrep-
ancy in literature regarding the channel energy equations �see pre-
vious discussion and Refs. �10,14,15,28��. Based on the original
channel energy equations, the enthalpy flow through the wall can-
celed itself out and, as a result, did not appear in this equation. A
few years later, this equation was written in differential format

Table 1 Parameters used for isothermal and temperature step change simulations

Variable Value Variable Value

Inlet velocity 24.8 m s−1 Inlet pressure 1.0132 bars
EX-80 permeability 2
10−13 m2 EX-80 Forscheimer 5
108 m−1

Channel diameter 2.11 mm Channel length 12 in.
Wall thickness 0.432 mm DPF diameter 5.66 in.
Cell density 100 cells in.−2 Substrate density �58� 1300 kg m−3

Pore diameter 12 �m Substrate thermal
conductivity

0.5 W m−1 K−1

Substrate specific heat 600 J kg−1 K−1 Porosity 50%

Calculated parameters
Total mass flow rate 0.075 kg s−1 Inlet temperature 632.18 K
Number of cells 2516

Fig. 5 Variable differentiation utilized in soot and wall layer
energy equations
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including this energy flux through the wall �10�.
The current version of the filter energy equation can be now

seen as variants of the following full description �24,27,56,61�:

�� fcfVf + �dcdVd�
�Tf

�t
= Q̇cond + Q̇conv + Q̇wall + Q̇reac + Q̇supply

+ Q̇multi + Q̇rad �42�
The extension from Bissett’s original model began when Romero
et al. �67� decided to include the effects of thermal heaters to

provide a more active regeneration process Q̇supply. Later, Kon-
standopoulos et al. �14� formulated a multidimensional version of

a DPF Q̇multi, which is simplified into the classical flow model
using a continuum description of the filter as explained in Ref.
�12�. Because of this simplification, implementation of an effec-
tive thermal conductivity tensor accounts for multidimensional ef-
fects in the classical model. In the same paper, radiation heat

transfer Q̇rad between the walls is included in the multidimen-

sional model but omitted from the classical flow model �see Bis-
sett, Assumption 4�. These terms are revisited a couple years later
from the perspective of the classical flow model only �13,15�. The
multidimensional version of the filter energy equation effectively
eliminates Bissett’s original assumptions of an adiabatic device
with spatially uniform inlet conditions using ambient heat transfer
boundary conditions and zones of different inlet flow conditions.

Traditionally, researchers write the filter energy equation as a
function of wall and soot thicknesses; however, here the authors
write it as a function of volumetric terms intended to account for
the entire filter volume based on a 1D representation. This is simi-
lar to the methodology for modeling the monolith energy equation
for 1D catalyst modeling �16�. In the model, the total empty chan-
nel volume �no soot� equals the volume of each channel times the
number of channels written per axial length:

Ve = dm
2 Nc �43�

Utilizing the total DPF volume,

VDPF =
	D2

4
�44�

an empty void fraction can be determined similar to monolithic
catalyst modeling:

� =
Ve

VDPF
�45�

As a result, the total volume of the solid filter is then equal to

Vf = �1 − ��VDPF �46�
When the soot is present, the total empty channel volume now

accounts for the loss in gaseous volume:

Vde =
Nc

2
��dm − 2td�2 + dm

2 � �47�

Computation of a soot-based void fraction as a function of the
soot loading equals

�d =
Vde

VDPF
�48�

and derivation of the total volume of particulate matter on the
surface results in

Vd = �� − �d�VDPF �49�

Fig. 6 Comparison between the classical flow model and area-
conserved model of the authors for gas „a… pressure and „b…
velocity during isothermal run

Fig. 7 Density comparison between the classical flow model
and area-conserved model at halfway point in the axial direc-
tion during isothermal run
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Since the soot loading does not vary dramatically in the axial
direction from node to node, the heat transfer due to conduction
often removes this axial dependence:

Q̇cond = �� fVf + �dVd�
�2Tf

�z2 �50�

Because the gas in the inlet channel sees a different surface area
than the outlet channel, the model must account for these varying
areas in the heat transfer due to heat transfer and energy transfer:

Q̇conv = �Nc

2
��hgSI�TI − Ts� + hgSII�TII − Tw�� �51�

Q̇wall = �Nc

2
���sushISI − �wuwhwSII� �52�

Note that the heat transfer terms are now a function of the local
gas values at the interface of the soot and inlet channel and the

wall and outlet channel, respectively.
Finally, the contributions due to combustion are a function of

the soot oxidation as described in the previous section:

Q̇reac = − �Nc

2
��md�Hreac

�d
�ṠC�s�

�53�

where oxidation only occurs on half the number of total channels.
This term includes the heat of reaction and its effect on the filter
energy equation.

3 Boundary Conditions
According to Nield and Bejan �35�, at the interface between a

porous medium and a clear fluid the continuity of temperature can
be imposed. To do so, the model enforces a local thermodynamic
equilibrium at the interface of the channels and the wall at every
axial distance point. The normal component of the heat flux de-
rived from the first law of thermodynamics describes the govern-
ing equations at the surface:

Q̇in + ṁinHin = Q̇out + ṁoutHout �54�
At this interface, the area is the same between the inlet channel

gas and the soot or porous wall and, as a result, the first law at this
boundary is equal to

�sushI + hg�TI − Ts� = �sushs − k
g
*dTs

dy
− hc�Tf − Ts� �55�

where the left-hand side equals the heat flux to the boundary from
the inlet channel. On the right-hand side, the terms represent the
respective heat fluxes away from the boundary due to advection,
conduction, and convection, respectively. Solving for the tempera-
ture derivative, we recover the boundary condition at y=0 for the
wall energy:

�dTs

dy
�

y=0
=

1

k
g
* ��sus�hs − hI� − hc�Tf − Ts� − hg�TI − Ts��

�56�
Following the same logic for the interface between the outlet
channel and the wall, the boundary condition at y= tm+ td can be
determined:

�dTw

dy
�

y=tm+td

=
1

k
g
* �hg�TII − Tw� − hc�Tf − Tw�� �57�

The above methodology follows that of the conservation of spe-
cies as discussed in the papers by Haralampous et al.

At these boundaries, the pressure is equal to the respective
channel pressures from a control volume analysis,

Fig. 8 „a…. Comparison of heat transfer correlations during ar-
tificial step change numerical experiment and „b… effect of
Peclet number on the heat transfer

Fig. 9 Contour plots of different heat transfer correlations dur-
ing temperature step change numerical experiment
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�ps�y=0 = pI and �pw�y=tm+td
= pII �58�

with the densities calculated according to the ideal gas law:

��s�y=0 = ps/RTs and ��w�y=tm+td
= pw/RTw �59�

For the inlet channel, typically specification of the thermody-
namic properties at the front face of the device occurs: �I, TI, and
uI. For the outlet channel, the stagnation condition for the velocity
specifies the only known commodity at the left boundary:

�uII�z=0 = 0 �60�

While the pressure at the left wall can be calculated through an
iteration technique similar to methods previously utilized in litera-
ture �10�, a method of characteristics �MOC� analysis from fluid
dynamics needs to be completed to calculate the temperature at
this wall. This is because its value is a function of the flow from
the wall and the left running wave �u-a� from the neighboring cell
in the outlet channel. From previous efforts �16,68�, the following
governing equation at the wall can be written:

�pII

�t
− aII

2 ��II

�t
= �2 �61�

To calculate the steady-state solution, the left-hand side of the
equation is set equal to zero with the following components:

�2 =
pe

�
Seng −

upe

�
Smom − �H − u2

�
pe + �

j

YIIj
pCj	Smass + �

j

pCj
Sj

= 0 �62�

From the DPF governing equations, the knowledge that uII
equals zero at the wall and omitting the species equations, the
terms in the above equation are

Smass =
�wuwSII

AII
, Smom = 0 and Seng =

SII

AII
�hg�Tw − TII� + �wuwhw�

�63�
Hence, the temperature at the wall in the outer channel is deter-
mined to be

�TII�z=0 = Tw −
�wuw

hg
�hII − hw� �64�

An iterative procedure is then required to calculate TII at the
boundary as hII is also a function of TII.

4 Numerical Methods
For the inlet and outlet channels, there exists a differential-

algebraic system of equations. Similar to Bissett’s work, the nu-

merical code LSODI �69� can be used to solve for the resulting
thermodynamic properties. In the soot and wall layers, the need
for computational speed requires a numerical approximation. This
is because solving the compressible version of the governing
equations through these layers proved too tedious a numerical
task.

From Darcy’s law, use of an average velocity through each
respective layer allows for an approximation of the pressure drop
across each layer:

�ps 
 −
�ūstd

Kd
and �pw 
 −

�ūwtm

Km
�65�

Since neglecting the Forscheimer effect typically occurs in DPF
modeling, the authors feel that this is a reasonable assumption to
make.

Using the ideal gas law and average temperatures, the pressure
differential relates to the density drop in each layer:

��s 

�ps

RT̄s

and ��w 

�pw

RT̄w

�66�

This simplification results in an approximation of the compress-
ibility effect in each layer. Since the viscosity does not change
significantly in the layers, the pressure drop terms can be equated:

�ps = �pw
Kmūstd

Kdūwtm

�67�

Combining this result with the density approximation gives a rela-
tive scale of the density differences between the two layers:

��s

��w



KmūstdT̄w

KdūwtmT̄s

�68�

Using the boundary conditions determined in the previous sec-
tion,

��s�y=0 − ��w�y=td+tm
= ��s + ��w �69�

the density drop across the soot layer equals

��s =
��s�y=0 − ��w�y=td+tm

1 +
KdūwtmT̄s

KmūstdT̄w

�70�

Computation of the density drop across the wall layer uses the
boundary conditions via Eq. �69�.

Then, to compute the density values at each numerical discreti-
zation, the model assumes that the density varies linearly in each

Table 2 Parameters used for soot loading simulations

Variable Value Variable Value

Inlet pressure 1.0132 bars Inlet temperature 583 K
DPF diameter 9 in. DPF length 12 in.
Cell density 60 cells in.−2 Wall thickness 31 mil
Mass flow rate 350 kg h−1 Cell size �78� 2.5 mm
Inlet temperature 310°C Thermal conductivity �79� 9 W m−1 K−1

Bulk density �79� 1600 kg m−3 Specific heat �79� 750 J kg−1 K−1

Particulate thermal
conductivity �80�

2 W m−1 K−1 Particulate specific heat �81� 889 J kg−1 K−1

Pore diameter �79� 40 �m Porosity �79� 50%

Calculated parameters
SiC loaded permeability 3.25
10−13 m2 Particulate permeability 5.10
10−14 m2

SiC empty permeability 2.00
10−12 m2 Particulate density 75 kg m−3

Void fraction 0.58 Number of cells 3817
Substrate density 2753 kg m−3
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layer. Using this simplification, computation of the velocity and
pressure profiles in each layer occurs in a first-order implicit
method as follows �soot layer example only�:

�us�i =
��sus�i−1 + �ys�Ṡmass�i

��s�i�1 +
�ys

�As�i

dAs

dy
� �71�

ps,i = ps,i−1 − ��us

Kd
+ �d�sus

2�
i

�ys �72�

Note that by holding the total density drop across the layers con-
sistent to the first laws of thermodynamics at the boundaries, Eq.
�69�, the model does not introduce any error to the overall flow
rates entering and exiting the respective layers. Some compress-
ibility effects are lost but at savings in numerical run time.

This iterative method of solving for the velocity will be com-
pared to the classical method of utilizing only a single velocity
and neglecting the effects of soot thickness on the mass equations;
i.e., SI=SII. Through the use of Eq. �65�, this velocity can be
calculated as �ignoring Forscheimer effects�

ū =
pI − pII

�� tm

Km
+

td

Kd
� �73�

This equation can be determined from using the non-area-
conserved form of the soot and wall pressure �Eqs. �10� and �11��.

To better account for the area conservation, using an implicit
first-order differentiation of the soot pressure equation results in

ū =
�pI − pII�SI

�� tmSI

Km
+

tdSII

Kd
� �74�

For this version, it is important to note that while the average
velocity utilizes the soot thickness, the mass equations still utilize
SI=SII to ensure no mass accumulation in the layer �similar to
Haralampous et al. as discussed in Sec. 2.1�.

To solve the energy equation incorporating second-derivative
terms, the model utilizes a variable differentiation formulation.
This is to allow for a different numerical discretization in the soot
layer as in the wall layer: �ys��yw. Figure 5 illustrates a sche-
matic of this variable differentiation, and the numerical implemen-
tation equals �70,71�

dT

dy
=

1

�y+ + �y−
��y−

�y+
�Tj+1 − Tj� +

�y+

�y−
�Tj − Tj−1�	 �75�

d2T

dy2 =
2

�y+ + �y−
��Tj+1 − Tj

�y+
� − �Tj − Tj−1

�y−
�	 �76�

for the first and second derivatives, respectively. The same num-
ber of nodes is used in each layer; however, because the wall
thickness will be different than the soot thickness, this differentia-
tion is required at the interface between the two layers; i.e., �y−
= td /Ns and �y+= tm /Ns. Solving for the temperature in the energy
equations and substituting the above relationships allows for com-
putation of the temperature profile in the soot and wall layers in a
second-order implicit manner.

In order to compute the entrance wall velocity, the model uti-
lizes an iterative procedure by first assuming an initial soot veloc-
ity: �u

s
*�y=0. Use of the constant pressure boundary condition at

the interface of the wall and the outlet channel allows for a cal-
culation of the deviation between the actual and predicted pres-
sures:

�p = �p
w
*�y=tm+td

− pII �77�

Differentiation of the traditional wall pressure equation in alge-
braic format allows the model to find a wall velocity correction
term

�p

du
= − �� tm

Km
+

td

Kd
� �78�

A Newton–Raphson technique then updates the guess for the inlet
soot velocity:

��u
s
*�y=0 = −

�p

�p/du
�79�

This iteration repeats until the deviation between the actual and
the predicted pressure is less than a specified convergence crite-
rion.

To complete the numerical procedures, solution of the soot
mass equation occurs in an implicit manner,

Fig. 10 „a… Pressure drop as a function of soot loading versus
experimental data †77‡ and previous literature †74‡ results and
„b… the percent error in approximating the flow through the wall
using an average velocity
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md
n+1 =

md
n + 
n+1�t

1 + �n+1�t
�80�

and the filter temperature equation is computed according to the
forward-time centered space �72� method as previously discussed
in catalyst modeling �16�.

By using the linear density approximation and the Newton–
Raphson technique for the initial soot velocity, the reduction in
the numerical run time occurs to the point where it makes tran-
sient test procedures run possible. In the case that the gas tem-
perature in the soot and wall layers is equal to the filter tempera-
ture, the numerical method presented will approximate
compressibility since the density change varies directly with the
pressure drop according to Eq. �66�.

5 Results
The models to date typically only use one average value for

density and velocity in the soot and wall layers, respectively, with
most references using only one for both layers. The formulation
presented in this paper calculates all thermodynamic properties in
the wall as a function of distance based on the Navier–Stokes
equations of motion using a linear density approximation. To
compare the classical model with the version presented here,
sample runs were made utilizing filter properties available in Ref.
�73� and presented in Table 1. In this reference paper, there is no
soot present, and run-time conditions are given. With respect to
the reproduction of the classical model, the local wall pressure
approximation of Haralampous et al. �13� is used:

p̄ = 1
2 �pI + pII� �81�

As illustrated in Fig. 6, the axial values of pressure, velocity,
and density compare very favorably between the two models with
only a small discrepancy noted in the wall velocity. In Fig. 7,
separation of the density values by the channels and wall illus-

trates the differences between the two models. Using the model
presented here, there is a continual change in the density proper-
ties across the wall approximating the effects of compressibility.
Since this was an isothermal run, the density at the interface of the
inlet channel and wall ��w�y=0 used in the mass flux term of the
channel mass equations is equal to the density in the inlet channel
because the pressure and temperature at the interface are the same
as the inlet channel. This is also the case for the density at the
interface of the outlet channel and the wall ��w�y=tm

.
It is interesting to find that when the wall is discretized by only

three nodes, one corresponding to the inlet/outlet channel bound-
aries and one for the middle of the wall, the middle wall node
corresponds nearly exactly with the simple local pressure based
classical model. This is because the pressure drop across the wall
is nearly linear according to Darcy’s law with only a small effect
due to Forscheimer. Hence, using the average pressure in the clas-
sical formulation will give properties that accurately approximate
the effects of the wall on the flow when the gas temperature does
not vary significantly.

In order to check the assumption that the gas temperature in the
wall instantly assumes the filter temperature, a sample simulation
was run artificially raising the inlet temperature of the previous
example to 800 K, whereas the filter temperature was held con-
stant at 632.18 K. While this may not actually occur in practice,
this numerical test illustrates if any effect is present due to con-
duction; i.e., it looks at the relationship of advection and conduc-
tion versus convection. Later in this paper, definitive proof occurs
through a simulation involving an actual experimental test. Fig.
8�a� plots the channel results illustrating that both convective heat
transfer correlations produce nearly the same results. The tem-
perature of the gas leaving the filter wall is equal to the wall
because the heat transfer coefficients are extremely large due to
the small pore size. It took reducing the Zukauskas correlation by
a factor of 25 in order to see any change in the results. Figure 9

Fig. 11 Velocity and pressure contour plots in the soot and wall layers as a function of soot loading
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corroborates this through contour plots of the gas temperature in
the wall. The correlation of Wakao et al. shows that the thermal
entrance length is insignificant, whereas the Zukauskus correlation
demonstrates a very small entrance length. The altered correlation
illustrates the implementation of the conduction term by showing
more of a vertical temperature profile when the convective heat
transfer is small. When comparing the magnitudes of the three
terms in Eqs. �18� and �19�, it was found that the magnitude of
convection to advection is on the order of 105, whereas the mag-
nitude of convection to conduction is on the order of 104. This
illustrates that convection dominates the mode of heat transfer in
the wall, validating the common assumption that Ts=Tw=Tf.

To determine the effect of wall velocity on heat transfer, previ-
ous efforts were rerun using the heat transfer correlation of Eq.
�17� including and not including the Peclet number effects. Since
this case had a relatively high wall flow velocity as illustrated by
the inlet channel value, this is a good indication of any effect on
the wall and channel temperatures. When including the Peclet
number effects as illustrated in Fig. 8�b�, the results show that the
inlet channel temperature profile shifts as more heat transfer oc-
curs closer to the inlet. This is because the Nusselt number is
higher in the case of suction and transfers more heat to the wall in
the entrance cells. This could possibly cause the soot regeneration
event to shift toward the entrance and will be revisited in results
presented later in this paper.

To demonstrate the effects of the soot on the flow, simulation
runs were accomplished using data available in a paper by Kon-
standopoulos et al. �74� and presented in Table 2. Figure 10�a�
demonstrates the calibration of the filter and soot permeabilities as
a function of pressure drop versus soot loading. In this figure, two
different filter permeabilities were determined with respect to an
empty filter and a value that corresponds to the case when a sig-
nificant amount of the soot is present. This is because as the soot
accumulates with the wall from deep bed filtration, the filter per-
meability will decrease to reflect the change in pore size. There
are models in literature to account for this effect
�28,52–54,56,57�; however, incorporation of those models with
respect to the equations presented in this paper is noted for future
efforts. The model presented here does follow the experimental
data quite well after deep bed filtration has finished.

In addition, Fig. 10�a� illustrates the pressure drop results when
a singular velocity and pressure are utilized for the wall and soot
layers via Eqs. �73�, �74�, and �81� as in the classical model inter-
pretation. Figure 10�b� shows that the use of the non-area-
conserved pressure equation to calculate the wall velocity results
in a 5% error in pressure drop occurs when the soot layer is 6% of
the channel diameter. However, utilizing the area-conserved pres-
sure equation to calculate the wall velocity demonstrates that this
5% error is not reached until the soot layer is 10% of the channel
diameter. From a DPF loading standpoint, this corresponds to a
loading of around 8 g / l, which is a medium to heavy loaded filter
to be avoided in actual operation. Since engineers must design the
filters for all possible scenarios, this result is important and illus-
trates clearly when the use of area conservation must be consid-
ered. However, for normal DPF operating regimes using the
proper pressure drop equation to account for the soot loading
while still utilizing a singular wall velocity and pressure illustrates
that the assumption of td�dm is quite valid.

In Fig. 11, wall velocity and pressure contour plots within the
wall are illustrated as a function of soot loading with the drawings
to scale �soot thickness versus channel diameter�. We see that the
wall velocity is no longer constant in the normal direction with
about a 20% difference seen in the case of 174.37 g of the soot
loaded within the filter. The pressure plots illustrate the difference
in the two layers with a significant amount of the drop occurring
within the soot layer because of the lower permeability of soot;
i.e., higher flow resistance.

To demonstrate the effects of transient soot loading, a numeri-
cal experiment was set up to flow a uniform and random amount

of soot into the filter as a function of the time; total amount on the
surface to equal 174.37 g at the end of the test. The end goal was
to see if the soot loading is nonuniform on the surface and if the
model is able to account for the correct mass of the soot. In Fig.
12, the results show that while the random and uniform soot load-
ing events have different thickness profiles, the deviations from
the norm are only a few percent. Additionally, there is no signifi-
cant difference in the pressure drop results as a function of load-
ing. In both cases, the model showed excellent ability with respect
to accuracy of the total loading.

To validate the oxidation component of the soot mass equation
and the filter energy equation, two phases of a SiC DPF experi-
mental test by Young et al. �75� were modeled. The first phase
involved the warm-up of a loaded DPF by thermally heating an
inlet flow containing only inert N2. In the second phase, the flow
rate was reduced, the heater turned off, and 18% O2 was intro-
duced into the feed stream �Table 3�. Unfortunately, the experi-
mental data in the paper for the second phase were only available
down to 400°C. As a result, linear extrapolation of the inlet tem-
perature profile occurred beyond that point until reaching room

Fig. 12 Comparison of three different soot loading events with
respect to „a… pressure and „b… particulate layer thickness
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temperature. The results in Fig. 13�a� illustrate that the model is
able to capture the warm-up of the DPF. As a check of the heat
transfer coefficients, this figure shows a comparison of the
packed-bed correlation with the assumption of setting the gas tem-
perature in the filter equal to the filter. The results show that there
is not any difference between this assumption and the use of the
packed-bed correlation. Even when using the altered correlation,
the warm-up profile only deviates slightly from the packed-bed
correlation.

In the same figure, the simulation and experimental results for
the cooldown and oxidation test are given. The activation energy
was set equal to 125 kJ /mol as found in Ref. �58�, while the
partial oxidation parameter was specified as the average value of
those found in the literature, Eq. �33�. In order to reach the speci-
fied conversion rate of 55% mentioned in the paper of Young et
al., the authors calibrated the preexponential factor. Overall, the
model is able to capture the temperature rise at the different po-
sitions along the DPF. However, the filter temperatures predicted
by the simulation are higher than the experimental values. This
could be because of the effects of a varying experimental flow
rate, radial heat transfer, ambient heat transfer, and a lower exo-
thermic reaction due to more CO creation than CO2 �see Fig. 14�.
In addition, since the species equations were not included, the
amount of oxygen towards the end of the DPF could be too high,
causing a larger exotherm. It is important to note that previous
results of an adiabatic 1D DPF model also show a higher tempera-
ture than experimentally found �76�.

The experimental test of Young et al. was also utilized to de-
termine whether or not the mass source term for the gas in Eq. �4�
is required. Figure 15 shows that once the exothermic reactions
start occurring, the exit mass flow rate starts to deviate in the case
where the source term is omitted. During the conditions of the
largest deposit conversion, a deviation of around 6% in the mass
flow rate is encountered. As a result, the final conversion of de-
posit mass on the surface was around 1% higher by omitting this
source term. This test also provided the final comparison of the
importance of the Peclet number in the heat transfer correlations
for the inlet and outlet channels. As illustrated in Fig. 16, the
Nusselt numbers vary up to 6% over the length of the experiment.
This is enough of a change to warrant including the small com-
putational requirement of including a Peclet number calculation
and use of either Eq. �16� or �17�.

6 Conclusions
This paper describes a 1D based DPF model using area conser-

vation in both channels and the soot and wall layers. This formu-
lation accounts for the effects of changing gaseous area in the inlet
channel and varying cross-sectional area of flow through the soot
layer. A brief description of other variable area models available
in literature was completed to illustrate how this model differs
from their governing equations. Instead of using a one unique
velocity value through either layer, the model presented here cal-
culates the velocity profile through the wall to account for the
different surface areas in the inlet and outlet channels. Since the
mass equations in the surface layers are included in the model
formulation, it remains consistent to the conservation of mass and
no accumulation of mass is present. It was found that area con-
servation becomes important when the DPF becomes moderately
loaded on the order of 8 g / l. A deviation in pressure drop through
the filter of around 5% is found when using the classical model
assumption of td�dm.

The model also imposes thermodynamic equilibrium at the in-
terface of the channels and soot and wall layer to capture the
thermal entrance lengths. This was accomplished by using the first
law of thermodynamics to calculate the normal heat flux to and
from the wall layers. It was found that the gas temperature in the
wall quickly becomes the filter temperature. Convection within
the porous membrane is at least on the order of 104 times larger
than advection and conduction, validating previous model as-
sumptions that the gas temperature in the soot and wall layers is
equal to the filter temperature. As a result, the authors have illus-
trated that the computational requirements needed to account for
area conservation and the gas temperature in the wall are ineffi-
cient with respect to model predictions.

It was found that under conditions of high inlet flow rates, the
temperature profile in the DPF shifts toward the front as the heat
transfer increases because of suction. The change in the Nusselt
number during an experimental test illustrates that the impact of
suction and injection on the heat transfer can be around 6% and
should be considered. In addition, the mass source term for the
gas in the soot layer was determined to have a small impact on the
mass flow rate through the DPF with a 6% deviation seen when
not included in the model. This resulted in a small change in the
total particulate conversion of around 1% and may be of more

Table 3 Parameters used for SiC warm-up, cooldown, and oxidation simulations

Variable Value Variable Value

Cell density 28 cells cm−2 Wall thickness 0.43 mm
Thermal conductivity 15 W m−1 K−1 Bulk density 0.76 g cm−3

DPF diameter 144 mm DPF length 150 mm
Particulate thermal
conductivity �80�

2 W m−1 K−1 Particulate specific
heat �81�

889 J kg−1 K−1

Pore diameter 8 �m Monolith type B–SiC
Porosity 41%

Calculated parameters
Number of cells 4560 Cell diameter �82� 1.46 mm
Substrate density 1885 kg m−3 Specific heat 1025 J kg−1 K−1

Particulate permeability 5.10
10−14 m2 Particulate density 75 kg m−3

SiC empty permeability 3.00
10−13 m2 SiC loaded permeability 1.70
10−13 m2

Young et al. warm-up
Volumetric flow rate 1500 l min−1 Mass flow rate �STD� 0.0296 kg s−1

Deposit loading 37.11 g Inlet pressure 1.0132 bars

Young et al. cool down and oxidation
Volumetric flow rate 700 l min−1 Mass flow rate �STD� 0.0138 kg s−1

Inlet O2 after 40 s 18% Inlet pressure 1.0132 bars

062807-14 / Vol. 130, NOVEMBER 2008 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.107. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



interest when cyclic soot loading and regeneration events are en-
countered. Finally, a transient soot loading model was included in
order to capture the irregularities of loading on the surface. It was
found that very little difference in the pressure drop is encoun-
tered when a uniform, steady, or random soot loading is utilized.

This paper illustrates a number of small changes in model re-
sults when a rigorous implementation of the model is considered
according to the governing equations of fluid dynamics. Overall,
the classical model assumptions are quite valid; however, as with
any numerical model, a good understanding of the physics is re-
quired to make sure that the model is applied properly.

Nomenclature
a � speed of sound �m s−1�
ã � surface area density �m−1�
A � cross-sectional area �m2�

AO2 � preexponential in O2 Arrhenius rate law
�m K−1 s−1�

As � cross-sectional area in the soot layer per unit
length �m�

Aw � cross-sectional area in the wall layer per unit
length �m�

c � specific heat �J kg−1 K−1�
cp � constant pressure specific heat of gas

�J kg−1 K−1�
d � effective diameter �m�

dm � channel diameter �m�
dp � pore diameter �m�
D � diameter of the DPF �m�

Dp � diameter of a particle �m�
EO2 � activation energy in O2 Arrhenius rate law

�kJ mol−1�
F � friction factor of Bissett �28.454�
h � specific enthalpy �J kg−1�

hc � convective heat transfer coefficient in the soot
and wall layers �W m−2 K−1�

Fig. 13 Model versus experimental results for „a… warm-up of
loaded SiC DPF containing only inert N2 and „b… cooldown and
oxidation test with 18% O2

Fig. 14 Reaction enthalpy calculations of soot oxidation by O2
at different partial oxidation factors

Fig. 15 Exit mass flow rate difference from omitting the gain in
mass due to soot oxidation reactions in Eq. „4…
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hg � convective heat transfer coefficient in the chan-
nels �W m−2 K−1�

H � total enthalpy �J kg−1�
k � rate constant �m s−1�

kg � thermal conductivity of gas in the channels
�W m−1 K−1�

k
g
* � effective thermal conductivity of the gas in the

soot and wall layers �W m−1 K−1�
m � mass �kg�

ṁin � total mass flow rate of gas �kg s−1�
ṁin/out � mass flow rate into/out of the wall boundary

�kg s−1�
ṁsoot � mass flow rate of the soot �kg s−1�
Npore � total number of pores
Npart � total number of particles

Nc � total number of channels
Ns � Number of discretizations in the soot layer
Nu � Nusselt number

p � pressure �Pa�
p̄ � average pressure in soot and wall layer �Pa�

pe � partial pressure with respect to energy �kg m−3�
pC � partial pressure with respect to concentrations

�m2 s−2�
Pe � Peclet number
Pr � Prandtl number

Q̇cond � energy conduction within the wall �W m−1�
Q̇conv � energy convection due to gas in channels

�W m−1�
Q̇multi � energy conduction due to multidimensional

effects �W m−1�
Q̇rad � radiation energy within filter channels �W m−1�

Q̇reac � energy exotherm/endotherm due to soot/wall
reactions �W m−1�

Q̇supply � active energy supply to wall �W m−1�
Q̇wall � energy flow through the wall �W m−1�

Q̇in/out � energy flux into/out of the wall boundary
�W m−1�

Re � Reynolds number
Ru � universal gas constant �8.3145� �J mol−1 K−1�

S � surface area per unit length �m�
ṠCs � overall soot combustion rate �kg C�s� m−3 s−1�

Seng � governing equations term for energy equations
�W m−3�

Sj � governing equations term for species equations
�kg m−3 s−1�

Smass � governing equations term for mass equations
�kg m−3 s−1�

Ṡmass � discretized soot combustion rate
�kg C�s� m−3 s−1�

Smom � governing equations term for momentum equa-
tions �kg m−2 s−2�

ṠO2 � oxygen combustion rate �kg O2 m−3 s−1�
Sp � specific surface area of the soot �5.5
107�

�m−1�
t � time �s�

td � soot thickness �m�
tm � filter wall thickness �m�
T � temperature �K�
u � velocity �m s−1�
ū � average velocity in soot and wall layer �m s−1�
V � volume per axial length �m2�
W � molecular weight �g mol−1�
y � soot and wall �normal� distance �m�
Y � mass fractions
z � channel �axial� distance �m�

Greek Variables
�NO2 � NO2 partial oxidation factor

�O2 � O2 partial oxidation factor
�g � thermal diffusivity of gas �m2 s−1�
� � Forchheimer inertial coefficient �m−1�
� � inverse of soot combustion time scale �s−1�
� � differential operator

�2 � source term in the MOC
�Hreac � heat of reaction �kJ mol−1�

� � void fraction of clean DPF
�d � void fraction of loaded DPF
�p � porosity �%�
K � Darcy’s law permeability �m2�
� � thermal conductivity �W m−1 K−1�
� � dynamic viscosity �kg m−1 s−1�
� � soot accumulation angle �°�
� � density �kg m−3�

 � mass flow rate of the soot to the surface per

mesh interval �kg C�s�m
−1 s−1�

Subscript and Subsubscript
a � heat transfer coefficient
b � heat transfer coefficient

C�s� � solid carbon, particulate or soot
d � soot

de � empty channel volume when the soot is
present

DPF � entire diesel particulate filter
e � empty channel volume
f � filter

fd � fully developed
i � axial index number
I � inlet channel

II � outlet channel
j � species and normal index numbers

NM � total number of species
N2 � nitrogen

NO2 � nitrogen dioxide

Fig. 16 Instantaneous Nusselt number in the inlet and outlet
channels for the oxidation experiment
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O2 � oxygen
PB � packed bed

s � soot
w � wall
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Introduction
This short note follows the presentation of a proposed soot

model �1� that was essentially developed for engineering pur-
poses, and extends it by introducing agglomeration using the ele-
ments exposed in a recent review �2�. This model was originally
developed for estimating the soot volume fraction and the primary
soot particle diameter. Agglomeration is far from being fully un-
derstood. This extension should thus be considered as a somewhat
speculative and coarse interpretation of soot particle agglomera-
tion in a cylinder. The qualitative focus may facilitate the compre-
hension of the in-cylinder pollutant formation process. However,
it is important to note that the intent is not to provide comparisons
with actual cases and measurements, given our incomplete funda-
mental knowledge of the processes involved. Rather, it is to assess
the behavior and impact on modeling of such refinements and the
type of information and scenario that may be accessed such that
further experimental validations and practical use can be planned.

Soot Formation Submodel
The equations below correspond to the extended model �see

Ref. �1� for the base line soot and oxidation models�:

d��n�
dt

= a0�fuel�e−Ta/T + f��n� − g��n���N� − Sox� �1�

d��N�
dt

= a��n� − b��n���N� − H�dpl
− dpZ
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− N��/N�2/3�� 6
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Table 1 Kinetics in the soot model. For detailed infor-
mation, see Ref. †1‡. For ease, the basic kinetics from
Ref. †3‡ on which this modeling is based is recalled in the
caption: d„�N… /dt=a„�n…−b„�n…„�N… and d„�n… /dt
=a0†fuel‡exp„−Tan0

/T…+F„�n…−g0„�n…„�N…

Ta 21,000 K
a 105 ���
f 100 ���
g 10−15 m3

b 8�10−14 m3

a0 2.3�10−3 Hz
�s 1900 kg /m3

D0 1 nm
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d��N��
dt

= 2H�dpZ
− dpl

����N − N���4/3��Ys�N − N��/N��2/3

��� 6

�s�
�2/3

v̄r + v̄r�dc/2 + dp/2�2���N − N����Nc�

�6�

where f , g, a, and b are the parameters in Ref. �3� for Semenov-
type equations; Ta is the activation temperature of the fuel pyroly-
sis step; �s is the density of soot and Ys is its mass fraction; dpi

is
the inception diameter of soot from radicals; a0 is the preexponen-
tial factor estimating the rate of pyrolysis; �fuel� is the molar
concentration of the hydrocarbon �HC� fuel; nc is the number of

carbon atoms in the HC molecule; M̄c is the carbon molar weight;
and AsSox and Sox� are the oxidation terms. Details of these terms
are provided in Ref. �1� and their values are quickly recalled in
Table 1. The first equation is for the number density of active
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Fig. 1 Soot formation history in the cylinder sector: „a… mass, „b… primary particle number, „c… root mean
cubic diameter, „d… precursor particle number, „e… cluster number, and „f… aggregated particles; line: 0%
EGR, dashed: 8% EGR, and dots: 0% EGR, no threshold diameter „dpl=0…
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radicals n �fuel molecule pyrolysis�. The second equation is for
the soot primary particle population N. A third equation based on
kinetic theory describes the change in mass �Ys of the primary
particles through growth and coalescence. Evidence is reported in
Ref. �4� through transmission electron microscopy �TEM� imag-
ing that agglomeration may happen very early in the cylinder.
Hence, new terms extending the model to agglomeration are ex-
pressed in the last three equations and the introduction of Heavi-
side function in the number density equation, Eq. �2�. The prin-
ciple for the present development is the following. A
subpopulation N� of N particles is considered agglomerating into
Nc clusters. The remaining �N−N�� particles are still free. Each
time two free particles collide, they may coalesce �last term of Eq.
�2�� or stick and form a structure �first term of Eq. �5��. The
transition between coalescence and agglomeration is not obvious
�2�. A sensible approach consists in saying that coalescence is no
longer possible when the particle is too old, which means that it is
solid and the surface is no longer active enough for growth such
that it cannot be buried. Size might be a good indication of aging.
However, oxidation and coalescence lead to a change in size,
which is not related to chemical aging. Thus, a tracer is intro-
duced. This tracer is a virtual soot mass fraction. It is based on
free particles and surface growth only �without oxidation or co-
agulation�. This is Eq. �4�. When the tracer-particle diameter dpZ

is
bigger than a threshold diameter dpl

, coalescence is switched off
�last term of Eq. �2�� and agglomeration is switched on �first term
of Eqs. �5� and �6��. These are the Heaviside functions. Each
creation results in two initial particles per structure �first term of
Eq. �6��. Structures may collide with free particles �second term of
Eq. �6�� and increase their particle number. They may also collide

with each other �second term of Eq. �5�� and form a single bigger
cluster.

All collisions are assumed effective. They are based on basic
kinetic theory to make the model simple and self-consistent. v̄r is
the relative velocity between two particles in Brownian motion.
Its square is thus equal to the sum of their respective quadratic
mean velocities. For modeling, the cluster collision surface, a disk
equivalent to the projected surface, is retained. The projected sur-
face, is the sum of the projected surfaces of the primary particles,
according to Ref. �5�. This interesting discovery makes the model
independent of the fractal parameters, which are acknowledged to

Fig. 3 „a… Primary particle location „EVO…. Left: density num-
ber isosurface, 2.3Ã1014 m−3; range „1.5Ã1013 m−3, 3.3
Ã1014 m−3

…. Right: diameter isosurface. Internal 20 nm. Exter-
nal 30 nm. Range „0 nm, 42 nm…, „b… Cluster location „EVO….
Left: density number isosurface, 1.2Ã1013 m−3; range „1.5
Ã1011 m−3, 1.6Ã1013 m−3

…. Right: particles per cluster isosur-
face 14; range „4, 17…. Note that the different sectors are the
same computational sector representing different quantities.

(a)

(b)

(c)

Fig. 4 „a… Primary particle diameter field. Internal isosurface:
17.5 nm. External isosurface: 35 nm. „b… Cluster size „number
of particles… field. Internal isosurface: 7. External isosurface:
16. „c… Cluster size „apparent diameter „Ref. †5‡…, dc… field. Inter-
nal isosurface: 20 nm. External isosurface: 120 nm.
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vary with engine geometry, speed, and load. Thus, the projected
surface/collision area is given by �c=�dc

2 /4=N� /Nc�dp
2 /4, where

N� /Nc is the number of particles per cluster. dc is the estimated
diameter of the cluster and dp is the diameter of the primary par-
ticle. Kinetic theory has limits for complicated structures like frac-
tal aggregates. They may be animated by a complex movement
not considered in the theory. Furthermore, their response to turbu-
lent flow may be very different from small soot particles. Aggre-
gation rate may thus be higher than predicted because of a non-
representative evaluation of the relative velocity. Empirical
approaches have pointed out this problem in typical engine flows
�6,7�. This is the reason why comprehensive approaches based on
kinetic theory, as in Ref. �8�, are of limited utility here. Correc-
tions to augment the Brownian collision rate are very empirical at
the present time. It is furthermore hard to believe that they are
adapted to the considered configuration. Hence, an arbitrary factor
of 100 from the Brownian collision rate appearing in the last term
of Eq. �6� has been used to enhance particle clustering in order to
maintain simplicity in the model. Tests have demonstrated that
change in this factor has marginal impact on soot prediction �ex-
cept, of course, cluster size� as it has no direct interaction with the
soot mass growth. The chosen magnifying factor is arbitrary.
Given limited knowledge of this process, it is believed that this
qualitative approach is appropriate to highlight phenomena prior
to any practical consideration and validation.

The reader is referred to Ref. �1� for the computational frame-
work, tools, and configuration.

Results and Discussion
An overview of the simulation results is provided in Fig. 1.

Numerous observations may be made: �i� cooled exhaust gas re-
circulation �EGR� increases soot emissions by enhancing both the
particle number density and the particle size through a lower over-
all temperature regarding soot combustion during the expansion
stroke and a higher equivalence ratio due to the presence of a
vitiated mixture. These are the known prediction capabilities for
this kind of model �1�; �ii� pyrolysis of fuel into soot precursors is
known to be dependent on both temperature and fuel. This is
properly accounted for as the formation of soot precursors is
slightly delayed and is smaller for the EGR case. This leads to a
time delay before the soot forms in the combustion chamber. The
lower temperature in the cylinder for the EGR case slightly re-
duces the early formation of soot precursors. On the other hand,
EGR leads to more soot precursors later in the expansion stroke;
and �iii� the choice of a threshold diameter dpl

to turn coagulation
into agglomeration is of little importance in the chosen frame-
work. This numerical artifact is due to the Brownian-based coagu-
lation rate being too low, as discussed earlier. In addition to the
fact that contemporary knowledge does not allow any solution for
this issue, the extremely fast maturation of soot particles proposed
�and still debated� in literature �2� may be explained, below.

EGR leads to a slightly smaller number of clusters being
formed. This might be due to a reduced early collision frequency
between free primary particles. This frequency is dependent on
temperature. However, the number of particles per cluster is

Fig. 5 Sequence of formation of the soot. Left: cluster density number isosurface,
1Ã1013 kg−1. Middle: soot particle density number isosurface, 1Ã1013 kg−1. Right:
radical density number isosurface, 1Ã1013 kg−1. Transparent isotemperature at
1500 K. „a… At radical appearance „CA=9.6 ATDC…. „b… Close to end of injection „CA
=11.7 ATDC…. „c… At cluster appearance „CA=18.0 ATDC…. „d… At radical disappearance
„CA=22.1 ATDC…. „e… At full evaporation „CA=34.7 ATDC…. Note that the different sec-
tors are the same computational sector representing different quantities.
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larger. The dashed upper curve in Fig. 1�f� for the EGR case
predicts that the number of particles in a cluster decreases and
then increases. This trend occurs because the soot clusters that are
recirculated into the combustion chamber due to cooled EGR are
assumed to be fully mature with an average size of 100 particles.

In contrast to the primary particle formation, the threshold di-
ameter dpl

to switch from coagulation to agglomeration is visible
in cluster dynamics. In Fig. 1�f�, the start of the cluster formation
is revealed by the singularity on the left hand side of the graph.
There are a few degrees crank angle between the 0 nm and 30 nm
cases. This is negligible. Transition at 0 nm means that the par-
ticles are never able to merge. On the other hand, transition at
30 nm involves more mature particles after a long process of sur-
face growth and notable changes of surface chemistry. This is
consistent with the fast maturation of the primary particles, as
discussed above, showing that the coagulation rate may be of
limited importance. It is noted that the existence of soot particles
at top dead center �TDC� in this case is simply due to the re--

injection of the soot-containing exhaust gas �without filter� into
the intake.

For the following figures, isovalues have been chosen arbi-
trarily to help the reader interpret the location of the species of
interest. Furthermore, when a range of values is present in the
caption, it is only for information purposes about the order of
magnitude involved. This range is not represented in the picture.

Distribution of the cluster size at exhaust valve opening �EVO�
predicted by the numerical simulation is given in Fig. 2. The
distribution shape is about the same for the non-EGR and EGR
cases. The overall size is thus shifted to EGR as more particles
tend to agglomerate.

Figure 3 gives comparative information about soot particles and
clusters at the end of the expansion stroke. Consistent with our
previous communication �1�, bigger particles are found close to
the cylinder wall and head. The proposed model is thus able to
reproduce the trends experimentally observed �9,10�. It allows one
the interpretation that heat loss prevents the oxidation of primary
particles. It has actually been shown that emission prediction in

Fig. 6 Sequence of formation of the soot. From left to right. Particle per cluster
isosurface=16. Particle per cluster isosurface=7. Primary particle size isosurface
=17.5 nm. Primary particle size isosurface=35 nm. „a… Appearance of particles larger
than 45 nm „CA=9.6 ATDC…. „b… Close to the end of injection „CA=13.8 ATDC…. „c…
Appearance of clusters larger than seven particles „CA=26.3 ATDC…. „d… End of
evaporation „CA=34.7 ATDC…. „e… Appearance of clusters larger than 16 particles
„CA=72.7 ATDC…. „f… CA=93.3 ATDC. Note that the different sectors are the same
computational sector representing different quantities.
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the near-wall region is dramatically impacted by the surface tem-
perature �11�. Oxidation is highly temperature dependent. The
number density of particles is more important at the intermediate
annular location in the cylinder, an area swept across by spray
combustion. In regions close to the wall, where both particle di-
ameter and number density are large, agglomeration is expected to
be important. Figure 3�b� displays the presence of numerous ag-
glomerated particles in this region. Both numerous clusters and
numerous particles per cluster are found. Like the primary particle
distribution, clusters tend to be larger close to the wall. This is
consistent with the experiments as well. Growth, coagulation, and
agglomeration are acknowledged to be simultaneous. It is thus
admitted that some of the largest particles experimentally found
may come from a more-or-less buried cluster, i.e., stuck particles
are buried by surface growth.

A complete picture of the primary particle location with respect
to size is provided in Fig. 4�a�. A conical volume around the
cylinder axis and embedding the bowl is filled with small par-
ticles. A crown of large particles is located close to the corner
between the top and the wall. Small particles are explained be-
cause of oxidation. The interior of the cylinder volume is a well-
mixed high-temperature zone throughout the combustion process.
In contrast, the engine cooling system leads to heat losses at the
boundaries. They are mainly located at the head and the wall. The
oxidation of the soot is thus difficult in these regions. This leads to
larger particles. The same formation history is exhibited by clus-
ters, as shown in Figs. 4�b� and 4�c�. Small clusters are present
along the axis, consistent with the observations made about the
results shown in Fig. 3. Numerous large particles have, however,
agglomerated in a crown close to the top of the cylinder, accord-
ing to the mechanism described previously. This provides the pic-
ture of particle formation at the end of the expansion stroke and
before entering the exhaust pipe. Further agglomeration is ex-
pected to occur there.

A history of the soot formation is given in Fig. 5. The
iso-1500 K defines a volume where the temperature is higher, as
the transition criterion from ignition to combustion. In Fig. 5�a�,
radicals and soot particles are formed in rich, high-temperature
zones. These zones are on the side of the spray and between the
spray paths as swirl entrains a rich mixture fed with evaporating
fuel. Over time, clouds of soot grow in the proximity of the spray,
as shown in Fig. 5�b�. Then, clusters begin to appear in the area
where the density of soot particle is high, as shown in Fig. 5�c�.
This area is of an annular shape with a diameter roughly of the
order of the bowl. The shape of this area is explained by the
presence of evaporating spray, impacting close to the edge of the
bowl and mixing with hot air. It is in this rich region where the

soot is formed. During the expansion stroke, this region is simply
stretched in the direction of the downward motion of the piston.
The result is the field observed in Figs. 3 and 4. Figure 6 displays
another picture of the described phenomena. Particles of the soot
are formed very early, as exhibited in Fig. 6�a�. They easily reach
a large size in the rich, high temperature zone in the vicinity of the
spray, Fig. 6�b�. Clusters appear later and slowly grow, Figs.
6�c�–6�e�. As mentioned before, they preferably appear and grow
at an annular location that corresponds to a zone where numerous
and large particles are found.
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Development and Application of a
Complete Multijet Common-Rail
Injection-System Mathematical
Model for Hydrodynamic Analysis
and Diagnostics
A rather complete mathematical model for a common-rail injection-system dynamics
numerical simulation was developed to support experimentation, layout, and control
design, as well as performance optimization. The thermofluid dynamics of the hydraulic-
system components, including rail, connecting pipes, and injectors was modeled in con-
junction with the solenoid-circuit electromagnetics and the mechanics of mobile elements.
One-dimensional flow equations in conservation form were used to simulate wave propa-
gation phenomena throughout the high-pressure connecting pipes, including the feeding
pipe of the injector nozzle. In order to simulate the temperature variations due to the fuel
compressibility, the energy equation was used in addition to mass conservation and
momentum balance equations. Besides, the possible cavitation phenomenon effects on the
mass flow rate through the injector bleed orifice and the nozzle holes were taken into
account. A simple model of the electromagnetic driving circuit was used to predict the
temporal distribution of the force acting on the pilot-valve anchor. It was based on the
experimental time histories of the current through the solenoid and of the associated
voltage that is provided by the electronic control unit to the solenoid. The numerical code
was validated through the comparison of the prediction results with experimental data,
that is, pressure, injected flow rate, and needle lift time histories, taken on a high per-
formance test bench Moehwald-Bosch MEP2000-CA4000. The novel injection-system
mathematical model was applied to the analysis of transient flows through the hydraulic
circuit of a commercial multijet second-generation common-rail system, paying specific
attention to the wave propagation phenomena, to their dependence on solenoid energiz-
ing time and rail pressure, as well as to their effects on system performance. In particu-
lar, an insight was also given into the model capability of accurately predicting the wave
dynamics effects on the rate and mass of fuel injected when the dwell time between two
consecutive injections is varied. �DOI: 10.1115/1.2925679�

Introduction

The diesel engine penetration has largely passed the 40% share
of the European market of passenger cars and it is easy to predict
a further growth in the next years over 50%. Such great success is
mainly due to the late 1990s availability of technology break-
through for the fuel delivery system, i.e., the common rail �CR�,
which has enhanced the direct-injection �DI� diesel engine poten-
tial in terms of fuel economy and fun to drive, granting a superior
emission and noise-vibration-harshness �NVH� control, the tradi-
tional weak points of solution. The diesel engine NOx and PM
emission challenge continues in the next future toward zero emis-
sion level, so that injection-system layout optimization and con-
trol strategy enhancement are key objectives to pursue. To that
end, it is fundamental to better understand the effects of operation
variables and components on the dynamics of the new generation
multijet CR systems. Thus, a complete and accurate simulation
tool of these systems is very useful to the designer.

The CR features and potentialities in substantial improvements

of DI diesel engine performance are described by many authors
�e.g., Refs. �1� and �2��. In such a system, the generation of pres-
sure level is independent of the fuel metering so that both the
injection timing and length can be optimized for every working
condition providing accuracy in the injected mass quantity. The
fuel can be injected at very high �roughly constant� pressure for
spray atomization, so as to promote its mixing with air, resulting
in combustion improvement. Besides, it is possible to shape the
energy conversion process in order to minimize the typical com-
bustion noise of diesel engines and to further lower emissions and
fuel consumption.

The electronically controlled multiple injection concept, by
splitting the fuel injection up to five pulses, in conjunction with
variable-swirl intake ducts and cooled exhaust gas recirculation
�EGR�, has been an effective strategy to achieve simultaneous
reduction of NOx and soot level emissions fulfilling the reduced
engine-out emission levels imposed by EURO-4 legislation.

All these premises support a design approach finalized to manu-
facturing an injection system that is capable of operating repeat-
able injections of small and precise fuel amounts. Many research
activities are oriented toward CR system improvements in order to
reduce the dwell time between two consecutive injections. A con-
straint in reducing this dwell time is due to the pressure fluctua-
tions, which arise as a consequence of injector opening and clos-
ing and which propagate inside the system, hindering the
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achievement of the required accuracy and repeatability in the
amount of fuel injected at each pulse when the dwell time varies.
Using very close injections requires an adequate system dynamics
that is strongly dependent on the hydraulic-system layout. Al-
though the solenoid recharge-time typically allows actuation of
two consecutive electric pulses above 100 �s time intervals, flow
instabilities further increase such a limit to 1000 �s in order to
keep a low standard deviation of the fuel amount injected over
consecutive engine cycles when the dwell time is changed �2–4�.

Numerical simulation offers the means of evaluating design and
operation variable effects on the transient flows inside the CR
systems with a significant reduction of experimental tests �5–7�.
The system geometrical features and the impulsive character of its
behavior do not allow a fully beneficial simulation when too sim-
plified mathematical models are used ��5,8��.

One-dimensional �1D� pipe flow models offer the best ratio
between benefits and computational cost, since they are capable of
catching the macroscopical fluid dynamic phenomenon aspects
taking full advantage of experimental tests. Numerical models of
CR systems, based on 1D partial differential equations, were de-
veloped in Refs. �6� and �9�. However, all these models assume a
constant rail pressure with respect to time and therefore, although
they can provide good resolution in the simulation of single injec-
tion events, they cannot be applied for accurately simulating mul-
tiple injection events. In fact, the experimental pressure distribu-
tion versus time at each location of the rail-injector junctions
shows a modulation corresponding to pressure oscillations versus
time in the rail, which thus does not behave as an infinite capacity.
If a constant rail pressure is assumed, the pressure waves caused
by the opening and closing of one injector are not expected to
affect the fluid dynamics of the pipes delivering the fuel from the
rail to the other injectors, whereas experimental tests have shown
that such an assumption can be critical �10�. Besides, the flow is
usually taken to be isothermal or at least temperature variations
are included by drastic simplifications �9�, so that the reduced
accuracy in sound-speed values can significantly lower the degree
of accuracy in multiple injection simulation.

In the present work, a rather complete CR system numerical
model, capable of accurately simulating multiple injections and
their interactions, was developed and validated by experimental
results, for the first time in the literature. The hydraulic and elec-
tromagnetic components of a commercial multijet CR injection
system for diesel passenger cars, including pump-rail line, rail,
rail-injector pipes, and electroinjectors, were modeled. Different
injector configurations were also considered.

A 1D barotropic flow model was applied to the pipes connect-
ing the rail with the injectors and with drilled passages inside the
injectors. It takes temperature variations into account on the basis
of a thermodynamic law of oil evolution deduced from experi-
mental pressure time histories at different system points. The
moving mechanical parts of injector were modeled by second or-
der mass-spring-damper schemes. Finally, a simple and effective
electromagnetic model was built for the solenoid control valve. It
was based on the experimental time history of the electric current
through the coil and on the time-dependent voltage that was ap-
plied by the ECU to the coil itself. This model was shown to
predict reasonable values of the attraction force acting on the pilot
valve, due to the general good agreement between the numerical
and experimental results for the pressure and needle lift time dis-
tributions.

The results of prediction were analyzed to find cause-effect
relationships and give explanations of the main nonstationary
events conditioning the injection-system performance.

Experimental Facility
A high performance test bench Moehwald-Bosch MEP2000-

CA4000 that is instrumented for fluid dynamic characterization of
high-pressure electronically controlled fuel injection systems was
applied for experimental investigation. This facility has a maxi-

mum shaft power of 35 kW and a maximum speed of 6100 rpm,
with the capability of simulating fast injection-system transient
operations and of choosing testing parameters so as to simulate
the real engine operating conditions.

With regard to the measurement instruments, an injection
discharge-rate meter �EVI� was used to take injector flow rate
traces by recording the pressure waves produced by an injection
inside a loop connected with the injector nozzle. The recorded
pressure time history is converted into fuel mass distribution �10�.
The injector was equipped with an inductive needle-lift sensor.
The injected quantity indicator EMI2 was employed to measure
the amount of fuel injected for each pulse the full injection is split
in. Three piezoresistive transducers recorded pressure and tem-
perature distributions versus time in the rail, at the pump delivery
outlet and at the injector inlet. A National Instruments data acqui-
sition board and an acquisition program, which was developed by
the authors in LABVIEW environment, were used to control the
injection system. Further details on the experimental apparatus
and on the measuring instruments are given in Ref. �10�.

A new generation CR system for a 1900 cc JTD engine, with an
electronic control unit �ECU� that is capable of managing up to
five injections per engine cycle was installed on the bench. The
experimental hydraulic layout of the considered system is shown
in Fig. 1. This consists of a commercial high-pressure electroni-
cally controlled fuel injection system made up of a rotary pump, a
rail, and four electroinjectors �Fig. 2�. A three piston Bosch radial
jet pump, having a displacement of 550 mm3 / rev, supplies the
accumulator with ISO 4113 oil, which simulates the fuel. It is
lubricated and cooled by the oil itself. A fluid pressure regulator is
located at the delivery pump outlet. It is responsible for maintain-
ing the level of the oil pressure in the accumulator at a prescribed
value, and is controlled by the ECU on the basis of a pressure
signal input coming from the rail.

For model validation, a rail trapped volume of 20 cm3 and in-
jector supply pipes of different internal diameters �2.4–3 mm�
and lengths �125–300 mm� were considered. A rail-feeding pipe
of fixed length and diameter, 265 mm and 2.4 mm, respectively,
was considered for all the experimental tests, as the injection-
system performance were virtually unaffected by the geometrical
features of the pump-rail pipe.

Thermofluid Dynamic Model
The schematic of the hydraulic system was basically made up

of chamber elements, i.e., volumes with all the characteristic di-
mensions of the same order, and pipe elements, i.e., volumes with
one dimension prevailing over the others. In the chambers, pres-

Fig. 1 Experimental hydraulic layout and transducers
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sure and temperature take uniform values that depend only on
time, according to a lumped mass model. In the pipes, the ther-
mofluid dynamic properties are allowed to vary with both time
and axial coordinate, on the basis of a 1D approach.

The experimental time histories of pressure and temperature
measured at the delivery pump outlet were provided as input to
the model. These made it possible to include the action of the
pressure regulator and the thermodynamic effects of the fluid
compression in the pump. Since the rail is a tubular element,
which is supplied with oil by the pump and delivers the oil to the
injectors through pressure pipes, it was modeled as a set of cham-
ber elements, at any pipe junction location, and of pipe elements
connecting these chambers each other as well as with the rail
sidewalls.

A filter was present at the inlet of every injector �Location 4 in
Fig. 2�, to remove solid impurities from the feeding oil. It was
modeled as a concentrated resistance to the flow. Two chamber
elements were located upstream and downstream from the filter,
respectively.

The main feature of the injector is the presence of a control
volume, at the top of the control plunger �Location 8 in Fig. 2�,
supplied by the inlet pipe through a calibrated hole, namely, Z
�Location 7 in Fig. 2�. The central unit drives an electromagnet
that controls the injector opening: The solenoid excitation causes
the lifting of the pilot-valve ball, which opens a discharge hole,

namely, A �Location 6 in Fig. 2�. This connects the control volume
to the oil tank through the return pipe �1 in Fig. 2�, determining a
pressure decrease in the control volume itself.

A pipe conveys the oil from the injector inlet to the delivery
chamber, which is connected to the multihole nozzle tip through
an annular passage. The access to the injector holes is regulated
by the needle lift: When the electromagnet is not excited, the
pressures acting on the control-plunger and needle-valve unit,
along with the action of the spring preload, maintain the needle
closed. As soon as the electromagnet is excited, the pressure in the
control volume very quickly decreases, so that, after a very short
time from the rising of the current trough the solenoid, the needle
lifts allowing the fuel injection. It is evident that part of the pres-
surized fuel supplied by the rail is discharged through the holes Z
and A, whose dimensions determine the value of the pressure in
the control volume and the major portion of the time lag between
the pilot valve and needle lifting.

Different nozzle configurations including valve covered orifice
�VCO�, Minisac, and Microsac were modeled so as to cover the
overall commercial range of second-generation multijet electroin-
jectors.

Pipe-Flow Governing Equations. Based on a conservative for-
mulation, the pipe-flow model equations are written in the diver-
gence form, that is, following a control volume approach for a
constant cross section area pipe element, the conservation of mass
and the momentum-balance equations can be written in the fol-
lowing differential form:

�w

�t
+

�F

�x
= H �1�

where

w = � �

�u
�, F�w� = � �u

�u2 + p
�, H = � 0

−
4�w

d
� �2�

t is the time variable and x is the spatial variable along the pipe
axis; �, u, and p are the average cross-sectional density, velocity,
and pressure of the liquid, and d is the internal diameter of the
pipe. Due to the presence of impulsive phenomena, giving rise to
high-frequency pressure oscillations, the wall shear stress �w was
modeled according to the following expression:

�w =
1

8
f�	u	u + �

16

d2 �

0

t
�u�x,��

�t
W�t − ��d� �3�

where the first term on the right hand side is the stationary part of
�w evaluated using the Darcy–Weisbach friction coefficient f ,
whereas the second term represents the frequency dependent com-
ponent of �w. This latter was estimated by a convolution integral
taking the velocity fluctuation time history into account. The
weighting function W is computed according to Zielke’s model in
the efficiently modified version proposed by Kagawa �11,12�. The
coefficient � is equal to 1 for laminar flow. In the case of turbulent
flow, � was estimated as the ratio of turbulent to laminar station-
ary friction coefficients, the former evaluated at the actual Rey-
nolds number and the latter extrapolated to this by the Moody
diagram.

The conservation equations of only the mass and momentum
are generally sufficient to mathematically model the 1D flow of a
compressible pure liquid provided that either an isothermal flow is
assumed or the thermodynamic evolution of the fluid is specified.
In such cases, because the temperature is either constant or linked
to the fluid density, or pressure, by the process equation, the ad-
ditional required state equation reduces to p= p���.

In order to take account of the thermal effects due to the liquid-
fuel compressibility, which can play a significant role in high-
pressure injection-system simulation, the energy equation was in-

Fig. 2 Electroinjector
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troduced in Refs. �13� and �14�. The total �thermal and
mechanical� energy conservation equation can be written in the
following divergence form:

���h0 − p�
�t

+
���h0u�

�x
= ��q̇ + l̇w� −

4�w

d
u �4�

h0 is the total �or stagnation� enthalpy per unit mass of the fluid
system, i.e., h0=h+u2 /2, q̇ is the heat transfer rate per unit mass

from the pipe boundaries to the system, and l̇w is the viscous
power dissipation per unit mass within the system. By combining
Eq. �4� with the continuity equation and with the following con-
servation equation of the mechanical energy �that is obtained mul-
tiplying each term of the momentum-balance equation by u�:

1

2
�� �u2

�t
+ u

�u2

�x
� = − u� �p

�x
+

4�w

d
� �5�

one derives the so-called “heat equation” from Eq. �4�,

dh

dt
−

1

�

dp

dt
= q̇ + l̇w �6�

By introducing the entropy, Eq. �6� gives rise to the following
thermodynamic relation among the fluid state variables in any
elemental process:

Tds = dh −
dp

�
�7�

where T is the local temperature and s is the entropy per unit mass
of the system. To take the heat exchanges with the walls and the
effects of viscous power dissipation into account, a polytropiclike
thermodynamic evolution was considered. In this case, Eq. �7�
yields the following thermodynamic relation among the fluid state
variables:

dh −
dp

�
= cdT �8�

where c is the constant specific heat of the polytropic evolution.
For a pure liquid, the enthalpy fundamental equation in differ-

ential form can be easily verified to be �13�

dh = cpdT + �1 − �T�
dp

�
�9�

Thus, from Eqs. �8� and �9�, keeping aT=
ET /� in mind, the
following adimensional equation is obtained linking pressure and
temperature variations:

dp

ET
=

cp − c

�aT
2

dT

T
�10�

Equation �10� was used to close the pipe-flow model, i.e., Eq.
�1�, together with the state equation of the liquid fluid. This latter
was written in the following differential form:

d�

�
=

dp

ET
− �dT �11�

where

� =
1

v
� �v

�T
�

p

= −
1

�
� ��

�T
�

p

�12�

is the volumetric coefficient of thermal expansion or the thermal
expansivity, and

ET = − v� �p

�v
�

T

= �� �p

��
�

T

�13�

is the isothermal bulk modulus of elasticity of the fluid. The test-
oil ISO 4113 physical properties �namely, bulk modulus of elas-
ticity, speed of sound, thermal expansivity, kinematic viscosity,
specific heat at constant pressure and ratio between specific heats

at constant pressure and at constant volume�, were modeled by
analytical functions of pressure and temperature. These were de-
rived from the interpolation of accurately determined experimen-
tal data up to 1500 bars. Nevertheless, their results at higher pres-
sure, namely, up to 2000 bars, showed very good agreement with
the experimental data behavior at such high pressures �13,14�.
This allows one to be confident of the model reliability at pres-
sures up to 2000 bars and over.

Since two independent relations exist, namely, Eqs. �10� and
�11�, that link pressure, temperature, and density, the system is
monovariant, i.e., only one intensive thermodynamic property is
needed to describe the internal state of the fluid. Therefore, in
order to obtain the expression of the pressure wave propagation
speed for the considered polytropic evolution, one can calculate
the pressure gradient in Eq. �1� as follows:

�p

�x
=

dp

d�

��

�x
�14�

and rewrite Eq. �1� in the form

�w

�t
+ A

�w

�x
= H �15�

where

A = � 0 1

dp

d�
− u2 2u � �16�

is the Jacobian matrix of the partial differential equation system.
Hence, the values of the pressure wave propagation speed are
provided by the following eigenvalues of the matrix A:

�1,2 = u �
dp

d�
�17�

so that the sound speed is given by

a =
dp

d�
�18�

The pressure derivative in Eq. �18� is calculated for the considered
polytropic evolution. Introducing Eqs. �10� and �11� into Eq. �18�,
with a few analytical steps �as shown in the Appendix�, one ob-
tains

a =
c − cp

c − cv
aT �19�

Therefore, in the developed numerical model, the pressure waves
propagate along the pipes with the velocities given by Eq. �17� in
which the sound speed is computed according to Eq. �19�. The
value of the specific heat c was experimentally derived from pres-
sure wave propagation measurements in an ad hoc rail-injector
pressure pipe using two piezoresistive transducers with a natural
frequency of above 40 kHz, when installed through clamp adapt-
ers. These were located at a known distance �l from each other,
long enough �more than 1 m� so as to make virtually negligible
the error in the propagation speed evaluation. Figure 3 reports the
pressure time history recorded by the two transducers, one located
close to the injector inlet �Transducer A� and the other close to the
rail connector �Transducer B�. In the initial phase, the wave propa-
gation phenomena induced by the electroinjector travel only from
the injector toward the rail with velocity equal to �=u−a. The
pressure Pattern B shows a delay with respect to that registered by
Transducer A. In particular, as soon as the pressure in the rail-
injector pipe starts to decrease because of the rarefaction wave
induced by the pilot-valve opening, the fluid velocity u is yet very
low so that there is no lack of accuracy in setting
	�	�a. Therefore, by measuring the time interval �t in Fig. 3, it is
possible to work the sound speed out as a=�l /�t. Since the oil
mean pressure and temperature in the pipe portion between the
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transducers are known �the piezoresistive transducers also record
the fluid temperature�, the isothermal sound speed aT, the specific
heat at constant pressure cp, and volume cv can be calculated �14�.
Hence, one can determine the polytropic specific heat c from Eq.
�19�. At all analyzed conditions, a value of c corresponding to a
polytropic coefficient

m =
c − cp

c − cv
�20�

between m=1 �i.e., isothermal� and m=cp /cv �isentropic� was
shown to provide good consistency with experimental data.

Chamber Thermodynamic Equations. With reference to any
chamber j in the mathematical model, the mass conservation
equation writes

ṁin,j − ṁout,j =
d� j

dt
Vj + � j

dVj

dt
�21�

where ṁin,j and ṁout,j are the mass flow rates coming into and
going out of the chamber j, respectively; Vj is the chamber vol-
ume and � j is the density of the fluid in the chamber. If the cham-
ber j is connected to a pipe, the flow rate at the interface is worked
out by solving the pipe model partial differential equations �PDE�
and then it is applied to the chamber as a boundary condition, in
agreement with the characteristic approach. When a restriction
presenting a discharge area A is located between the two chambers
j and j+1, the volumetric flow rate Q through the discharge area
can be expressed by

Q =
�p

	�p	
�A
2

�̄
	�p	 �22�

where �p= pj − pj+1 and �̄ is a mean density evaluated along an
isenthalpic evolution from pj to pj+1. Because the diesel-oil Joule–
Thompson coefficient is sensibly different from zero, the tempera-
ture increase through the restriction was evaluated by Eq. �9� tak-
ing dh=0. Unsteady discharge coefficients were used for the
needle-seat-passage and for nozzle holes, according to the proce-
dure in Refs. �15� and �16�. For other restrictions, � was evaluated
taking the effects of the flow Reynolds number into account, in-
stead of considering the simple case of constant � �17�, by the
following expression:

� = �max tanh� Re

Recr
� �23�

where Re is the Reynolds number of the flow at the discharge
section A of the restrictor, Recr is the critical Reynolds number,
and �max is the discharge coefficient value for fully developed
turbulent flow. The hyperbolic-tangent function modulates the
value of � so that for Re	Recr the discharge coefficient is virtu-
ally constant, whereas for Re
Recr, it is almost linear with Re,

leading to a linear dependence of the volumetric flow rate on the
pressure drop across the restrictor, as actually is for pure laminar
flows. Values of Recr range from 1000, for simple geometries of
the orifice, to 150 for complex restrictor designs. The value of
�max is dependent on the geometric features of the orifice and also
on the fluid properties in the vena contracta, i.e., more specifically,
including the possible presence of vaporous cavitation phenom-
ena. The cavitation effect in the discharge flow was taken into
account modifying the value of �max following the procedure de-
veloped in Ref. �18�.

Because the fluid velocity inside the chambers is taken to be
virtually nil, the momentum equation can be disregarded, so that,
for completing the chamber model, only the energy equation and
the fluid state equation have to be added to the continuity equa-
tion, that is, to Eq. �21�.

Following the Eulerian approach, the total energy equation can
be written in the form

cch
dTj

dt
− pj

dVj

dt
=

d

dt
�� jVjej� + ṁout,jhj − ṁin,jh0in,j

�24�

where pj, Tj, ej, and hj are the mean pressure, temperature, inter-
nal energy, and enthalpy per unit mass in the chamber j, respec-
tively, and h0in,j

is the total specific enthalpy at the chamber inlet.
The heat exchange with the walls, including the effect of the vis-
cous power dissipation, is taken into account through the specific
heat cch, which is a model fitting parameter �14�.

Mechanical Model
Figure 4 shows an enlargement of the main electroinjector me-

chanical system. The needle valve and the control piston were
modeled as two degree of freedom mechanical systems whose
behavior is described by two independent Newton’s dynamic
equilibrium equations, including hydraulic, mechanical, as well as
electromagnetic forces.

With reference to the schematic reported in Fig. 5, the mass-
spring-damper ordinary differential equations referring either to
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the whole system of the control plunger and needle or only to the
control plunger are, respectively, written as follows:

�mn + mcp�
d2ln

dt2 + ��̄n + �̄cp − ��ct�
dln

dt
+ �k̄n + k̄cp − �kct�ln

+ mcp
d2lcp

dt2 + ��̄cp − ��ct�
dlcp

dt
+ �k̄cp − �kct�lcp + F̄0n

+ F̄0cp

= �
k

pkSk �25�

mcp�d2ln

dt2 +
d2lcp

dt2 � + ��̄cp − ��ct�
dln

dt
+ �̄cp

dlcp

dt
+ �k̄cp − �kct�ln

+ k̄cplcp + F̄0cp
= �

k

pkSk �26�

where

ln � 0, k̄n = kn + kbs, �̄n = �n + �bs, F̄0n
= F0n

ln � 0, k̄n = kn, �̄n = �n, F̄0n
= F0n

ltot � lmax, k̄cp = �kct, �̄cp = ��ct, F̄0cp
= 0

ltot � lmax, k̄cp = �kct + kbs, �̄cp = ��ct + �bs, F̄0cp
= − kbsl

with

�n = 2
n

knmn, � =

1 − sign�lcp�
2

lmax and ltot being, respectively, the maximum allowed stroke, that
is, a constant value, and the sum of ln and lcp. The stiffness kct and
the damping �ct were introduced to model the force that the
needle and the control piston apply to each other when they are in
contact.

The pilot valve �Fig. 6� is made up of two mobile elements,
namely, the pin and the anchor. When the solenoid is excited by
the current, the anchor is attracted toward the magnet drawing the
pin, which is integral with the anchor during the lifting. However,
as soon as the pin element reaches its stroke-limiter seat, the an-
chor is allowed to swing with respect to the pin, in order to damp

the counterstroke of the pin on the basement and thus avoid os-
cillations of such an element, which, due to the very low pin lift,
could produce the closure of the bleed orifice. Both pin and an-
chor elements were treated as harmonic oscillators according to
the schematic of Fig. 7. Newton’s equations for the whole device
�pin and anchor� and for the anchor only are, respectively, ex-
pressed by

�ma + mp�
d2lp

dt2 + ��a + �̄p�
dlp

dt
+ �ka + k̄p�lp − ma

d2la

dt2

− ��̄a − ��ct�
dla

dt
− �k̄a − �kct�la + F̄0p

− F̄0a
= �

k

pkSk + FE

�27�
and

ma�d2la

dt2 −
d2lp

dt2 � + �̄a
dla

dt
− �a

dlp

dt
+ k̄ala − kalp + F̄0a

= �
k

pkSk − FE �28�

where

la � 0, k̄a = ka + kct, �̄a = �a + �ct, F̄0a
= F0a

la � 0, k̄a = ka, �̄a = �a, F̄0a
= F0a

Fig. 5 Second order dynamic model for control plunger and
needle

Fig. 6 Pilot valve

Fig. 7 Second order dynamic model for pilot valve
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lp � 0, k̄p = kp + kbs, �̄p = �p + �bs, F̄0p
= F0p

lp � lpmax
, k̄p = kp, �̄p = �p, F̄0p

= F0p

lp � lpmax
, k̄p = kp + kbs, �̄p = �p + �bs, F̄0p

= F0p
− kbslpmax

with

�a = 2
a

kama, � =

1 − sign�la�
2

lpmax being the maximum pin lift. The quantity FE represents the
electromagnetic attractive force generated by the electric current
flowing through the solenoid. All the masses, the stiffness, and the
maximum lifts relative to each of the two degree of freedom sys-
tems were experimentally determined.

Electromagnetic Circuit Model
A solenoid circuit model of practical implementation was set up

to provide the electromagnetic force acted on the anchor. The
electromechanical behavior of the solenoid �Fig. 8� can be mod-
eled by a lumped parameter approach as follows:

V − N
d�

dt
− RI = 0 �29�

where R is the solenoid electrical resistance, I is the electrical
current through the solenoid, V is the voltage applied to it, and N
and � are the solenoid turns and the magnetic flux through each
turn, respectively. Applying the energy equation to the anchor-coil
system, one obtains

VIdt = RI2dt + FEdx + dUm �30�

where VI is the electric power to the system; FEdx is the mechani-
cal work done by the electromagnetic force on the anchor, being
dx=dlp−dla; and dUm is the change of the system magnetic en-
ergy.

Combining Eqs. �29� and �30� with the following expression of
the magnetic energy Um stored in the system:

Um =
1

2
N�I �31�

one has

FEdx =
1

2
�NId� − N�dI� �32�

Hopkinsow’s law for the equivalent magnetic circuit of the
pilot-valve control system is expressed by the following equation:

NI = R� �33�

where R=R�x� is the total reluctance of the system, linearly vary-
ing with the coordinate x as is above defined in differential form.
Differentiating Eq. �33� and multiplying both sides of the resultant

equation by �, from the application again of Hopkinsow’s law,
the following relation comes out:

�2dR = �NdI − NId� �34�
Equations �32� and �34� yield the following expression for the

magnetic force acting on the anchor:

FE = −
1

2
�2dR

dx
�35�

The only parts of the circuit reluctance, which are variable with x,
are the reluctances due to the gap between the magnet and the
anchor �Fig. 8�, so that the derivative of R with respect to x
reduces to

dR

dx
= −

1

�0
� 1

�1
+

1

�2
� �36�

being �0 the magnetic constant and �1, �2 the cross sections of
the magnetic circuit. These sections are delimited: on the one side,
by the internal diameters of the recirculation passage and of the
solenoid, and on the other side, by the external diameters of the
solenoid and of the anchor.

In order to calculate the electromagnetic force from Eq. �35�,
the magnetic flux of the circuit has to be determined. Recording
both the current and voltage time histories �Fig. 9�a��, the mag-
netic flux can be derived as a function of time from Eq. �29� by

��t� =
1

N
0

t

�V�t� − RI�t��dt �37�

where the instant t=0 corresponds to the solenoid excitation initial
time. The resistance R and the number N of the solenoid turns
were experimentally determined. Equations �35�–�37� were used

Fig. 8 Pilot-valve anchor and solenoid
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Fig. 9 Electromagnetic model: „a… voltage and current at sole-
noid and „b… electromagnetic force on pilot valve
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in the numerical code for evaluating the time distribution of the
force FE acting on the control-system anchor �Fig. 9�b��. It is
worth pointing out that Eqs. �35� and �37� are of general applica-
tion, whereas Eq. �36� depends on the geometry of the magnetic
circuit and thus on the valve configuration. The time pattern of the
force in Fig. 9�b� is quite similar to that of the solenoid current in
Fig. 9�a�. Therefore, in order to apply a different force profile to
the anchor, one should design the temporal pattern of the current
to the solenoid so as to make it similar to the desired force time
distribution.

Numerical Algorithm
The mass and momentum conservation equations for the pipe

flow were discretized by the high-resolution finite-volume scheme

SLIC �19� with a minmod slope limiter. The numerical scheme in
its conservation form writes

w j
n+1 = w j

n −
�t

�x
�� j+1/2

n+1/2 − � j−1/2
n+1/2� + �tH j

n+1/2 �38�

where the subscript j designates the spatial grid locations, the
superscript n designates the time level, and � is the numerical
flux vector. A slope-limited linear spatial reconstruction of the
conservative variables w is performed at time level n, and then a
time upgrading step is carried out to obtain the values of the same
variables at time �n+1 /2�, i.e., wn+1/2, which are required by the
SLIC scheme to compute the numerical flux function �n+1/2 in
Eq. �38�.

For the discretization of the chamber continuity and energy
equations, as well as of the dynamics equations for the electroin-
jector mobile elements, the multistep Adams–Moulton method of
the fourth order accuracy �20� was applied.

Results
Figures 10–15 illustrate the CR injection-system performance,

showing the comparison between prediction and experimental re-
sults for different working conditions of solenoid energizing time
�ET� and of nominal rail pressure �prail�, as well as of dwell time
�DT� in the case of multiple injections. The engine speed of
2000 rpm, which is an intermediate value in the speed range, was
taken for all conditions in the present work. As a matter of fact, a
relatively low speed effect on the injector dynamics was experi-
mentally assessed in Ref. �10�. Two distinct nozzle configurations
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Fig. 10 Single injection „prail=1000 bars, ET=1085 �s…: „a…
pipe pressure at injector inlet, „b… injection flow rate, and „c…
needle lift
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Fig. 11 Single injection „prail=1000 bars, ET=600 �s…: „a… pipe
pressure at injector inlet and „b… injection flow rate
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were analyzed. In particular, Figs. 10–14 report the results for a
VCO electroinjector, whereas Fig. 15 refers to a Minisac elec-
troinjector.

The diagrams report the pressure time history �Figs. 10�a�,
11�a�, 12�a�, 13�a�, 14�a�, 14�c�, 15�a�, and 15�c�� at the inlet of
the electroinjector, the injection flow rate �Figs. 10�b�, 11�b�,
12�b�, 13�b�, 14�b�, 14�d�, 15�b�, and 15�d��, and the needle lift
�Fig. 10�c��. Figures 10–13 refer to a single injection and Figs. 14
and 15 refer to multiple injections. For convenience, the relative
time t− t0, with respect to a reference instant t0, is taken as ab-
scissa. The theoretical time distributions are reported through
solid lines and the experimental results are plotted by circle
symbols.

The generally good agreement between the predicted and mea-
sured distributions shown by these figures indicates a quite satis-
factory accuracy degree of the injection-system mathematical
model in capturing the most important features of the flow phe-
nomena.

The primary nonstationary events shown in the figures for a
single injection under different operating conditions have the
same explanations, although there are differences in intensity and
phase, depending on the values of ET and prail.

In Fig. 10�a�, the first pressure drop occurring at t− t0
�2.6 ms is a result of the propagation of the depression event
arising in the needle-valve control chamber due to the opening of
the pilot valve. Then, as the needle starts to lift, the pressure level
rises in this chamber as a consequence of its volume reduction.
Such a compression is conveyed to the rail by pressure waves
traveling toward it. At the same time, the fuel injection that is
caused by the needle lift gives rise to a depression in the injector
delivery chamber, which propagates toward the rail, too. Due to

the difference in path lengths, the compression wave coming from
the control chamber precedes the depression wave, so that in Fig.
10�a� the pressure pattern, after a drop due to the pilot-valve open-
ing, shows a rise first �t− t0�2.8 ms� and then a fall again �t− t0
�3.0 ms�. Such a peculiarity can also be observed in the other
examined situations.

The depression in the delivery chamber draws the fuel from the
injector drilled pipe to the nozzle. As the pressure continues to
decrease, the flow rate to the delivery chamber grows. When this
flow rate exceeds the injected flow rate because of greater drilled
pipe section with respect to the restricted nozzle flow area, the
pressure in the delivery chamber stops falling and begins to rise,
thus approaching the value preceding the injection start. In Fig.
10�a�, this compression wave at the injector inlet was found to be
almost in phase with the other compression wave, arising from the
reflection, at the rail, of the depression wave related to the injector
opening. Hence, the pressure increase up to �1030 bars �t− t0
�3.3 ms in Fig. 10�a�� has to be ascribed to both effects.

The subsequent peak that is present both in the theoretical and
experimental pressures at t− t0�3.7 ms is due to the pilot-valve
closure, after the needle and control pistons have reached their
maximum lift. A water hammer takes place in the control cham-
ber, giving rise to this pressure peak that propagates to the rail.
When the needle reaches its stroke end for high ET the peak is
stronger, due to the reduced control chamber volume.

The water hammer, which arises at the needle closure, that is,
around t− t0�4.6 ms when the flow rate collapses in Fig. 10�b�,
causes the pressure peak shown in Fig. 10�a� at t− t0�4.7 ms.
The time delay between the injection end and the appearance of
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Fig. 12 Single injection „prail=1000 bars, ET=1300 �s…: „a…
pipe pressure at injector inlet and „b… injection flow rate
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pipe pressure at injector inlet and „b… injection flow rate
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this peak depends on the pressure wave propagation velocity.
Since the sound speed grows with the pressure, it reduces with the
rail pressure increase �Fig. 13�.

The water-hammer onset at the injection end produces a regime
of pressure waves, which travel inside the closed system and
whose kinetic energy is gradually dissipated by friction actions.
These pressure waves give rise to fluctuations having a time pe-
riod that is related to the natural frequencies of the system. The
characteristic frequency of these oscillations depends on the geo-
metric features of system components as well as on the fluid mean
pressure and temperature. A simple but effective lumped param-
eter model for evaluating the system characteristic frequency has
been developed in Ref. �10�, taking the effects of both geometry
and working conditions into account.

Figure 10�b� reports the flow rate distribution versus time. The
temporal extension of the injection phase is higher than the ET
value �i.e., 1.5–2 times ET� because in this case the delay of the
injector closure with respect to the current drop is much higher
than the nozzle opening delay with respect to the current rise.

Figure 10�c� validates the needle mass-spring-damper model,
which is capable of predicting both the rising and falling needle
velocities with a good precision. As can be inferred, for these
values of prail and ET, the needle does not reaches its maximum
lift, that is, 0.43 mm for the tested electroinjector. The flow-rate
and needle-lift patterns are different because of high-pressure-
wave dynamics; in fact, from the maximum needle lift on, the
flow rate is kept high by a pressure wave reaching the injector
delivery chamber.

Figures 11�a� and 11�b� report the same variables as those in
Figs. 10�a� and 10�b� for a lower ET �600 �s� and for the rail

pressure of 1000 bars. In Fig. 11�a�, the pressure peak �t− t0

�3.0 ms� after the depression caused by the injection is due to the
compression wave coming from the rail, whereas the subsequent
peak is caused by the water hammer produced by the needle clo-
sure. These two peaks are now closer than in Fig. 10�a� because of
the shorter ET, which moves the second peak toward the first one.
The third peak, which occurs in Fig. 11�a� at t− t0�3.6 ms, has
the following explanation: The water hammer due to the needle
closure produces a compression wave that propagates through the
injector feed pipe. In correspondence with the inlet injector filter,
the compression is partially transmitted through the filter and par-
tially reflected as a compression wave toward the delivery cham-
ber. When this latter wave reaches the nozzle tip, the pressure
rises there. Thus, being the injector closed, a pressure increase
propagates again along the feed pipe toward the rail, producing
the above mentioned slight peak in Fig. 11�a�, at t− t0�3.6 ms.

In Fig. 11�b�, the flow rate peak is in phase with the pressure
peak present at t− t0�3.0 ms in Fig. 11�a�. The compression
wave coming from the rail arrives at the delivery chamber when
the needle is going to start its closure phase and thus maintains the
flow rate still rising, which causes a dissymmetry in the shape of
the diagram with respect to its maximum in Fig. 11�b�.

The CR system performance close to full load conditions �ET
=1300 �s� were investigated for a rail pressure of 1000 bars and
1250 bars, respectively �Figs. 12 and 13�. In Figs. 12�a� and
13�a�, the water hammer caused by the injector closure is signifi-
cantly late �t− t0�5.0 ms� with respect to the injection-induced
depression, in comparison to the previous cases, because of the
larger ET. The free pressure oscillations are more intense than in
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Fig. 14 Pilot and main injections „prail=1000 bars, ETpil=300 �s, ETmain=900 �s…: „a… pipe pressure at injector inlet „DT
=1700 �s…, „b… injection flow rates „DT=1700 �s…, „c… pipe pressure at injector inlet „DT=2050 �s…, and „d… injection flow rates
„DT=2050 �s…
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Fig. 10�a� due to the larger extension of the injection event and to
the rail pressure increase �Fig. 13�a��. It is worth pointing out that,
as in the above test cases, the adopted model to take viscous
power dissipation into account, including frequency dependent
friction, proved to be capable of correctly predicting the attenua-
tion of the measured pressure fluctuations. More specifically, by
neglecting the nonstationary term in the expression of the wall
shear stress �Eq. �3��, an excessively poor damping of the pressure
fluctuations in the system was obtained, because of the high fre-
quency dynamics, which is a distinctive feature of CR systems.
The flow rate distributions in Figs. 12�b� and 13�b�, exhibiting a
roughly trapezoidal shape, present some oscillations in the region
of their highest values because of the pressure waves traveling
throughout the electroinjector feeding pipe. It can be inferred from
these figures that the main effect of the rail pressure growth is a
rise in the injected volume. As previously stated, the model accu-
racy at much higher prail values is assured by the ample pressure
validation range of the oil physical property analytical expressions
employed.

Figures 14 and 15 refer to multiple injection shots. In particular,
the diagrams of Fig. 14 represent two situations where a pilot and
a main injection are effectuated with different dwell times �DT
=1700 �s and DT=2050 �s, respectively� and constant energiz-
ing times �ETpilot=300 �s, ETmain=900 �s� at same nominal rail
pressure �prail=1000 bars�. In Figs. 14�a� and 14�c�, the pressure
peak following the depression induced by the pilot injection is
sensibly higher than the analogous peaks shown in the former
pressure plots relative to single injection events. In fact, the height
of this peak is around 80 bars over the initial pressure level,
whereas in the previous pictures, it was always less than 50 bars.

A resonance phenomenon due to the synergic effects of both the
reflection-induced compression wave traveling from the rail and
the water-hammer compression wave coming from the injection
chamber is responsible for such a particularly large peak ampli-
tude, which produces very intense oscillations, in spite of the
small ETpilot value. These can cause significant variations in the
fuel-injected quantity during the main injection, depending on the
dwell time, and even hydraulic instabilities at particularly low
dwell times.

Figures 14�b� and 14�d� show sensible differences in the
injected fuel volume during the main pulse �V�59.5 mm3,
for DT=1700 �s and V�55 mm3, for DT=2050 �s, �V
�4.5 mm3�. Such differences are related to the fact that the dwell
times were selected so that the main injections start when a maxi-
mum and a minimum pressure peak are present in the delivery
chamber, respectively �10�.

In general, resonance phenomena can occur when injections
with small energizing time, such as pilot injections, are carried out
because these tend to anticipate the injector-closure water hammer
with respect to injections with large energizing times. The syner-
gic phasing of the water-hammer compression effect with the
compression wave coming from the rail, in the injector delivery
chamber, can take place in commercial CR layouts. For these the
compression wave traveling through the drilled injector passage
from the rail takes 400–700 �s to go back and forth along its
path, the exact value depending on injector inlet pipe length and
diameter.

Figure 15 refers to a Minisac nozzle electroinjector. A main and
a postinjection were performed at the same working conditions of
nominal rail pressure �prail=1000 bars� and energizing times
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Fig. 15 Main and post injections „prail=1000 bars, ETmain=800 �s, ETpost=400 �s…: „a… pipe pressure at injector inlet „DT
=850 �s…, „b… injection flow rates „DT=850 �s…, „c… pipe pressure at injector inlet „DT=1350 �s…, and „d… injection flow rates „DT
=1350 �s…
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�ETmain=800 �s, ETpost=400 �s�, but at two different dwell times
�namely, DT=850 �s in Figs. 15�a� and 15�b� and DT=1350 �s
in Figs. 15�c� and 15�d��. The maximum flow rate values during
the main injection are sensibly lower than those of Figs. 10�b�,
12�b�, 14�b�, and 14�d� although the nominal rail pressure level is
the same �1000 bars�. This is due to the fact that the nozzle con-
figuration has been changed, the Minisac generally injecting a
lower fuel amount than the VCO under the same working condi-
tions. All of the previously observed main nonstationary events
are still present for the Minisac nozzle, the explanations of them
being the same.

As can be inferred, in Figs. 15�a� and 15�c� the pressure fluc-
tuations induced by the main injection are less intense than those
caused by the pilot injection in Figs. 14�a� and 14�c�, owing to the
absence of resonance phenomena. This turns out in a reduced
difference between the injected fuel volume during the postinjec-
tion for distinct dwell times �V�3.9 mm3, for DT=850 �s and
V�7.1 mm3, for DT=1350 �s, �V=3.2 mm3� in comparison to
the case of Figs. 14�b� and 14�d�. However, the percentage devia-
tion for the postinjected fuel volume oscillations �Figs. 15�b� and
15�d�� is much higher �namely, 58%� than the correspondent one
�7%� related to the main injected volume fluctuations �Figs. 14�b�
and 14�d��. This fact can be explained by observing that the mean
volume of the fuel injected during the postinjection in Figs. 15�b�
and 15�d� is much lower than that injected during the main injec-
tion in Figs. 14�b� and 14�d�. Percentage deviations higher than
58% can be obtained if shorter ETpost and DT between main and
postpulses are adopted.

Since the trend in modern diesel and HCCI engines is to extend
the fuel injection to an increasing pulse number with shorter ET
and DT �21� for improving combustion efficiency and reducing
pollutant emissions at the same time, the issue of disturbances
induced by pressure waves on the amount of fuel injected at each
shot turns out to be an important challenge in future development
of high-pressure injection systems.

Conclusion
An overall mathematical model of a multijet CR injection sys-

tem was developed, including the thermofluid dynamics of hy-
draulic components, the mechanics of mobile elements, and the
electromagnetics of the solenoid circuit.

Particular care was devoted to the modeling of nonstationary
wave propagation phenomena because their accurate prediction is
of fundamental importance for the design of the hydraulic-system
layout and of new multiple-injection control strategies, aimed at
performance optimization. To that end, in addition to the tempera-
ture variations caused by the compressibility of the liquid fuel, the
balance between viscous power dissipation and heat transfer
across the walls was included by introducing a constant polytropic
specific heat, which was fitted on the basis of experimental tests.
Owing to the presence of high-frequency oscillations caused by
the strongly impulsive dynamics that is typical of CR systems, the
frequency dependent wall friction had to be introduced for pre-
dicting the sensible pressure wave attenuation, according to ex-
perimental observations. With reference to the electromagnetic
circuit, the practical procedure followed for evaluating the attrac-
tion force that the solenoid applied to the pilot valve, using easily
obtainable experimental data, gave physically consistent results.

The comparison of predictions and experimental results on a
commercial multijet CR system of latest solenoid-type generation
showed a generally good agreement for the considered various
working conditions of nominal rail pressure, solenoid energizing
time, and, in the case of multiple injections, dwell time between
two consecutive pulses. This substantiated the quite satisfactory
accuracy degree of the injection-system mathematical model in
capturing the essential features of flow phenomena.

The thorough analysis of the main dynamic events gave a
physical explanation of cause and effect relationships between the
pressure wave propagation and performance, highlighting the sig-

nificant role of the hydraulic-system layout on them. It also
stressed the importance of properly modeling the dynamics of the
rail for correctly predicting the injected fuel quantities in multiple
injections.
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Nomenclature
a � speed of sound
A � Jacobian matrix
c � specific heat
d � pipe diameter

DT � dwell time
E � bulk modulus of elasticity, sensor electrical

output
ET � energizing time

f � friction coefficient
F � force, spring force
F � flux vector
h � enthalpy per unit mass

H � source vector
k � spring rate
I � electric current
l � lift, axial distance between mobile elements

l̇w � viscous power dissipation per unit mass
L � length of pipe and injector-drilled passage
m � mass
N � solenoid turn number
p � pressure, average cross-sectional pressure
q̇ � heat transfer rate per unit mass
Q � volumetric flow rate
R � resistance
R � circuit magnetic reluctance
s � entropy per unit mass
S � surface area perpendicular to the lift axis
t � time

T � temperature
u � average cross-sectional velocity

Um � magnetic energy
v � specific volume or volume per unit mass
V � volume, injected volume, voltage
w � conservative variable vector
x � axial coordinate, distance along the pipe axis
� � thermal expansivity, damping

�t � time increment
�x � distance increment

� � cam angle
� � Jacobian matrix eigenvalue
� � dynamic viscosity, discharge coefficient,

permeability
� � density, average cross-sectional density

�1 ,�2 � magnetic-circuit cross sections
�w � wall shear stress

� /� � magnetic flux/numerical flux vector

 � damping factor

Subscripts
0 � reference value, total enthalpy per unit mass
a � anchor

bs � basement
ch � chamber
cp � control plunger
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cr � critical
ct � contact

dw � downward
E � electromagnetic
n � needle

M � maximum value
p � at constant pressure, pin element

T /v � at constant temperature/volume
up � upward

Appendix: Sound-Speed Formula for a Polytropic Evo-
lution in Liquid Flows

Substituting Eq. �8� into Eq. �9�, one obtains

cdT = cpdT − �T
dp

�
�A1�

Equation �A1� can be rewritten as follows:

dT

dp
=

�T

��cp − c�
�A2�

Another relation for dT /dp can be achieved by rearranging Eq.
�11�,

dT

dp
=

1

�ET
−

1

��

d�

dp
�A3�

Taking in mind that a2=dp /d� and aT
2 =ET /�, from Eq. �A3�, the

following expression can be easily obtained:

dT

dp
=

1

��
� 1

aT
2 −

1

a2� �A4�

By equating Eq. �A4� to Eq. �A2�, one obtains

�T

��cp − c�
=

1

��
� 1

aT
2 −

1

a2� �A5�

Equation �A5� can be solved with respect to the ratio of a to aT
leading to

aT
2

a2 = 1 −
aT

2�2T

cp − c
= 1 −

ET�2T

��cp − c�
�A6�

The specific heat at constant volume of a substance is defined as

cv = � �e

�T
�

v
�A7�

Being e=h-pv, from Eqs. �9� and �A7�, it follows that

cv = cp −
�T

�
� �p

�T
�

v
�A8�

On the other hand, for an isochoric evolution, Eq. �11� reduces to

� �p

�T
�

v
= �ET �A9�

which, by substitution into Eq. �A8�, leads to

cv = cp −
�2ET

�
T �A10�

Finally, combining Eq. �A10� with Eq. �A6�, one obtains

aT
2

a2 = 1 −
cp − cv

cp − c
�A11�

that is equivalent to

a =
cp − c

cv − c
aT
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Comparison of Primary Flow
Measurement Techniques Used
During Combined Cycle Tests
One of the most significant contributors to the overall uncertainty of a performance test
of a combined cycle steam turbine is the uncertainty of the primary flow measurement.
ASME performance test codes provide many alternative methods for determining flow. In
two actual combined cycle tests performed in 2005, the following three alternate methods
were used to determine the high-pressure (HP) steam flow into the combined cycle steam
turbines: (1) Derivation from measured HP feedwater flow using calibrated PTC 6 throat
tap nozzles, (2) derivation from low-pressure (LP) condensate using calibrated PTC 6
throat tap nozzles, and (3) derivation from LP condensate using calibrated orifice meter-
ing sections. This paper describes the design, calibration, and installation of each flow
meter involved, the methods used to calculate the HP steam flow, the estimated uncer-
tainty of the HP steam flow derived using each method, and the actual test results using
each method. A comparison of the methods showed that there are distinct advantages
with one of the methods and that very low uncertainties in HP steam flow can be achieved
if sufficient attention is applied to the design, calibration, and installation of all flow
meters involved. Note that the information in this paper was originally published in
ASME Paper PWR2006-88074 and presented at the 2006 ASME Power Conference in
Atlanta, GA. For detailed diagrams, figures, and tabulations of data and analysis, please
refer to the published proceedings from that conference. �DOI: 10.1115/1.2720544�

Introduction
In April–May 2005, combined cycle steam turbine performance

acceptance tests were performed on two identical units at the Plant
McIntosh Combined Cycle Facility, located in Rincon, Georgia—
approximately 30 miles northwest of Savannah. The units are co-
owned by the Savannah Electric and Georgia Power subsidiaries
of the Southern Company. The tests were performed by the Gen-
erating Plant Performance section of Southern Company Services,
Inc. using test techniques and procedures that had been developed
over the preceding five year period. The Southern Company had
commissioned and tested fourteen 2-on-1 combined cycle units
since the year 2000 and the McIntosh unit tests were the last two
planned for this construction period. In previous tests, the high-
pressure �HP� steam flow used in each steam turbine acceptance
test had been derived solely from HP feedwater �FW� flows mea-
sured using inspectable PTC 6-1996 flow nozzles �1�, along with
inspectable calibrated wall tap flow nozzles on the superheat spray
lines. The results of these tests were acceptable; however, due to
difficulty in inspecting the feedwater flow nozzles after each test,
it was decided to utilize removable PTC 6-1996 flow nozzles in
the condensate lines for the McIntosh tests. Since the HP feedwa-
ter flow nozzles had already been procured for this unit, and each
heat recovery steam generator �HRSG� also contained a conden-
sate flow orifice meter tube, the installation of the condensate test
nozzle provided an opportunity to compare three alternate meth-
ods of primary flow measurement during these tests.

Cycle Description
Units 10 and 11 at Plant McIntosh each consist of two GE 7FA

gas turbines and one Alstom steam turbine. Each steam turbine
receives HP, intermediate-pressure �IP�, and low-pressure �LP�
steam from two Deltak HRSG’s. Rated output of each unit is

approximately 500 MW at base load and 630 MW with full duct-
burner heat input and steam injection to the gas turbines. Rated
steam turbine output is approximately 280 MW at full load.

HP Steam Flow Derivation Techniques
The HP steam flow into the HP turbine was derived in three

ways. Details, advantages, and disadvantages of each method are
as discussed below.

HP Feedwater Flow Method. In this method, the HP steam
flow is derived from the measurements of HP feedwater flow leav-
ing the feedpumps of each HRSG and HP de-superheating spray
flows. The total HP steam flow entering the HP turbine is the sum
of all HP feedwater and HP de-superheating flows.

The HP feedwater flows were measured using one welded-in
inspectable PTC 6 flow nozzle per HRSG or two per unit. Each
HP feedwater flow nozzle had four tap sets and at least two which
met PTC 6-1996 calibration requirements. Differential pressures
were measured across the two best tap sets per nozzle.

HP de-superheating spray flows were measured using inspect-
able wall tap flow nozzles. HRSG blowdown was isolated during
the tests so no corrections were necessary for those flows.

All meters were calibrated prior to installation and inspected
prior to the tests. Both sets of meters were in service during initial
steam blows; however, pre-test inspections showed no damage or
deposits. Post-test inspections of the HP feedwater flow nozzles
were also performed after the tests and showed no damage or
deposits.

The advantages of this method are that it uses very few meters
and it utilizes liquid flow measurements. This reduces the uncer-
tainties associated with steam flow measurements due to the ap-
plication of an expansion factor, steam density, and the difficulty
in establishing water legs in differential steam pressure sensing
line tubing.

Disadvantages of this method are the high cost of the inspect-
able PTC 6 nozzles and the difficulty of inspecting the nozzles in
place. At high test loads, actual Reynolds numbers of the HP
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feedwater nozzles were also outside of the calibrated range and
the discharge coefficients had to be extrapolated using PTC 6
procedures �2�.

Condensate Flow Methods. HP steam flow into the steam tur-
bine can also be determined by performing a mass balance around
the steam turbine cycle itself. This method requires accurate mea-
surement of the LP condensate flow leaving the turbine cycle and
measurement or derivation of all other flows entering or leaving
the turbine cycle.

LP condensate can be determined either by measuring the total
condensate leaving the steam turbine cycle or by summing the
condensate flows into each HRSG. Each of these two methods
was used during these tests as discussed below.

Total Condensate Flow Nozzle Method. As part of an agreement
with our steam turbine vendor, we agreed to use PTC 6-1996
condensate flow test nozzles as the primary flow meters for the
tests. One flanged meter tube section was procured for each unit.
Each meter tube and nozzle section was designed, built, cali-
brated, and installed according to PTC 6-1996 �3�. Each nozzle
had four tap sets with at least two required to meet the PTC
6-1996 calibration requirements. The meters were temporarily in-
stalled in the common condensate pump discharge line immedi-
ately before the tests and removed immediately after the tests. The
meters were not in place during any steam blows or routine plant
operation. Each meter had an integral recovery cone designed
according to PTC 6-1996.

The other flows necessary to calculate HP steam flow from
condensate were either measured directly or derived from other
HRSG inlet and outlet flows. The feed pumps do not require flow
measurement of the seal water flows due to being supplied with
mechanical seals. HRSG blowdown and condenser makeup were
out of service during the base load tests. Makeup and gas turbine
steam injection were in service during the peak load tests; how-
ever, since blowdown was isolated, the makeup flow equaled the
steam injection flow and their effects on the steam turbine cycle
mass balance was nullified.

LP steam flow could be determined either by direct measure-
ment or by derivation from LP condensate. Due to the high num-
ber of instruments involved and the high uncertainty estimated
from the LP condensate based approach, it was decided to directly
measure the LP steam flow. The meters used were model HHR
flow tubes manufactured by Fluidic Techniques, Inc. These meters
have an elliptical inlet similar to a PTC 6 nozzle but are of a more
pre-fabricated design. They have a built-in recovery cone, two tap
sets, and a 1 in. �2.54 cm� inspection latrolet. Each meter was
calibrated and inspected immediately before and after the tests.
The meters were in service during the initial steam blows; how-
ever, pre- and post-test inspections showed no damage or deposits.

Hot reheat and cold reheat flows needed for the HP steam flow
calculation do not need to be measured—only the difference be-
tween them is required. This was determined by measurement of
IP feedwater, reheat spray, and gas turbine power augmentation
steam injection flows �when in service�. HRSG blowdowns were
out of service during the tests, so no corrections were necessary
for these flows.

The advantages of this method for determining the HP steam
flow are the ease in inspecting the flow nozzle section, the capa-
bility to be installed and removed immediately before and after
the tests, low head loss so the meter can be calibrated at the
highest possible Reynolds numbers, operation within the tested
Reynolds numbers during the tests, and measurement of total unit
condensate flow with one meter.

The main disadvantage of this approach is the number of other
flowrates that must be added or subtracted from the LP condensate
flow to derive the HP steam flow. Another apparent disadvantage
is the increased sensitivity of the derived HP steam flow due to the
fact that the condensate flow is actually higher than the HP steam
flow. This occurs in a combined cycle unit because IP and LP

steam flows are being added to the steam turbine rather than flow
being extracted to feedwater heaters as in a conventional fossil
fired or nuclear steam turbine.

Condensate Flow Orifice Method. Total LP condensate flow
was also determined by summing the LP condensate flows into the
economizer section of each HRSG. These flows were measured
using orifice flow meter tubes which were provided by the HRSG
vendor. These orifice meter tubes were designed and installed ac-
cording to the requirements of ASME MFC-3M �3�. Since they
were needed for our HRSG acceptance tests, they also were
calibrated.

The advantages of using orifice meters are their low cost, ease
of inspection, and their use of flange tap pressure tap holes. Un-
like throat tap nozzles, these flange taps are not as sensitive to the
sharpness and quality of the pressure tap holes.

Some disadvantages of using orifice meters for primary flow
measurement are their high head loss and the need for concentric
orientation of the orifice plate. Since these meters were intended
for plant utilization over a wide variety of flow rates, the orifice
beta ratios were sized to produce a maximum differential pressure
�DP� of approximately 200 in. H2O �498 mbar� during peak load
operation. It is not practical to shut down the unit and change
orifice plates during a performance test, so the same orifice plates
were used during the base load tests. The DPs produced at base
load were lower than 100 in. H2O �249 mbar�, which is lower
than PTC 6 recommendations.

The meter’s sensitivity to concentric orientation requires ex-
treme care when removing, inspecting, and re-inserting the orifice
plate. When the orifice plates were removed for inspection, pre-
cise measurements were made to ensure that they were reinserted
within 1 /64 in. �0.397 mm� of the concentricity during the initial
calibration and according to ASME PTC 19.5 requirements �4�.

Cycle Leakage Flows. A complete cycle isolation walkdown
was performed before each test sequence. All valves that were
found to be leaking were either isolated or attempts were made to
measure them. All HP, IP, and LP steam bypass valves were iso-
lated during the tests. Downstream temperatures were monitored
before and after isolating these valves to confirm they were suffi-
ciently isolated. Total cycle losses were calculated by monitoring
condenser hotwell drop during the tests. During the base load tests
total cycle losses were kept below 0.2% of HP steam flow. Cor-
rections for unaccounted cycle losses were applied to HP, IP, re-
heat �RH�, and LP steam flows in proportion to the ratio of each
flow to the total condensate flow.

Data Acquisition Techniques
Static and differential pressures across all flow meters were

measured using 0.1% accuracy class transmitters which have built
in temperature compensation. All DP transmitters were calibrated
near the expected line static pressure to minimize static pressure
range shifts and zeroed at actual line static pressures prior to the
tests.

Temperatures used in flow calculations were measured using
continuous lead thermocouples and Kaye ice point references.

Test data was recorded using the SCS Performance Test System
�PTS�. The PTS uses distributed data acquisition boxes to receive
analog signals from all test instruments, perform analog to digital
conversion, and transmit the data to a central personal computer
where on-line calibration corrections are applied and instanta-
neous flow calculations are performed.

All instruments were calibrated at the SCS Metrology Lab im-
mediately before and after the tests to standards traceable to NIST.
Calibration corrections were applied for all instruments and data
acquisition channels on-line by the PTS software. Compensations
were applied for all known errors and offsets rather than accepting
the stated uncertainties or specifications of each instrument. This
transfers the majority of the bias uncertainty of the instrument to
the uncertainty of its calibration standard.
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Flow Meter Designs

HP Feedwater Flow Nozzles. The HP feedwater flow nozzles
were supplied by the HRSG vendor Deltak, per SCS specifica-
tions, and were manufactured by Crane Manufacturing, Inc. These
nominal 10 in. �25.4 cm� diameter meter sections met all ASME
PTC 6-1996 design requirements for primary flow and included
welded ends, 5 in. �12.7 cm� flanged inspection ports, four throat
tap sets, integral recovery cone, and an upstream plate type flow
straightener.

Each of the four HP feedwater flow nozzles needed for the two
units was calibrated at Alden Laboratory in Worcester, MA prior
to permanent welded-in installation. All four tap sets of each
nozzle were calibrated at a minimum of 20 test points.

The slopes of the actual calibration curves are all within the
PTC 6 criteria for “slope independence,” including the revised
criteria published in the response to technical inquiry �Question 6�
published in the February, 1999 edition of Mechanical Engineer-
ing magazine �5�. These nozzles are the most recent and perhaps
the best PTC 6 nozzles built according to SCS specifications
which require strict conformance to PTC 6 requirements and
proof of performance prior to acceptance from the vendors. If a
minimum of two tap sets do not meet at least the revised PTC 6
criteria, the meters are rejected and must either be retrofitted or
replaced. Our insistence on meeting these requirements and the
improvements in our vendor’s manufacturing processes have re-
sulted in all 28 PTC-6 HP feedwater nozzles required for our
combined cycle unit testing since the year 2000 meeting the PTC
6-1996 requirements �1�.

The conformance to PTC 6 requirements ensures that the
meter’s performance during actual unit testing will be reliable and
predictable at a wide range of mass flowrate and Reynolds num-
bers. During our combined cycle unit tests, we had steam turbine
guarantees at two test conditions. For our base load test case �at
design throttle pressure�, the expected throat Reynolds number
was within the actual Alden range of calibration flows. For our
peak load guarantee case �duct fired at maximum throttle pres-
sure�, the test Reynolds numbers were outside of the calibration
range and the discharge coefficients were determined from a curve
fitted equation extrapolated according to PTC 6-1996
procedures �2�.

The HP feedwater flow nozzles were situated on horizontal pip-
ing upstream of the HP feedwater regulating valve on each HRSG.
The nozzles were oriented with the best two tap sets in the hori-
zontal plane or on top of the pipe and with the inspection ports in
the top two quadrants for ease of inspection. During testing, the
flowrates indicated by each tap set were compared to ensure that
they were well within the PTC 6 -1996 code limit of 0.2% �6�. A
consistent difference in tap set readings was also used as a method
to verify that no damage occurred to a tap set during testing.

Condensate Flow Nozzles. The 12 in. �30.48 cm� condensate
flow nozzles for each unit were manufactured by Fluidic Tech-
niques per SCS specifications. Each of these meter tubes also
meet all PTC 6-1996 design requirements for primary flow mea-
surement �1�. Each meter tube include a flanged inlet, nozzle sec-
tion, and outlet section, four throat tap sets, pressure recovery
cone, and an upstream plate type flow straightener.

Each condensate flow nozzle was calibrated at Alden Labora-
tory with at least two of the four tap sets meeting the calibration
criteria required in PTC 6-1996 �2�.

As with the HP feedwater flow nozzles, the expected throat
Reynolds number was within the actual Alden range of calibration
flows for our base load test case �at design throttle pressure�. For
the peak load guarantee case �duct fired at maximum throttle pres-
sure�, the test Reynolds numbers were slightly outside of the cali-
bration range and the discharge coefficients were determined from
a curve fitted equation extrapolated according to PTC 6-1996 pro-
cedures �2�.

Since this meter would only be installed temporarily and con-

tained a recovery cone, the meter was sized to produce a very high
resolution differential pressure �765 in. H2O �1906 mbar� at peak
load conditions�. The calculations were checked to ensure enough
condensate pumping capacity was available for the extra pressure
loss; no problems were encountered on the actual tests with either
one pump �base load� or two pump �full pressure� operation.

The meter was installed in horizontal piping after the gland
steam condenser and prior to the split to the individual HRSG’s.
Sufficient upstream pipe length was included within the meter
tube �17 pipe diam.� to meet all minimum uncertainty require-
ments; however, extra upstream length of 20 pipe dia. was in-
cluded upstream of the meter tube to ensure no additional uncer-
tainty questions would arise.

As with the HP feedwater flow nozzles, the flowrates indicated
by each tap set were compared to ensure that they were well
within the PTC 6 -1996 code limit of 0.2% �6�.

Condensate Flow Orifice Meters. The individual HRSG
10 in. �25.4 cm� LP condensate flow orifice meter tubes were sup-
plied by Deltak, per SCS specification, and were manufactured by
Crane Manufacturing, Inc. These are flange tap orifice meter tubes
with two tap sets. One tap set for each meter was calibrated at
Alden Laboratory. No calibration performance was guaranteed,
however, the shape and slope of each calibration curve are evalu-
ated to ensure that they are close to the theoretical curve derived
from ASME MFC-3M-1989 �3�. The actual calibration data re-
gression curve is also compared to the extrapolated discharge co-
efficient curve created using the procedure contained in PTC 19.5-
2004 �7�. The actual data regression line was very close to the
MFC 3M and PTC 19.5 curves; however, it appeared to have a
slightly more negative slope. It also tended to curve less sharply at
low flows than the predicted curves. Fortunately, during our tests,
actual Reynolds numbers were within the range of the calibration
data and extrapolation methods were not a concern.

The meter sections are located in the horizontal piping prior to
the HRSG LP condensate regulating valve. No flow straighteners
were necessary since the meters were situated after approximately
123 pipe dia. �103 ft. �31.4 m�� of straight piping.

Superheat Spray Flow Nozzles. The individual HRSG 2.5 in.
�6.35 cm� superheat spray flow nozzles were supplied by Deltak,
per SCS specifications, and manufactured by Crane Manufactur-
ing, Inc. These are typical wall tap flow nozzles. One tap set of
each meter was calibrated at Alden Laboratory. The slope of the
calibration curve was very close to the theoretical curve derived
from ASME MFC-3M-1989 �8� and with the expected normal and
maximum flows either in or close to the Alden obtainable Rey-
nolds numbers. One interesting item of note is that the meters
were made to be inspectable �using a borescope� by SCS specifi-
cation of a 45 deg threaded plugged Latrolet® on the upstream
side.

The meter sections were installed at the end of a straight hori-
zontal piping run of 22 pipe dia. thus no flow straighteners were
required.

IP Feedwater Flow Meters. The individual HRSG 6 in.
�15.24 cm� IP feedwater flow orifice meters were supplied by
Deltak, per SCS specification, and manufactured by Crane Manu-
facturing, Inc. These were flange tap orifice meter tubes with two
tap sets. One tap set of each meter was calibrated at Alden Labo-
ratory and the performance was compared to MFC 3M-1989 �3�
and PTC 19.5-2004 �7� expectations. The slopes of the calibration
curves were very close to the theoretical curves with the expected
base load and peak load guarantee points within the Alden obtain-
able range of calibration Reynolds numbers.

The meter sections were located in horizontal piping prior to
the HRSG IP feedwater regulating valves and no flow straighten-
ers were required.

Reheat Spray Flow Nozzles. The individual HRSG 2 in.
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�5.08 cm� reheat spray flow nozzles were supplied by Deltak, per
SCS specifications, and manufactured by Crane Manufacturing,
Inc. These were wall tap flow nozzles similar in design to the HP
superheat spray nozzles. One tap set of each meter was calibrated
at Alden Laboratory. The slope of the calibration curves were very
close to the theoretical curves derived from ASME MFC-3M-
1989 �8� and with the expected normal and maximum flows either
in or close to the Alden obtainable Reynolds numbers. These
meters were also made to be inspectable �using a borescope� by
SCS specification of a 45 deg threaded plugged Latrolet® on the
upstream side.

The meter sections were installed at the end of a long straight
horizontal piping run of 55 pipe diam. so no flow straighteners
were required.

LP Steam Flow Meters. The individual HRSG 18 in.
�45.72 cm� LP steam flow tubes were supplied by Deltak, per SCS
specifications, and manufactured by Fluidic Techniques. Their
HHR model flow tubes feature an elliptical inlet throat tap flow
nozzle combined with an integral pressure recovery cone and have
two tap sets. One tap set of each meter was calibrated at Alden
Laboratory with water. Although there is no ASME expected per-
formance for these proprietary flow devices, the slope of the cali-
bration curves were compared to the PTC 19.5 predictions for
laminar and turbulent flow �9� and PTC 6-1996 throat tap nozzles
�2,5�. These nozzles did not meet PTC 6-1996 requirements �2�
but did exhibit similar performance. The best fit was obtained by
using the PTC 6-1996 equation format �2� with a variable Cx.
Extrapolation was not a concern as the expected normal and maxi-
mum flows were within the in the Alden obtainable Reynolds
numbers. These meters were also made to be inspectable �using a
borescope� by SCS specification of a 45 deg threaded plugged
Latrolet® on the upstream side. The meter sections did not have
flow straighteners since they were installed in a straight horizontal
piping run with 18 pipe dia. of straight pipe upstream of the
meters.

Other Flows. Other flow meters were provided in the plant
design for control system inputs and direct monitoring of steam
flows out of each HRSG. While these flow meters were not used
for the primary steam turbine acceptance test flows, they were
used for monitoring of the stability of drum levels and steam
flows leaving each HRSG section. These flow meters were pur-
chased as uncalibrated meters; however, many were calibrated in
place during our tests by comparison to the flows derived from the
calibrated primary flow elements.

Actual Performance Test Data

Test Conditions. Steam turbine capacity tests were conducted
at two basic conditions:

1. Base load: Two gas turbines operating at base load with no
supplemental HRSG fuel input or gas turbine steam injec-
tion. The expected base load steam turbine capacity is ap-
proximately 190 MW with an expected total HP steam flow
of 876 klb /h �110.4 kg /s�.

2. Peak load: Two gas turbines operating at base load with full
supplemental HRSG fuel input and gas turbine steam injec-
tion. The expected peak load steam turbine capacity is ap-
proximately 280 MW with an expected total HP steam flow
of 1579 klb /h �199.0 kg /s�.

Pairs of tests were conducted at each operating condition to
verify test repeatability. A small reduction in HP steam flow
��5% � was made between test runs to require the unit to reestab-
lish new steady state conditions and to demonstrate repeatability
of test results.

Test Preparations. Immediately prior to the start of the steam
turbine capacity tests, the unit was shutdown to allow for the

temporary installation of the LP condensate nozzle. During this
unit outage, the other calibrated flow elements that had been in
service from the time of the original unit startup were visually
inspected for damage and deposits. These pre-test inspections re-
vealed no deposits and no significant damage. The damage found
was limited to some small nicks in the leading edges of several
orifice plates.

Orifice plate inspections were accomplished by the complete
removal of each plate for inspection. The plates were shipped
installed in their meter tubes in their as-calibrated positions. Be-
cause the meter tubes do not provide a mechanical position regis-
tration, each plate’s orientation was measured at eight circumfer-
ence points with a feeler gage from the outside flange faces to the
outside plate edge to establish the plates as-calibrated position.
Plates were reinstalled back to their individual as-found positions
after inspection. Plate inspections included visual and tactile
checks for edge damage and roughness as well as checking for
plate flatness. All inspections were witnessed by a vendor repre-
sentative and detailed written and photographic documentation
was compiled for each meter.

Nozzle inspections were accomplished using the supplied in-
spection ports and included boroscopic, photographic, and mirror
based visual inspection. In the case of the HP FW nozzles, it was
also possible to perform a limited tactile inspection.

Immediately upon completion of the primary test week, the unit
was again shut down to allow removal of the temporary LP con-
densate nozzle and to perform the post-test flow meter
inspections.

While removing the LP condensate nozzle on Unit 10 it was
discovered by the inspection engineer that the pipe fitters had left
a stack of 6 in. �15.24 cm� cutting wheel disks in the piping up-
stream of the nozzle’s flow straightener plate. This plate had acted
as a strainer and prevented the disks from traveling to the nozzle’s
throat. The as-found position of the cutting disks indicated that
they had remained in a generally stacked configuration during
operation and had reduced the available flow passing area of the
12 in. �30.48 cm� diameter straightener plate by possibly 25%. A
thorough visual inspection revealed that there was no apparent
damage to the straightener or the nozzle. Nevertheless, due to the
possibility that these disks had influenced the flow profile entering
the flow nozzle, it was agreed by all parties to reassemble the LP
condensate nozzle and retest the unit to verify the resulting impact
on both the flow measurement and the steam turbine corrected
performance.

Interestingly, the results of the retest indicated no significant
difference in the HP steam flows derived using each method. The
difference between the LP condensate and HP feedwater flow
nozzle derived HP steam flows varied by only 0.07%, while the
difference between the LP condensate nozzle and orifice flows
was only 0.03% compared to the previous two tests conducted
with the cutting disks in place. It was thus concluded by all parties
that the disks had not significantly impacted the accuracy of the
LP condensate nozzle. In fact, this iteration showed that the re-
peatability of the LP condensate nozzle performance was remark-
ably consistent, despite the disassembly and reassembly of the
meter tube and the reinstallation of DP transmitters and tubing.

No other significant post-test meter inspection findings were
made on either unit.

Summary of Test Results
Table 1 shows a comparison of actual LP condensate flow mea-

surements by the two different flow methods. As can be seen, the
Unit 10 condensate measurement methods agreed within 0.33%.
This compares favorably with the estimated measurement uncer-
tainty range of 0.23% and 0.38% for the two methods. For the
Unit 11 test, the methods have a difference of 0.80%. This bias
error between the nozzle and orifices was present for all of the
Unit 11 tests and does not compare favorably with the estimated
uncertainties.
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Table 2 compares the three different main steam flow derivation
methods. As can be seen, the LP condensate nozzle and HP FW
nozzles compare quite closely: to within 0.20%. This is well
within the estimated uncertainty bandwidths of these two flow
methods. The LP orifice method shows a much larger difference
with the LP condensate nozzle for all tests, clearly exceeding the
estimated uncertainty bandwidths. Due to the close agreement be-
tween the two PTC 6 nozzle methods, it was concluded that the
LP orifice method has significant metering errors or that the post-
test uncertainty estimate for this method does not adequately
model all of the actual error sources. The LP condensate orifice
meters were designed, calibrated, and installed according to all
required codes; however, since the agreed upon test procedure
required that the common LP condensate flow nozzle would be
used as the primary flow measurement device for the test, no
extended attempts were made to resolve the inconsistency be-
tween the LP condensate flow orifice meters and the LP conden-
sate and HP feedwater flow approaches.

Estimated Measurement Uncertainty

Analysis Techniques. Measurement uncertainty analysis was
used as a key aid in the design of the initial test procedure design
and as a primary means of demonstrating that the test results were
repeatable and met the required accuracy goals. ASME PTC 19.1-
1998 “Test Uncertainty” �10� was used as the guiding standard for
all of the uncertainty modeling.

Pre-test uncertainty modeling was used to aid SCS in the selec-
tion of measurement methods and accuracy specification require-
ments for all instruments used to support the test, whether tempo-
rary test instruments or embedded permanent plant instruments. It
was specifically used to determine and justify the calibration of 21
of each combined cycle unit’s 31 flow elements.

Post-test uncertainty modeling was performed on each of the
steam turbine acceptance tests. This modeling consisted of adding
to the pre-test models the actual test recorded instrument variabili-

ty’s �random error component� and any bias �systematic� error
adjustments suggested by the actual test circumstances. Also in-
cluded was the actual number of measurement observations �i.e.,
data scan count� for each test.

Correlation of Systematic Uncertainties. PTC 19.1 guidelines
were strictly adhered to in constructing the uncertainty models
including the use of “correlated systematic uncertainties” as cov-
ered in Section 8 of the PTC. Correlated systematic errors occur
when error sources are not independent, such as calibrating all test
thermocouples against the same calibration standard or calibrating
most of the primary flow elements in the same flow laboratory.
Since this is a common issue in a 2-on-1 combined cycle plant
design and with almost all of the temporarily installed test instru-
ments, correlation errors had to be specifically dealt with in the
models.

To deal with correlation, the uncertainty models were created to
handle correlation as an additional bias term. This was done by
splitting the base equation for Br, the total systematic uncertainty
of the result �from PTC 19.1-1998 Eq. 8.2�, into two parts, as
shown below for an example with three uncertainty elements

Br = ���1B1�2 + ��2B2�2 + ��3B3�2 + 2�1�2B1B2 + 2�1�3B1B3

+ 2�2�3B2B3�0.5

Br = ���Squared Uncorrelated Terms� + ��Correlated Terms��0.5

If Br has no correlated terms, the last three terms in the base
equation fall out and Br can be arrived at simply as the root sum
square of the three elemental independent terms. When, as in the
above example where the three bias terms are correlated, the final
three terms of the base equation can be calculated and summed
together to form a single correlated bias term. Thus, our uncer-
tainty models carry a correlated bias error line item to specifically
report the total correlated error component.

To further simplify the calculation of correlation, in most in-
stances, all elemental bias terms were considered fully correlated
when most arose from use of the same calibration standards and
laboratory. For example, two flow meters were considered to be
completely correlated when their primary flow elements and sens-
ing instruments were all calibrated in the same labs.

Primary Flow Meter Uncertainties

LP Condensate Flow Nozzle. The single tap total uncertainty
for the LP condensate flow nozzle was �0.23% of reading for a
95% confidence limit. The total flow measurement uncertainty,
after averaging the two individual tap set readings together, is,
after round-off, still �0.23%. No significant uncertainty reduction
is gained by reading both tap sets. This result is somewhat
counter-intuitive as it is typically assumed that averaging would
help reduce the uncertainty. In this case, because of the complete
correlation of the elemental errors for both tap sets, the correlated
bias term, the last elemental error source listed on the table, es-
sentially negates the advantage of reading multiple tap sets.

LP Condensate Flow Orifice Meters. The uncertainty calcu-
lation for LP condensate flow using the LP orifice measurements
yielded an uncertainty of 0.38%. This is slightly different from the
common LP condensate flow nozzle in that, for this case, there are
two separate flow elements reading approximately 50% of the
total flow instead of two tap sets reading the same flow on the
same flow element. Again, as in the earlier case, there is no sig-
nificant improvement in the uncertainty of the total flow reading
by using two separate meters that are completely correlated.

The primary difference in uncertainty between the twin code
orifice meters and the single code nozzle is the amount of differ-
ential pressure head measurement generated by the two meter
types and the consequent reduction in bias error in the differential
pressure measurement. Since the LP condensate flow orifice
meters were designed for permanent plant installation over a wide

Table 1 Comparison of LP condensate flow methods

Unit 10
Unit 10 Retest Unit 11

LP condensate flow
Nozzle, klb/h 1103 1112 1096
Orifices, klb/h 1100 1108 1087
Difference, % −0.33 −0.31 −0.80

Est. LP cond. flow uncertainties
Nozzle, �% 0.23 0.23 0.23
Orifices, �% 0.38 0.38 0.38

Table 2 Comparison of HP steam flow derivation methods

Unit 10
Unit 10 Retest Unit 11

HP steam flow
LP nozzle, klb/h 869 881 872
LP orifices, klb/h 865 877 863
HP nozzles, klb/h 869 881 870

Flow difference from LP nozzle
LP orifices, % −0.42 −0.39 −1.00
HP nozzles, % −0.07 0.00 −0.20

Est. HP steam flow uncertainties
LP nozzle, �% 0.14 0.14 0.14
LP orifices, �% 0.33 0.33 0.34
HP nozzles, �% 0.36 0.36 0.36
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range of flows, the orifice plate beta ratios were sized to produce
DPs in the range of 80 to 200 in. H2O �199 to 498 mbar� for the
lowest possible total head loss. This need for flexibility resulted in
low DP readings during the steam turbine base load tests, high
standard deviations in measured DPs, and high precision uncer-
tainty values. The test LP condensate flow nozzle did not have this
problem since it had a recovery cone and could be sized to pro-
duce DPs in the 300 to 700 in. H2O �747 to 1744 mbar� range.

HP Feedwater Flow Nozzles. The uncertainty calculations for
the two PTC 6 HP flow nozzles yield an estimate of 0.36% for the
total HP FW flow measurement. The uncertainty of each HP feed-
water flow meter is higher than that of the LP condensate flow
nozzle. This is due to the lower differential pressure generated
plus an additional uncertainty error for possible in-service dam-
age. Table 4.10 �Item C� of ASME PTC 6 Report-1985 �11� shows
a 0.1% difference in uncertainty for a meter which was in service
between the time of calibration and test, and its conditions may
have changed, although there is no evidence of deterioration. Our
HP feedwater flow meters were in service from the initial startup
of the steam turbine to the time of the test; therefore, even though
they were inspected after the test and showed no evidence of
deterioration, we commercially agreed with the steam turbine ven-
dor to add a 0.1% additional uncertainty for the possibility that a
change in meter performance may have occurred during the time
between calibration and the tests.

HP Steam Flowrate Uncertainties
HP steam flow to the steam turbine was calculated using each

of the three primary flow methods discussed in this paper. The
estimated uncertainties of the HP steam flow derived from each
method are discussed below:

LP Condensate Flow Nozzle Method. The uncertainty calcu-
lation for HP steam flow derived using the LP condensate nozzle
yielded an overall estimated uncertainty of 0.14%. Of particular
interest in this calculation was a negative correlation bias error
term. It is possible to have the correlation term yield a negative
value, as the PTC 19.1-1998, Section 8, Case 3, example calcula-
tion clearly demonstrates �10�. For a combined cycle steam tur-
bine test, the negative bias occurs because the LP condensate flow
is larger than the HP steam flow since IP and LP steam flow are
added to the HP flow before exiting the cycle as condensate. This
negative correlation greatly reduces the final total bias for both LP
condensate flow methods, giving them a distinct uncertainty ad-
vantage over the HP feedwater flow method. This is a non-
intuitive result that can best be arrived at by careful uncertainty
modeling, thus clearly demonstrating the value of pre-test model-
ing to help optimize the test method for maximum accuracy.

LP Condensate Flow Orifice Method. The calculation of HP
steam flow uncertainty for the LP condensate orifice method
yielded an estimated uncertainty of 0.33%. Here again, there is a
negative value correlation term but the value here has a much
smaller impact on the final bias result. It should again be pointed
out that as shown in Table 2 the actual test results do not support
the low value of this uncertainty calculation. The actual discrep-
ancies between the LP condensate orifice meter flows and the LP
condensate and HP feedwater flow nozzle were larger than the
estimated uncertainties. Apparently, either some major error
sources have not been properly included in the estimated uncer-
tainty analysis or a consistent error existed in our LP condensate
orifice meter flow methods. The most likely explanation is the low
DP produced by the orifice meters and their sensitivity to small
errors in DP readings.

HP Feedwater Flow Nozzle Method. The HP steam flow un-
certainty for the HP FW nozzle method was is 0.36%. This
method had a positive correlation term and a corresponding higher
uncertainty than the LP condensate nozzle method. Compared to

the LP condensate flow nozzle method, these two steam flow mea-
surement methods produced extremely close results—well within
their uncertainty bandwidths.

Conclusions
Combined cycle tests performed on two units with three differ-

ent methods for estimating HP steam flow to the steam turbine
agreed between 0% and 0.2% when using ASME PTC 6 throat tap
flow nozzles in both the HP feedwater and LP condensate lines.
The agreement between these methods was much better than the
uncertainties of 0.14% and 0.36% estimated using ASME PTC
19.1 procedures when using a common LP condensate PTC 6 flow
nozzle and HP feedwater PTC 6 nozzles. The HP steam flow
derived from LP condensate flow orifice meter tubes were not
within estimated uncertainty bands.

These results illustrate that very low uncertainties in combined
cycle unit HP steam flow and steam turbine test results can be
achieved when using ASME PTC 6 throat tap nozzles and when
appropriate attention is paid to the design, calibration, installation,
and use of all flow meters involved.

Recommendations
In order to achieve the lowest possible uncertainty of HP steam

flow measurement and steam turbine output performance uncer-
tainty during an ASME PTC 6.2 �12� combined cycle test, the
following practices are recommended:

1. Use LP total condensate flow as the primary flow measure-
ment.

2. Measure total LP condensate flow using an ASME PTC 6
throat tap nozzle meter tube �1�.

3. Design, calibrate, and evaluate throat tap nozzle meter
tubes according to ASME PTC 6 requirements �1�.

4. Size the nozzle beta ratio to obtain differential pressures
between 200 and 1000 in. H2O �498 to 2491 mbar� during
actual steam turbine test runs.

5. Include a recovery cone in the design so that higher flows
can be obtained during calibration and to minimize head
loss during operation.

6. Pay particular attention to throat tap holes sharpness during
nozzle manufacture.

7. Witness the calibration and require that at least two tap sets
meet PTC 6 requirements �2,5� before acceptance.

8. Temporarily install and remove the meter tube immediately
before and after the tests.

9. Integrate the meter tube in the plant design to obtain re-
quired upstream pipe lengths and ease of installation and
removal.

10. Calibrate all secondary flow meters used in the HP, IP, and
LP steam flow derivations.

11. When using HP feedwater flow nozzles, minimize inspec-
tion port length to ease inspection.

12. Provide inspection plugs or ports on all meters used in the
steam turbine acceptance tests.

13. Inspect all meters before and after the tests to minimize
assumed uncertainty impacts.

14. When using orifice plates, include different size alignment
pins in the design to ensure concentricity and repeatable
orientation during plate removal, inspection, and re-
insertion.

15. Perform a thorough pre-test uncertainty analysis to allow
evaluation and optimization of test procedure design.

16. Include correlation of biases in uncertainty analyses.
17. Minimize variations in primary flows during testing.
18. Compensate for known deviations from calibration stan-

dards for data acquisition systems and test instruments.
19. Attempt to substantiate all uncertainty calculation inputs.
20. Minimize arbitrary uncertainty assumptions.
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